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PREFACE TO THE FOURTH EDITION 


In preparing this Fourth Edition it has been necessary to take 
account of the rapid development of the Diesel Engine during 
the last decade in several directions, e.g., airless injection, 
supercharging, the application of light high speed units to 
road and rail traction and even aircraft, the use of high-powered 
double acting, 2 cycle engines for marine service, etc. Whilst 
there is ample scope for monographs on the various types of 
Diesel Engines, the Author considered that the purpose of this 
book would best be served by considering the functions and 
details of large and small engines side by side. Prominence is 
therefore given to the principle of similitude which, in a mainly 
new chapter, has been applied to fundamental problems of 
design such as heat flow, lubrication, fuel injection, vibration 
stresses, etc. A new chapter on Mechanical Efficiency follows 
the same line of thought and charts are given for estimating | 
the mechanical losses of engines of any size or speed. 

In the chapter on engine types some representative sectional 
ind outside views of complete engines have been given, and the 
(Author’s thanks are due to the engine builders whose names 
ippear against these illustrations ; the Author also has pleasure 
n acknowledging the courtesy of the Editor of Engineering in 
jiving permission to make use in Figs. 39, 151, 152, 179 and 
J47 of illustrations w hich have appeared in the above journal. 

In spite of the overwhelming preponderance of airless 
Ajection in new construction, a chapter dealing with air blast 
njection has been retained in view of the large number of 
existing engines in which this system is employed. In other 
ihapters some figures have been retained which represent 
:ona|ructions now seldom used but w'hich it might be unwise 
obsolete, since the history of the Diesel Engine contains 
ifany examples of ideas revived after a period of disuse. 

The tendency towards higher piston speeds has increased the 
mportanco of vibration problems ; accordingly new chapters 
lave been added on Balancing, Torsional and Transverse 
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Vibration, and Noise. New chapters have also been added on 
Lubrication, the Cooling Water System and Supercharging. 

These and other changes have (in spite of some deletion) 
necessarily increased the size of the book, which now contains 
twenty-six chapters as against fifteen of the previous edition. 

The Author wishes to make grateful acknowledgment of 
corrections and fruitful suggestions received from time to time 
from readers, including reviewers for the technical press. It 
gives him special pleasure to record his indebtedness to a 
colleague, Mr. Norman McCallum, for his generous and quite 
invaluable help in proof reading and correction, and to the 
Author’s wife for compiling the index and lists of contents and 
illustrations. 

H. F. P. P. 

Belfast, 1936. 

PREFACE TO THE FIFTH EDITION 

A LARGE part of the fourth edition sliared in a very general 
destruction by enemy action before reaching the public. In 
this fifth edition there lias been a general revision, parts of 
four chapters have been rewritten, and many figures have been 
replaced with new illustrations typical of later practice, includ¬ 
ing several sectional views of complete engines. 

In addition, a new chapter has been added in the form of a 
general survey. In this chapter the author has reviewed the 
main problems of design, shown tliat the performance of a 
typical modern Diesel engine can lie closely accounted for by 
known physical principles, and attempted to define the place 
of the Diesel engine in a scheme of classification of known 
types of the internal combustion engine, with special reference 
to the various jiossible heat engine cycles, and the newer 
possibilities resulting from the lecent development of the gas 
turbine. 

Whilst these developments may produce limits in certain 
directions, there is no doubt of an expanding future for the^ 
Diesel engine in its numerous forms for service on land and 
water. Indeed, now as never, the wind is set fair for the Diesel 
engine and Diesel engine design. 

It gives the author special pleasure to be able, once again, 
to express his indebtedness to Mr. Norman McCallum, M.A. 
(Cantab), for his generous help with the proofs. 

H. F. P. P. 

Belfaftfr, 1947. 
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CHAPTER I 

VIllST PRINCIPLES 

The Diesel Principle.—^The characteristic feature of the 
Diesel Engine is the injection of oil fuel into air which has been 
previously compressed by the rising of a piston to a pressure 
corresponding to a temperature sufficiently high to ensure 
immediate ignition of the fuelX 

In the course of the pioneer experiments by which the 
commercial practicability of this engine demonstrated, it 
was found advantageous to effect the injection of the fuel by a 
blast of air, and this feature was retained in all Diesel Engines 
until the lapse of the original patents. 

At the present date there exists a class of high-compression 
oil engines operating on the Diesel principle, in which the 
injection of oil is effected by mechanical means without the 
assistance of an air blast. These engines have been variously 
termed “ Solid Injection Engines/’.** Cold Starting Heavy Oil 
lingines,” “ Airless Injection Engines.’’ For our purpose the 
term ** Airless Injection Diesel Engine ” will serve to distin¬ 
guish this class from that of the true Diesel Engine as defined 
below. Special features in connection with the design of both 
types will be considered in separate chapters; the remaining 
chapters de^ for the most part with matters which are equally 
relevant to either type. 

The features which'characterise the true Diesel Engine, in 
the correct use of the term, are now understood to be the 
following:— 

(1) Compression sufficient to produce the temperature 

requisite for spontaneous combustion of the ffiel. 

(2) Injection of fuel by a blast of compressed air. 
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(3) A maximum cycle pressure (attained during combustion) 

' not greatly exceeding the compression pressure, i.e. 
absence of pronounced explosive effect. 

Item 3 is deliberately worded somewhat broadly as the 
shape of a Diesel indicator card is subject to considerable 
variation xmder different conditions of load, blast air pressiue, 
fuel valve adjustment, etc. 

In the earlier days of Diesel Engine construction the square 
top indicator card, shewing a period of combustion at constant 
pressure, was considered the ideal to aim at. It has since been 
found that a card having a more peaked top is usually asso¬ 
ciated with better fuel consumptions. When tar oil is used as fuel 
the square top card appears to be almost out of the question. 

It should further be remembered that the existence of a 
period of combustion at constant pressure is no guarantee that 
all the combustion takes place cK that pressure. This ideal is 
never realised. Combustion probably proceeds slowly well 
after half stroke, even under the most favourable conditions. 

Cioilipression Pressure.—^The height to which compression 
is carried is governed by the following considerations :— 

(1) The attainment of the requisite temperature. 

(2) The attainment of a desirable degree of eflSciency. 

(3) Mechanical considerations. 

Considerations of temperature for ignition fix the lower 
limit of compression at somewhere in the neighbourhood of 
400 lb. per sq. in. The temperature actually attained depends 
on the initial temperature of the intaken air and the heat lost 
to the jacket during compression, so it is clear that the temper¬ 
ature attained on the first few strokes of the engine will be 
considerably lower than the value it assumes after the engine 
has been firing consecutively for some time. 

As regards efficiency, it is well known that increasing the 
d^;ree of compression beyond certain limits does not very 
materially increase even the theoretical efficiency. 

In practice the compression most usually adopted is about 
600-650 lb. per sq. in. for four stroke engines. For two stroke 
engines the compression is sometimes in the neighbourhood of 
600 lb. per sq. in., owing to the fact that the charge of air 
delivered by the scavengq pump may itself be at a pressure 
slii^tly above atmospheric, ^e compression ratio in the 
working cylinder itself needs to be sufficient to attain ignition 
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. temperature since at starting up the scavenge pressure is nearly 
atmospheric on account of the small pressure required to pass 
the charge through the ports or valves in the time available. 
The mechanical considerations which limit the compression 
are numerous, and some are mentioned below. 

Higher compression involves:— 

(1) Heavier load per sq. in. of the piston and necessitates 

massive construction of all the main parte. 

(2) More highly compressed air for injection and consequmtly 

increased trouble with the air compressor, and its 

valves particularly. 

(3) Increased wear of cylinder liners due to increased 

pressure behind the piston rings. 


/)00 


Compression Temperature.—^With a compression of 600 lb. 
per sq. in. in a fair-sized four cycle cylinder working under 
full load conditions the compression temperature is about 
1200° F. On starting the engine from a cold state the com¬ 
pression pressure and temperature are considerably lower owing 
to the cold state of the 
cylinder walls and the 
piston crown. 

In addition to this 
the injection of cold 
blast air with the fuel 
in the proportion of 
about 1 lb. of blast air 
to 12 lb. of suction air 
still further reduces the 
temperature apart from 
the probability that the 
.blast air has momen¬ 
tarily a local cooling 
effect in the zone of 
combustion. 

The middle curve 
(Fig. 1) shews graphi¬ 
cally the connection 



200 lao m m m m 
Coinpre!>sion.Lbs per Sq. In Cauje Pressure. 
Fia. 1. 


between the compression temperature and compression prewure 
on the assumptions that:— 


(1) The initial temperature of the intaken air is 212° F. 

(2) That the exponent in the equation PV'‘=const. is 1 


36. 
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These assumptions correspond approximately to the condi*' 
tious obtaining with a heavily loaded engine of fair size—say an 
18* cylinder with uncooled piston. 

The noteworthy point about this curve is the slowing down 
of the rate of increase of temperature with pressure as the 

latter increases. Expressed 
P increases. 

Airless Injection Diesel Engines are characterised by;— 

(1) Compression sufhcient to produce the temperature 

requisite for spontaneous combustion of the fuel. 

(2) Injection of fuel by mechanical means in the neighbour¬ 

hood of top dead centre. 

The combustion may approximate either to the constant 
pressure or constant volume cycle. Good results are often 
obtained by so-called “ mixed ” combustion consisting of a 
period of combustion at constant volume followed by a period 
of combustion at nearly constant pressure. 

Owiiig to the absence of the cooling effect of an air bla.st, 
au'less injection engines can safely be designed with lower 
compression pressure than air blast engines without detriment 
to their ability to start readily from cold. The compression 
pressure is commonly 400 to 600 lbs. per sq. in. 

The Four Stroke Cycle.—^The well-known four stroke cycle 
consists briefly of:— 

(1) The Suction Stroke. 

(2) The Compression Stroke. 

(3) The Combustion and Expansion Stroke. 

(4) The Exhaust Stroke. 

These are considered in detail below. 

Suction Stroke.—If the engine cranlc is considered to be 
at its inner dead centre and just about to begin the suction 
stroke, the suction valve is already slightly open. In steam 
engine parlance it has a slight lead. At the same time the 
exhaust valve, which has been previously closing on the 
exhaust stroke, has not yet come on its seat. result of 
this state of affairs is that the rapidly moving exnaust gases 
create a partial vacuum in the combustion space and induce a 
flow of air through the suction valve, thus tending to scavenge 
out exhaust gases which would otherwise remain in the 
cylinder. 


dT 

mathematically ^ diminishes as 
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As the piston descends its velocity incFeases and reaches a 
maximum in the neighbourhood of half stroke. At the same 
time the suction valve is being lifted further off its seat and 
attains its maximum opening also in the neighbourhood of 
half stroke. The lower half of the suction stroke is accom¬ 
panied by a more or less gradual closing of the suction valve, 
which, however, is not allowed to come on its seat until the 
crank has passed the lower dead centre by about 30®. At 
the moment when the crank is passing the lower dead centre 
the induced air is passing through the restricted opening of the 
rapidly closing suction valve with considerable velocity and an 
appreciable duration of time must elapse before the upward 
movement of the piston can effect a reversal of the direction of 
flow through the suction valve. It will be clear from the above 
that owing to the effect of inertia more air will be taken into 
the cylinder in the manner described than by allowing the 
suction valve to come on its seat exactly at the bottom dead 
centre. The exact point at which the suction valve should 
close is doubtless capable of approximate calculation, but is 
usually fixed in accordance with current practice or test-bed 
experiments. 

Compression Stroke.—^The piston now rises on its up 
stroke and compresses the air to about 500 lb. per sq. in., the 
clearance volume necessary for this compression being about 
8% of the stroke volume. During the compression the temper¬ 
ature rises and a certain amount of heat is lost to the cylinder 
walls and cylinder cover. The final compression temperature 
is in the neighbourhood of 000® F. to 1200® F. 

Combustion and Expansion Stroke.—^At the upper dead 
centre, or slightly previous thereto, the injection valve opens 
and fuel oil is driven into the cylinder and starts burning 
immediately. The actual point at which the fuel enters the 
cylinder is not quite certain, as there is inevitably some lag 
between the opening of the injection valve and the entrance of 
fuel. The point at which the fuel valve of an air injection 
engine starts to open, as determined by a method described 
below, from about 3° (sIoav speed engines) to 14® (high 

si^d englses). The method of determining the point of 
opening of the fuel valve is as follows :— 

With the engine at rest, air at about 100 lb. pressure is 
tuniod oil to the injection valve and then communication with 
the blast air-bottle is cut off to prevent unnecessary wi^ite of 
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air and the possibility of the engine turning under the impulse 
of the air which is subsequently admitted to the cylinder. The 
indicator cock is now opened and the engine slowly barred 
round by hand until the air is heard to enter the cylinder by 
placing the ear to the indicator cock. The position of the 
engine when this occurs is the nearest possible approximation 
to the true point of opening, assuming the operation has been 
carefully done. 

The duration of the fuel valve opening is usually about 48°, 
and in the majority of engines is fixed for all loads.. It is 
evident that at light load the opening is longer than necessary, 
and in some designs the duration of opening is regulated by the 
governor in accordance with the load. 

The fuel valve timing of airless injection engines varies 
rather widely; it depends on the piston speed of the engine 
and the shape of indicator card which it is desired to obtain. 



The duration of fuel valve opening at full load varies in different 
instances from about 14 to 30 crank-shaft degrees. Injection 
may begin as late as 6° or as early as 30° or more before top 
dead centre. 

The combustion is by no means complete when the fuel valve 
closes, and usually continues in some measure well past the 
half stroke of the engine. This is known as “ after burning,” 
and takes place with the very best engines in the, best state of 
adjustment. Exaggerated after burning is the surest sign of 
maladjustment, and makes itself apparent by abnormally high 
terminal pressure at the point at which the exhaust valve 
opens, and is readily detected on an indicator card by com¬ 
parison with that taken from an engine in good adjustment. 
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As will be shewn later, the presence of “ after burning ” is 
most clearly seen on an Entropy Diagi*am. 

Expansion continues accompanied by loss of heat to the 
cylinder walls until the exhaust valve opens. 

Exhaust Stroke.—^The exhaust valve opens about 50® 
before the bottom dead centre, in order that the exhaust gases 
may effect a rapid escape and reduce the back pressure on the 
exhaust stroke. The pressure in the cylinder when the exhaust 
valve starts to open is about 40 lb. per sq. in. with an engine 
working with a mean indicated pressure of 100 lb. per sq. in. 
The temperatiure of the exhaust gases at this point is some¬ 
where in the neighbourhood of about 1600° P. and the velocity 
is consequently very high. 

The pressure falls nearly to atmospheric shortly after the 
bottom dead centre has been passed and the back pressure 
during the remainder of the exhaust stroke should not be more 
than about 1 lb. per sq. in., or less. Excessive back pressure 
may arise from :— 

(1) Insufficient diameter or lift or late opening of exhaust 

valve. 

(2) Exhaust pipe too small in diameter. 

(3) Obstructions or sharp bends in the exhaust pipe or 

silencer. 

(4) Interference by another cylinder exhausting into the 

same pipe. 

li. is interesting to note that owing to the higher velocity of 
air at high temperature per unit pressure difference the back 
pressure is more at light load than at full load. 

Indicator Cards.—Figs, 2 and 3 shew typical indicator 
cards taken with a heavy and a light spring respectively. 
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The latter is particularly useful for investigating the pro¬ 
cesses of auction and exhaust. 

It is to be observed that in Pig. 3 the compression is seen to 
start at a point which is indistinguishable firom the bottom 
dead centre, thus indicating a volumetric efficiency of practi¬ 
cally 100%. This is to be regarded as a normal state of affairs, 
obtainable with both high speed and low speed engines. The 
volumetric efficiencies of internal combustion engines arc 
fi-cqxiently quoted at iigures varying between about 1)6% for 
slow speed engines to 80% for high speed engines. The former 
figure is reasonable, but the latter ean only be due either to 
imperfect design (or adjustment) of the engine or to erroneous 
indicator cards. The use of too weak a spring in the indicator 
may lead to a diagram shewing not more than 60% volumetric 
efficiency, owing to the inertia of the indicator piston, etc. 
CJonscquently, fairly stiff sjirings are to be preferred. 



It may be worth remarking here that the term “ voUimetric 
efficiency ” is often used to denote the ratio of the weight of 
air drawn into the cylinder to the weight of air at normal 
temperature and pressure (°C and 760 m/m. mercury) which 
would fill the swept volume .of the cylinder; According to 
another usage the actual temperature and pressure of thi 
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suirounding air is used instead of N.T.P. On either of i^ese- 
systems the “ volumetric efficiency ” is always materially below 
100% unless supercharging is used. 

Valve Setting Diagram.—^Fig. 4 is a typical valve setting 
diagram for a four stroke engine, and shews the points relative 
to the dead centres at which the various valves open and 
close. 

Representative va!ve setting figures are given under:— 


Inlet valve opens. 

„ „ closes. 

Exhaust valve opens. 
,, ,, closes. 


20° before T.D.P. 
30° after B.D.P. 
60° before B.D.P. 
16° after T.D.P. 


The fuel valve opening shewn in Fig. 4 refers to air blast 
injection. 

It will be noted that the inlet and exhaust valve periods 
overlap to the extent of about 36 crank-shaft degrees. With 
supercharged engines with exhaust driven turbo-blowers the 
overlap is increiMed to about 120° in order to scavenge the 
clearance space with ftesh air and to effect a certain amoimt of 
air cooling of the walls of the combustion sp‘'ee. 

The Two Stroke Cycle.—^As its name implies, the two 
stroke cycle is completed in one revolution of the engine. The 
revolution may roughly be divided into three nearly equal 
parts:— 

(1) Combustion and Expansion. 

(2) Exhaust and Scavrage. 

(3) Compression. 


The exhaust and scavenge take place when the piston is 
near the bottom dead centre, and consequently only very small 
portions of the expansion and compression strokes are lost, in 
spite of the fact that nearly 120° of the crank revolution are 
occupied with exhaust and scaven^. This point is clearly 
seen on reference to Hg. 6. 

Exhaust Period.—^I^e exhaust starts when the piston un¬ 
covers slots in the cylinder wall or exhaust valves begin to 
open. The iwint at which this happens is different in different 
designs of engine, an average being about 20% of the stroke 
before bottom dead cmitre. The exhaust ports are usually of 
large area, and consequently the pressure foils to atanospherio 
very rapidly. The peoriod requir^ for this process naturally 

B 
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take place which do not enter into the ideal programme. 
Some of these are :— 

(1) A certain amount of mixing between the incoming 

scavenge air and the retreating exhaust gases. 

(2) Short circuiting of scavenge air to the exhaust pipe before 

all the exhaust gas has been expelled. 

The effects of both these processes are minimi sed by provid¬ 
ing a large excess of scavenge air. The figure adopted for the 
ratio of scavenger volume to cylinder volume is about 1-4 in 
modem designs, securing good stratification and avoiding 
undue loss of the fi%sh charge. 

There are a number of different systems in use for controlling 
the release of the exhaust gases and the admission of scavenge 
air, and some of these are discussed below with reference to 
Fig. 6. 

Simple Port Scavenge.—In this system the scavenge air 
is admitted by means of ports in the cylinder liner opposite 
a row of similar ports for the exhaust (see Fig. 6a), the 
piston top being provided with a projection to deflect the 
scavenge air to the top of the cylinder. T’is system is 
simple but possesses some disadvantages which are enumerated 
below. 

( 1 ) The scavenge air slots have to be made shorter than the 
exhaust slots in order that the cylinder pressure may fall to 
the same value as the scavenge air pressure before the piston 
b^ins to imcover the scavenge slots. This entails the latter 
being covered by the piston on its upward stroke before the 
exhaust ports are covered, and consequently the pressure at 
the beginning of compression can barely exceed the pressure 
in the exhaust pipe. There is also a possibility of exhaust gases 
working back into the cylinder. 

( 2 ) The projection on the top of the piston necessitates a 
specially shaped cylinder cover in order to provide a suitable 
shape for the combustion space. 

Engines provided with this system of scavenge are only 
suited for a relatively low mean indicated pressure of about 
80 lb. per sq. in. 

Fig. 6b shews a variation of the above arrangement, in 
which no lip is provided on the piston crown, but the scavenge 
air inlet ports are given a steep slope upward. Fig. 60 shows 
an arrangement in which the scavenge air ports and the exhaust 
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ports axe axtaiiged on the same side of the (^linder. This 
arrangement is used on engines built by the M.A.N. 

Valve Ciontrolled Port Scavenge.—^This system, associated 
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the exhaust ports, but are controlled by a valve of the non- 
retmm, rotary, or other type, in such a way that communication 
does not exist between the cylinder and the scavenge pipe until 
the exhaust ports have been uncovered for a sufficient period 
to allow the cylinder pressure to fall to or below the scavenge 
pressure. On the upward stroke the controlling valve remains 
open, so that the cylinder is in communication with the 
scavenge pipe until the scavenge slots are covered by the 
piston. With this arrangement the cylinder is filled with 
air at approximately the pressure of the scavenge pipe at 
the instant at which the piston covers the scavenge ports; 
consequently the effective volumetric efficiency of the cylinder 
may be 100% or over and higher mean pressures are practicable 
than with the simple port type. 

Cylinder Cover Valve Scavenge.—^In this system the scavenge 
air is admitted by means of one to four valves located in the 
cylinder cover, and avoids some of the disadvantages of the 
simple port scavenge. (Fig. 6b.) 

By allowing the scavenge valves to close after the exliaust 
ports have bron covered by the piston, the cylinder may 
become filled with air at scavenge pressure befr re compression 
starts, and consequently such a cylhider is capable of develop¬ 
ing a higher mean effective pressure. The greatest drawback 
to this ^tem is the complication of the cylinder cover, and 
this appears to be rather serious. It is not on easy matter to 
design a cover to accommodate several valves and passages 
and at the same time secure the necessary conditions for dura¬ 
bility under exposure to the stoong heat flux which the two 
stroke cycle involves when high mean pressures are used. 

Certain precautions are necessary to obtain good scavenging 
efficiency. There is a tendency for streams of scavenge air firom 
each valve to bore through the gases in the cylinder and escape 
through the ports. This tendency can be largely overcome by 
attention to details of the valve orifices. One method is to provide 
eadi valve head with a lip projecting beyond the valve &oe. 

An arrangement similar to that shown in Fig. 6b can be 
used with the flow reversed, i.e. with scavenge air mitering at 
the ports and the exhaust leaving by the valves in the head. 
One advantage of such an arrangement is the large area avail¬ 
able for the supply of scavenge air. This is an important 
point when high piston speeds are required. This system has 
been extensively used by several builders. 
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Opposed Pfiston Engines.—^Two pistons reoipiooate in 
opposition in a single cylinder with the combustion space 
between the pistons. One piston uncovers the exhaust ports 
and the other piston the scavenge air ports about 20 to 30 
crank-sliart degrees later. This scheme as shewn in Fig. 6o is 
associated with the names Junker, Doxford and Fullagar. 

If the engine is required to run in one direction only, it is 
possible so to arrange the angular disposition of the cranks 
which operate the two pistons, that although the exhaust ports 
are uncovered before the scavenge air ports, the latter are 
closed on the return stroke later than or simultaneoudy with 
the exhaust ports. 

It is usual so to direct the scavenger air ports that the air 
in the cylinder receives a whirling or vortex motion, which 
helps to distribute the fuel throughout the air charge during 
the process of injection. 

In one of the Burmeister & Wain’s two stroke designs 
shown diagrammatically in Fig. 6h, the piston which controls 
the exhaust ports has a diameter about one half and a stroke 
rather less than half that of the main piston which controls 
the scavenge air ports. The auxiliary piston is operated either 
by cranks on a lay shaft or by eccentrics on the crank-shaft. 
The angular settings are such that the exhaust ports are 
uncovered the necessary amount in advance of the air ports. 

In later designs of B. and W. two cycle engines both single 
acting and double acting, the exhaust pistons are made the same 
diameter as tlie main pistons and operated by means of eccen¬ 
trics on the crankshaft (see Fig. 8). 

Other Types of Scavenging.—A number of other methods 
or variations of the methods described above are in use or 
have been proposed, for example designs involving sliding or 
rotating sleeves arranged between the piston and the cylinder 
in the manner fiimiliar in connection with four stroke petrol 
engines; designs incorporating a rotating or oscillatory valve 
in the exhaust discharge port; designs in which the piston is 
provided with a concentric extension sleeve passing through a 
gland in the cylinder head, and provided with slots for the 
escape of the exhaust. 

Uterature.—Clialkley, A. F., “Diesel Engines.’’-^Constable. 

UinJ, A. L., “ Oil Engines.”—^Methuen. 

Kiimer, K., “ Der Bau.des Diesehnotors.”—Springer. 

Saw, “ Kompiessorloae Diesebnaschinen.”—Springer. 

Zeman, J., " Zweitakt'Dieselmaschinen.’'—Springer. 

Shepherd, “ Diesel Engine Design.”—Wiley. 

Dicksee, C. B., “ The High Speed Compression Ignition Engine.”—Bloolcie. 



CHAPTER II 


TYPES OF DIESEL ENOIMES 


Glassification.—Existing types of Diesel Engines may 
be divided into groups in various ways, according as they 
are:— 

(1) Stationary, Marine, Locomotive, Automobile, Aircraft 

type, etc. 

(2) Fottt Cycle or two Cycle (4 c. or 2 c.). 

(3) Single Acting or Double Acting (S.A. or D.A.). 

(4) Vertical, Horizontal, Vee, Radial, etc. 

(6) Slow Speed or High Speed. 

(6) Air Injection or Airless Injection. 


High Speed and Slow Speed.—Piston speed, Vp, is often 
used as a measure of speed of rotation in relation to size. 
If S—stroke in inches and n=revolutions per minute then, 

Vp = -/ ft./min.(1) 


A criterion which has some advantages over the above is to 
substitute for S the value of where B=Bore in ins. 

The speed found thus may be called the “ cylinder speed,” 
Vc ; then :— 


Vo = Vp*^^ 


( 2 ) 


Values of Vc/Vp are tabulated under for various values of S/B, 
the stroke bore ratio:— 


^-1 

B ^ 

1-2 

1-6 

1-7 

2 

2-6 

3 

11 

0-885 

0-763 

0-707 

0-634 

0-545 

0-481 


The powers of similar engines running at the same piston or 
cylinder speed and working with the same mean pressure vary 

16 
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inveraely as .the (B.P.M.)*. This gives another useful measure 
of rotational speed in relation to power, which we may call 
horse power speed,” defined as follows :— 

nj;=n-\/B.H.P. per cylin^.(3) 

The quantity n^ is the R.P.M. of a one B.H.P. cylinder similar 
to the engine considered and miming at the same piston speed 
or cylinder speed and the same brake mean pressure. 

Four Stroke Cycle Stationary Engines.—Fig. 7. The 
earlier' types of stationary Diesel engine had independent 
cylinders and ring lubricated bearings. The stroke bore ratio 
was usually about 1*4 and piston speeds ranged from 600 to 
900 ft./min. The values of nj were about 1200 to 2000. For 
example, the 40 B.H.P. cylinder ran at 200 R.P.M. and the 
166 B.H.P. at 150 R.P.M. Such engines are still made but 
with rather higher values of nj. 

Present practice for vertical engines is in favour of a totally 
enclosed crank-case and forced lubrication. Values of n^ range 
firom about 2000 to 6000, with piston speeds from about 800 
to 1600 ft./min. A few typical examples are tabulated under. 


B.H.P. 

per 

Bore 

B 

Stroke 

S 

B.P.M. 

Vp 

Vo 


cylinder. 

iris. 

ins. 

n. 

ft./nun. 

ft./min. 

*»! 

6 

4r 

6' 

800 

800 

710 

1800 

20 

6' 

8' 

900 

1200 

1090 

4000 

60 

7|' 

12' 

760 

1600 

1280 

6300 

100 

16J' 

17' 

360 

1000 

970 

3600 

126 

16' 

20' 

376 

1260 

1130 

4190 

160 

18' 

24' 

250 

1000 

910 

3060 

260 

21-7' 

39-4' 

176 

1160 

960 

2770 

280 

2ir 

22' 

300 

1100 

1090 

6000 


, For driving electric generators fairly high values of Vc and 
ni are preferred on account of saving in space and reduced 
cost of dynamo. This is admissible when the engines will 
operate under skilled supervision. For many industrial pur¬ 
poses simple robust and relatively fooli«oof power units are 
desirable and for such engines relatively low values of Vo 
and n^ are suitable. Engines designed for such low values are 
not necessarily expensive per B.H.P. sinoe cheaper materials 
and simpler oonstractions are used than would be allowable 
with higher values. 





Fio. 7a« 

4 Stroke ^nrimk 
iHeriand end Wow.) 


















Croadoy-Premier Totally Enclosed Vis-a-VM Type Horizontal 4 Stroke 

Oil Engine. 
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The above table refers to normal, i.e. unsupercharged 
engines. With supercharging the n^ values may be increased 
by about 16% to 30% or more. 

Large numbers of single cylinder units of about 5 to 20 
B.H.P. are made for industrial purposes, particularly for 
export to undeveloped countries where a demand exists for 
a simple power unit capable of being looked after by unskilled 
operators. Two, three and four cylinder engines of powers 
from 10 to 200 B.H.P. are useful for a large number of 
industrial uses at home and abroad. 

For driving electric generators of say 200 KW. and upwards 
six and eight cylinder engines are preferred on account of good 
balance and freedom from vibration. Five and seven cylinder 
engines are also used. 

All powers from 5 to about 2600 B.H.P. can be satisfactorily 
met by standardised four cycle trunk Diesel engines. 

Horizontal Engines—Four Stroke Cycle.—^Where headroom 
and overhauling facilities are limited horizontal engines are 
sometimes preferred. Powers range from about 10 to 220 
B.H.P. per cylinder. Some typical sizes and speeds are 
tabulated under:— 


B.H.P. per cylinder . 

10 

20 

60 

90 

130 

R.P.M.n . 

390 

290 

240 

220 

186 


1230 

1300 

1700 

2100 

2110 


The stroke bore ratio is commonly 1-6 to 1-76. 

Large numbers of single cylinder engines are manufactured 
but multicylinder horizontal engines having two to sixteen 
cylinders are made either side by side (up to six cylinders) 
or vis-i-vis (up to sixteen cylinders). 

Airless injection is almost invariably used and the general 
design usuaUy owes a good deal to previous gas engine or hot 
bulb oil engine experience. The relatively low n^ vedue enables 
a considerable degree of simplicity and accessibility to be 
achieved without detriment to performance. The power range 
covered by horizontal airless injection Diesel engines is about 
10 to 3600 B.H.P. 

Two Stroke Cycle Stationary Engines.—^Two stroke 
engines cover the entire range of powers attempted with the 
Diesel engine from about 6 B.H.P. to 22,000 B.H.P. The 
larger sizes from about 2000 B.H.P. upwards are usually based 
on designs developed for marine purposes, but run at rather 
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higher revolutions, laical revolutions for high power double 
acting two stroke oylMdors for stationuy purposes are tabu 
lated under:— 


B.H.P. per cylinder 

600 

800 

1100 

2600 

Bore in ins.... 

. • •. B 

20-6 

23'6 

27-6 

330 

Stroke in ins.. 

....s 

27*6 

36-6 

47-2 

69-1 

. 

... .n 

216 

160 

126 

116 

Piston Speed . 

....Vp 

990 

960 

980 

1136 



6300 

4600 

4200 

6760 


Single acting two stroke engines developing from 6 to 600 
B.H.P. per cylinder are made in a wide variety of types. 
From 100 B.H.P. and upwards the cross head type of piston 
has been very commonly used, but the whole range can be 
adequately covered by engines of the trunk type. The larger 
engines are always fitted wiih some form of blower, whether 
reciprocating, positive rotary, or centrifugal type, capable of 
delivering an excess of air for scavenging purposes, thus enabling 
a lull load indicated mean pressure of 80 to 100 lb./in.‘ to be 
developed. The following table refers to engines of this 
general type:— 

B.H.P. per cylinder . 60 100 200 400 600 

R.P.M.n . 600 400 300 200 167 

Til . 3630 4000 4230 4000 4080 

With loop scavenge the stroke bore ratio is usually 1*3 to 1>76 ; 
with unifiow scavenge the ratio may be 1*8 or over. 

For engines of small power crank-case scavenge is sometimes 
used when simplicity is the first consideration. Such engines 
develop relatively low mean indicated pressures of the order 
60 Ib./in.* cmd the piston speeds are low. Typical figures are 
tabulated below:— 


B.H.P. per cylinder 6 

R.P.M.n . 600 

ni . 1340 

B/S . .. — 


12 18 30 60 

626 460 340 300 

1820 1910 1860 2120 

— — lOJ/12' 13i/16' 


Revolutions of Marine Engines.—The highest revolutions 
available for a given power are usually too high to give a 
reastmable propeller efficiency if directly coupled. Sometimes 
gearing is n^, but more usually the engine is dheotly coupled 
and nm at revolutions which result in a reasonable propeller 
efficiency and a very durable engine. 
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Neglecting subsidiary factors, {sopeller 
function of , 

_ _ 


nVT.H.P. 


IS a 
•( 1 ) 


where Vi=speed of advance of propeller (knots) 

T.H.P. =thrust horse power. 

The T.H.P. may be taken as approximately equal to the 
B.H.P.. X (ptopeUer efficiency—0-1). The following table 
shows the efficiency obtainable from a normal design of 3 bladed 
propeller having a developed surface ratio of 0'46. The figures 
for efficiency should be r^arded as relative rather than 
absolute. 


X 

Propeller efficiency \ 

W } ■ 

Optimum pitch ratio 

T.H.P./B.H.P. 


004 

0-08 

012 

0-16 

0*20 

0-61 

0*66 

0-70 

0-72 

0-73 

0-65 

0-9 

105 

1-20 

1-36 

0-61 

0*56 

0-60 

0*62 

0-63 


The tabulated efficiencies are based on the assumption tiiat 
the propeller diameter is not limited below its optimum diameter 
by draft. 

There is little to be gained by an X value exceeding 0-12, 
but an appreciable sacrifice is incurred by using X=0'04. 

Assume for the moment X=0’12 then equation 1 becomes 


n= 


012V'0 6 B.H.P. 
leading to the following values:— 


..( 2 ) 


Rbvolutions pbr bon. C!orbbspondino to x=0*12 


B.H.P. 

6 

V,= 

10 

knots. 

15 

20 

26 

so 

10 

190 

1070 

2960 

6100 

10,600 

16,800 

60 

85 

480 

1230 

2720 

4750 

7600 

100 

60 

340 

940 

1920 

3260 

5300 

600 

27 

160 

420 

860 

1600 

2380 

1000 

— 

107 

296 

610 

1060 

1680 

2000 

— 

70 

210 

430 

760 

1190 

4000 

— 

64 

148 

304 

630 

840 


— 

34 

94 

192 

336 

630 


— 

— 

66 

136 

238 

376 


— 

— 

47 

96 

168 

266 
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The use of X=0-12 would result in certain instances (e.g. 
slow single screw vessels) in impossibly low revolutions; 
multiplying the tabulated revolutions by 3 reduces the pro¬ 
peller efficiency by about 16%. 

For single screw vessels Vi is commonly about O-O to 0*7 of 
the speed of the vessel; for twin screw vessels about 0'8 to 0'9. 

For large twm screw or quadruple screw installations x is 
usually about 0*12. For single screw ships of slow speed 
X may be as low as X=0*04 with corresponding sacrifice in 
propeller efficiency, in order to obtain reasonable revolutions. 

Four Stroke Marine Engines.—^Double acting four stroke 
engines have been built up to 10,000 B.H.P. in 10 cylinders 
running at 100 R.P.M. (White Star liners Britannic and Oeorgic, 
20,000 B.H.P. on twin screws), but the two stroke double 
acting engine, with its advantages in respect of weight, space 
and cost, has arrested the development of this type. 

Single acting crosshead engines of the four stroke t3q)e have 
been built up to 6000 B.H.P. in 10 cylinders running at 120 
R.P.M. with supercharging. Similar engines from about 
200 B.H.P. per cylinder upwards with or without super¬ 
charging are built to run at revolutions varying from about 
80 to 140 R.P.M. 

Four stroke trunk engines are built for marine purposes 
in all sizes from about 10 to 400 B.H.P. per cylinder (diameters 
4* to 26*) running at 1600 or more to 130 R.P.M. 

For twenty years the four stroke engine held a commanding 
position amongst Diesel Engines for high power marine service. 
Since 1934 the tide has set rather strongly in favour of the 
two stroke engine on account of saving in weight and space. 

Two Stroke Marine Engines.—^Fig. 8. For mercantile 
marine service any power from about 4000 to 30,000 B.H.P. 
per shaft can be satisfactorily dealt with by double acting two 
cycle engines of existing design which have passed beyond 
the experimental stage. For ship speeds from 16 to 20 ^ots 
the revolutions generally range from 80 to 100 for single screw 
and 100 to 120 for twin screw vessels. Even for war vessels 
the double acting two cycle engine in conjunction with gearing 
has shown itself capable of conforming to the exacting require¬ 
ments of weight and headroom in certain classes of vessel. 

For engines of the uniflow scavenge type the stroke bore ratio 
may be as high as 2*26; for loop scavenge the limit is about 
1*76 and in certain types is commonly as low as 1*6 or less. 
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B. & W. Double Acting 2 Cycle Engine. 
(Burmeiater and Wain, Harlcuid and Wolff, and 
otAier B. it W. lioenoees.) 
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The piston speeds for double acting two stroke engines of 
the large slow speed type range firom about 700 ft./min. to 
900 ft./min. in single screw installations up to 1200 ft./min. 
in twin screw installations. There is no serious obstacle in 
the way of piston speeds of 1600 ft./min., the determining 
fimtor usually being jwrmissible revolutions for propeller 
efficiency. 

All powers from the smallest up to about 6000 8.H.P. per 
shaft can be dealt with by single acting two cycle engines of 
the trunk or crosshead types. The revolutions depend on the 
speed power relation refened to above. For example suitable 
revolutions for a 7000 S.H.P. engine in a 17 knot twin screw 
vessel of 14,000 total S.H.P. would be about 115 R.P.M. and 
6 to 8 relatively long stroke cylinders would be suitable. For 
the same power in a 21 knot vessel 250 B.P.M. would be allow¬ 
able and 12 relatively short stroke cylinders would be appro¬ 
priate. 

Ranges of two cycle engines of all powers from about 
8 B.H.P. upwards are available for lower power craft. These 
may be of simple robust relatively low speed type stutable 
for fishing boats or of the light high speed type developed along 
the same lines as locomotive or automobile engines, for the 
use of lighter higher speed boats. 

Locomotive Diesel Engines.—^Fig. 9. For locomotive service 
the first essential after reliability without attention, is light¬ 
ness. The upper limit of weight is about 30 to 40 lb./B.H.P. 
for locomotives and about 15 to 25 lb./B.H.P. for railcars. 

The engine of a Diesel locomotive with electric or mechanical 
or hydraulic fransmission only contributes a fraction of the 
total weight (of the order 15% or so), but there are so many 
difficulties in the way of reducing the other weights that a low 
engine weight is essential to keep within permissible axle loads 
without introducing an undesirable number of axles, thus 
increasing costs. With railcars the effect of engine weight is 
cumulative. Incream of engine weight increases weight of 
supporting members, which increases the bolster load, wMch 
increases the weight of the bogie to carry it. The necessary 
degree of lightness is obtained by some of the foUomng methods. 

(1) The use of a large number of small (flinders rather than 

a small number of latgw ones (usually 6 to 16). 

(2) The adoption of a relatively low stroke/bore ratio 

(1 to 1*6 according to type). 





c 


Fio. 9, 

2 Cycle “ V ” Engine for Ruilway Traction. 
(Harlanci and WoifT.) 
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(3) High revolutions involving high piston and cylinder 

speeds. 

(4) The use of high tensile materials with correspondingly , 

high working stresses. 

(5) The use of light alloys or sheet metal for doors, covers, 

sumps. 

(6) Elimination of bedplate by underslinging the crank¬ 

shaft as in motor car practice. 

The piston speeds of locomotive Diesel Ei^nes range from 
about 1200 ft./min. to 1800 ft./min. With four stroke engines 
of short stroke bore ratio running at piston speeds of this 
order, light alloy pistons are usually adopted to minimise 
inertia effects, in particular, the stress on the big end bolts. 
With two cycle engines the inertia is cushioned by compression 
and cast iron pistons can be used to advantage as the inertia 
load reduces maximum stresses and bearing pressures. For a 
given B.H.P. per cylinder, stroke and revolutions, a well 
scavenged two stroke cylinder may be considerably less in 
diameter than a four stroke cylinder; for this reason any 
prescribed degree of lightness is more easily obtsmable with a 
high duty two stroke engine than a four stroke. The water 
circulation system of a locomotive Diesel Engine should be 
designed for a generous flow resulting in a temperature rise 
of about 16 to 25° F. in order to reduce the required surface 
of the radiator. A section of the radiator is often used as an 
oil cooler. 

The governor is frequently arranged for two to four speeds 
of revolution, by compressing the governor spring in stages by 
pneumatic or electro-pneumatic relays. 

Sometimes the engine is controlled by direct r^ulation of 
the fuel pumps. In this case the governor overrides the hand 
control at top speed and idling speed. A separate emergency 
overspeed cut out may be fitt^. 

On account of saving in weight and space, the Vee arrange- / 
ment of engine (8 to 12 or more cylinders) is useful for locomo -1 
tive or railcar service. 

Diesel Engines for rail traction are available in a great variety 
of sizes. The smallest sizes fox light cars or tractors are tlm 
same models aa used for road traction or stationary purposes, 
developing 16 to 20 B.H.P. per cylinder at 1000 to 1800 R.P.M. 
A typical rail car engine develops 240 B.H.P. in 6 cylinders 
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or 320 B.H.P. in 8 cylinders at 1200 B.P.M. For powerful 
locomotives one to four units may be used each developing say 
2000 B.H.P. in 12 cylinders arranged in Vee formation at 700 
R.P.M, 

Automobile Diesel Engines. —^Fig. 10. A typical Diesel 
Engine for road traction is a 6 cylinder four stroke engine 
with cylinders about 4J' bore by 6* stroke developing a peak 
power of 130 B.H.P.@1800 R.P.M. A normal loading for 
such an engine is about 100 B.H.P.@1600 R.P.M. Engines of 
this size and type can run up to 2600 R.P.M. or more but 
with decreased efficiency and increased wear and tear. Similar 
engines both smaller and larger developing peak powers from 
about 3 to 30 B.H.P. per cyhnder cover a wide range of sizes 
for commercial road vehicles. The smaller units run up to 
4000 R.P.M. and the larger may be governed to a maximum 
as low as 1200 R.P.M. 

Many engines of this class depart from the principle of 
direct injection of fuel into the main combustion chamber, 
by employing pre-combustion chambers, air cells and the like, 
with a view to increasing turbulence and making the combus¬ 
tion less sensitive to fuel pressure and injection timing; the 
object in view is successful operation over a wide range of 
revolutions with a relatively low fuel pressure, and a simple 
fuel valve with a comparatively coarse orifice. 

Their general design owes more to petrol engipe development 
than Diesel Engine practice with larger sizes, f Compared with 
petrol engines of the same cylinder dimensions, the pistons, 
connecting rods and crank-shafts require to be materially 
stronger to withstand the higher maximum pressures obtained 
in the cylinders. For the same reason stronger crank-cases and 
cylinder heads are necessary. Torsional vibration at corre¬ 
sponding orders of critical speed are more severe and effective 
dampers are desirable unless the revolutions are limited by the 
governor to exclude from the working range all criticals of 
orders equal to or less than 6 per revolution (in a 6 (^linder 
engine)) 

Himilat untts wdth 4 to 8 cylinders running at 000 to 1600 
R.F.M. are used with reverse and sometimes reducing gear 
for the propulsion of small marine craft. 

Aircraft Engines.—Fig. 11.'Vi The chief advantages of 
the Diesel Engine over the petrol engine for aircraft 
are:— 




Kio. lO, 

9-6 L«itre 6 cylmcler I>ireet Injection Oil JOn^ino. 
(ABSOciate<l Kc|\iipment Co., X-td.) 
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“Bristol Phnpiiix ” Comprewion Ignition Kiigiiie for Aircraft. JVlade by the 
Bristol Aeroplane Company, Ltd, * 
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(1) The fire risk is reduced. 

/' (2) The fuel cost is less. 

(3) The combined weight of engine plus fuel is less for long 
distance flights. 

The weight per B.H.P. of a Diesel Engine is inherently 
greater than that of a petrol engine of the same general design 
on account of the greater value of the ratio, maximum pressure 
-rmean pressure. This fact is sufficient to nullify (2) and (3) 
for short flights. For flights of sufficient length to obtain 
the condition referred to in (3) the future of the Diesel Engine 
seemed, a few years ago, to be assured. 

With few exceptions aircraft Diesel Engines follow very 
closely, in their main features, the lines of successful petrol 
engine practice in this field. Four stroke engines of the 12 
cylinder Vee type and 9 cylinder radial arrangement are 
represented. A multiple fuel pump replaces the magneto and 
automatic fuel valves replace the plugs. In other respects 
they are hardly distinguishable from petrol engines externally. 

In one important respect the aircraft Diesel Engine was 
expected to break away from petrol engine traditions. The 
development of a high duty economical two stroke petrol 
engine suitable for aircraft stiU awaits consummation, whereas 
at least one two stroke cycle Diesel Engine (Junker opposed 
piston uniflow scavenge engine), was in air service. Others 
were in course of experimental development. It seemed highly 
probable that various types of two cycle Diesel Engine sharing 
the advantages of uniflow scavenge would eventually supersede 
the four stroke engine in this field. 

Two stroke Diesel aircraft engines developing up to about 
2000 B.H.P. at revolutions up to 4500 per minute have been 
built for experimental purposes with weight rates of about 
1 lb. per B.H.P. 

The development of jet propulsion and the gas turbine has 
changed the outlook, but it seems possible that the Diesel 
engine may survive in this field as the first stage of a combina¬ 
tion arrangement of a reciprocating engine with an exhaust 
turbine, in which the power of the Diesel engine is mainly or 
wholly absorbed in driving its own supercharger. 

Supercharged four stroke Diesel engines of “ V ” type 
running at speeds of about 2500 R.P.M., originally developed 
for flight, have been applied to military taidcs and light high 
speed naval craft. 
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Additional Notes.—^Many of the above classes overlap ; for 
example engines of the horizontal stationary tjrpe have been 
applied to marine propulsion by means of electric drive. By 
the same means any of the high speed stationary, locomotive 
or road traction engines may be used for a like purpose. Many 
high powered stationary Diesel Engines are virtually marine 
engines adapted to land use. 

For aircraft engines the fundamental problem are those of 
weight reduction and reliability. 

For locomotive and road traction uses, considerations of 
weight and space are important but fairly easily met; the 
important considerations are reliability and durab^ty. Skilled 
attention is available in the running shed but not in service. 
The replacement of worn parts may have an important influence 
on the total cost of maintenance. 

With stationary engines weight matters little and space 
requirements are not as a rule exacting. A high degree of 
economy, reliability and durability is expected with compara¬ 
tively little skilled attention. First cost is important. 

For marine service, great reliability and relative ease of 
adjustment and overhaul take first place. Conditions are 
favourable to the highest economy in foel and lubricating oil 
consumption. Considerations of weight and space have 
importance but are easily satisfied. First cost is important. 

For naval purposes all the above considerations are important 
except first cost. 

Literature.—Judge, A. W., “ High Speed Diesel Engines.” 
—Chapman & Hall. 

Beed, B., “ Diesel Locomotives and Railcars.”—Loco. 
Pub. Co. 
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CHAPTER III 


THERMAL EFFICIENCY 


The earlier part of this chapter (after the first few sections) 
refers to engines with Air Blast Injection. Airless injection 
engines are considered in the latter part. 

The oveiull thermal efiiciency of a heat engine is the ratio' 
of the useful work performed to the mechanical equivalent 
of the heat supplied during a given period of working. 

Problem: What is the thermal efficiency of a Diesel 
Engine which consumes 0-4 lb. of fuel per brake horse-power 
hour ? 

The lower calorific value of different kinds of liquid fuel varies 
from about 16,300 (Mexican crude) to about l./,300 (Galician 
crude) British Thermal Units per lb. For calculations and 
comparison of test results fuel consumptions are usually 
reduced to their equivalents at a calorific value of 18,000 
B.T.U. per lb. One B.T.U. (the amount of heat required to 
raise the temperature of 1 lb. of water 1° F.) is equivalent to 
778 ft. lb. This is Joules’ equivalent. Therefore, since 1 H.P. 
hour=1,980,000 ft. lb., the required thermal efficiency is equal 


to:— 


1,980,000 
■0-4x 18,000 X 778 


= 0-35 


From this it is seen that roughly one-third of the heat supplied 
has been converted into useful work. It is within the pro¬ 
vince of thmmodynamics to determine what proportion of 
the heat loss is theoretically unavoidable, and to what extent 
the performance of an actual engine approximates to that of 
an ideal engine working on the same c^cle of opeiations. It is 
not proposed to give here more than a brief summary of the 
physical laws relating to the behaviour of air under the in¬ 
fluence of pressure and temperature, which forms the basis of 
thermod 3 mamio investigations. 
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Pressure, Volume and Temperature of Air.—^The relation 
between these three quantities is expressed by the formula :— 

P.V.=53*2 X w X T—(1) where P=Pre8Sure in lb. per sq. ft. abs. 

V =Volume in cubic ft. 
w=Weight in lb. of the 
quantity of air under 
consideration. 

T=Temperature in degrees 
abs. E. 

This relation holds good for any condition of temperature and 
pressure, and for a specified weight of air, given the values of 
any two of the quantities represented by capital letters, the 
third can be calculated. 

Example: Find the volume of 1 lb. of air at atmospheric 
pressure and 60° F. In this case P=14*7 lb. per sq. in. abs., 
T=60+461=62l° abs. F., and w=l. 

Hence .* V = vt^— i = 13*1 cub. ft. 

14*7 X144 


Isothermal Expansion and Compression.—If the tempera¬ 
ture remains constant during compression or expansion the 
process is said to be isothermal, and the value of T in equation 
(1) becomes a constant quantity. Thence for isothermal pro¬ 
cesses equation (1) becomes : F.V.=con8tant.(2) 

If 1 lb. of air is under consideration the value of the constant 
is equal to 53*2 times the absolute temperature. 

Work Done during Isothermal Compression.—If Pi and 
Vi represent the pressure and volume before compression, 
and P, and V| the same quantities after expansion, then :— 


Work done = const, log. 


Vi 

V, 


(3) 


the constant being that of equation (2). It should be borne 
in mind (though the bare fact only can be stated here) that 
the internal energy of a gas depends on its temperature only, 
regardless of the pressure. It therefore follows that all the 
work done in isothermal compression must pass away as heat 
through the walls of the containing vessel, and for this reason 
isothermal processes are not attainable in practice, though 
they may be approximated to by slow compression in cylinders 
arranged for rapid conduction of heat. 
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Specific Heat at Constant Volume.—If 1 lb. of air is 
heated in a confined space, i.e. at constant volume, 0*169 
B.T.U. are required to raise the temperature by 1® F. This 
then is the specific heat of air at constant volume. For many 
purposes it is near enough to consider the specific heat as 
constant, though actually its value increases slightly as the 
temperature increases. The amount by which the internal 
energy of 1 lb. of air increases as the temperature rises is there¬ 
fore :— 

0*169 (Tj—Ti) where (Tj—T^)—the increase of tempera¬ 
ture. 

Specific Heat at Constant Pressure.—^In this case, on the 
other hand, work is done by expansion if heat is being added, 
and by compression if heat is being discharged ; consequently • 
the specific heat at constant pressure exceeds that at constant 
volume by the equivalent of the work done. The specific 
heat at constant pressure is 0*238 B.T.U. per lb. per degree 
Fahrenheit. 

Adiabatic Expansion and Compression.—Expansion or 
compression unaccompanied by the transfer of heat to or from 
the air is termed Adiabatic. It should be note i that the air 
may lose heat by doing external work or gain heat by having 
work done on it by the application of external force during an 
adiabatic process ; but this heat comes into existence or passes 
out of existence within the air itself and does not pass through 
the walls of the containing vessel. 

The following relation holds good between the pressure and 
the volume during an adiabatic process :— 

P V“=con8tant-(4) where n=ratio of the two specific 

heats, viz.—1*41. 

Owing to the conductivity of the cylinder walls adiabatic 
compression and expansion are not to be obtained in practice, 
but it is frequently possible to express the actual relation 
between pressure and volume by means of equation (4) if suit¬ 
able values are chosen for “ n.” A little consideration will 
shew that for compression with some loss of heat the value of 
“ n ” will be less than 1*41, and for expansion with some loss 
of heat greater than 1*41. An expansion or compression in 
which the relation between F and V is expreswd by equation 
(4) is known as a Polytropic Process. 
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Work Done on Polytropic Expansion of Air.—^The work 
done is the integral of the pressure with respect to the volume, 
and if expressed in ft. lb. is given by :— 

W = = 53-2 .(5) 

n—1 n—1 

for 1 lb. of air, where the suffixes 1 and 2 have their usual 
significance in denoting the state before and after expansion; 
the work done during a corresponding compression between 
the same pressures is of course the same. 

Temperature Change during Poly tropic Expansion.—By 
combining equations (1) and (2) the following is obtained :— 



With the information supplied by the above six equations it 
is possible to construct the Indicator Diagram corresponding 
to an Ideal Diesel Engine, in which all defects of combustion 
and heat losses to the cylinder walls are supposed to be 
eliminated. 

An Ideal Diesel Engine.—Before proceeding further, it is 
necessary to define what is to be understood by the term 
ideal engine for the purposes of this investigation. In the 
first place, frictional losses and all leakage are eliminated and 
compression and expansion are supposed to take place adiabat- 
ically (n=l'41). The specific heats are supposed to be constant 
and the same whether for air or a mixture of air or exhaust 
gases. On the other hand, the provision of compressed air for 
the purpose of fuel injection will be recognised, and conse¬ 
quently the machine will have a mechanical efficiency less than 
unity. 

The compression in the air compressor will be regarded as 
isoi^ennal and the compressor itself free' of all mec^nical or 
other lasses. 

It will also be supposed that all the exhaust gas, including 
that contained in the clearance space, is ejected on the 
exhaust sfaroke and that every suction stroke fiUs the cylinder 
wiUi air at 14*7 lb. per sq. in. abs. and 621° abs. E. The 
stroke volume is taken for convenience of calculation at 100 
cub. ft. 

The Ideal Indicator Card.—The indicator card corresponding 
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to this ideal eneine is now readily constrmJted, and is shewn 
in Fig. 12. 

Point A denotes a volume of air equal to 100 cub. ft. pliis the 
clearance space, which has to be calculated. 

Line AB represents adiabatic compression from 14*7 lb. 
per sq. in. to 614*7 lb. per sq. in. abs. 



Fia. 12. 


Line BC represents increases of volume at constant pressure 
due to addition of heat by combustion of fuel. 

Line CD represents adiabatic expansion of the products of 
combustion and DA the fall in pressure due to exhaust release. 
It is not necessary to deal with the exhaust and suction 
strokes, as these are supposed to take place at atmospheric 
pressure. 

Determination of Clearance Volume.— 




From equation (4). 

_ 614*7 

Pa “ 


=36 


Ia 

Vb 

100 

Vb 


= 11*45 


14*7 
12*46 

Vb = 8*75 cub. ft. 


This determines Points B and A. 


Construction of Line AB.—This is effected by calculating 
the pi-essute at various points of the stroke in accordance wit^ 
the following schedule :— 
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1 

2 

8 

4 

,'1 

(i 

7 

F«r 

orator 

ftroke. 

V- 

cuMc feet. 

V* 

V 

T Va 

Log — 

(4) X 1-41. 

AiitiiD? 

(3) 

P-(6)Xl4-7 
lb. IHT 
mi. in. 

0 

108-76 

1-00 

0000 

0-000 

100 

14-7 

20 

88-76 

1-23 

0-099 

0-127 

1-34 

19-7 

40 

68-76 

1-68 

0-199 

0-280 

1-90 

27-9 

60 

48-76 

2-23 

0-348 

0-490 

3-09 

45-5 

80 

28-76 

3-78 

0-579 

0-816 

6-53 

95-5 

90 

18-75 

6-79 

0-763 

1-076 

11-89 

174-5 

96 

13-76 

7-90 

0-898 

1-265 

18-41 

270-6 

100 

8-76 

12-46 

1-096 

1-646 

35-08 

514-7 


This simple calculation is given in detail, as it is typical. 

Determination of Point C.—^The value of depends of 
course on the amount of heat added. The effect of the oil itself 
in increasing the weight of the working fluid will be ignored. 

The blast air, however, will be taken into consideration and 
assumed to be equivalent to 8 cub. ft. of free air. 

The weight of air concerned has now to be calculated. 

(1) Suction air. 

PXV ,,, 14-7 X108-76 

From equation (1) w=^g^^l44x 53.2^53^ -8-3 lb. 

(2) Blast air. 

Weight of blast air— jQg^g =0-61 lb. 

„ „ suction air-fblast air—8-3-f0-01—8-91 lb. 


The effect of the heat released by the combustion of the fuel 
is to increase the temperature of :— 

(1) The suction air (8-3 lb.), 

(2) The blast air (0-61 lb.), 


at a constant pressure of 614-7 lb. per sq. in. abs. 

The temperature of the blast air is taken to be 621° F. abs., 
and that of the adiabatically compressed air is found from 
equation (6) as follows :— 



2-805 


Therefore Tb=621x 2-806=1400° F. abs. 
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Now let H=heat added in B.T.U. 

Then since the pressure remains constant, 


from which 


H=-238[8-3 (T„-1460)+-61 {Te-621) ] 
=212 Te-2961 
HH-2961 
212 


and from equation (1) 


_T.X 63-2 X 8-91 
614-7 X 144 


•0064 T, 


..(7) 

..( 8 ) 


Now suppose that 0-2 lb. of fuel is added, having a calorific 
value of 18,000 B.T.U. per lb., the resulting temperature will 
be:— 


0-2x18,000+2961 

2-12 


=3100° F. abs. 


and V.=-0064 X 3100=19-8 cub. ft. 


The expansion line CD can now be constructed in the same 
way as the compression line, both being adiabatics. The value 
of the terminal pressure is required for calculating the 
work done, and is found by means of equation (4) as follows :— 


Pa_/V,y-«i / 19-8 \i* i 

P.“\VJ “\108-76y 


=•091 


Pd=-091 X 614-7 =46-8 lb. per sq. in. abs. 


Calculation of Work Done.—^Referring to Fig. 12, the work 
done is clearly equal to the areas BCNM plus CDBN less BARM. 
Using equation (6) for the two latter, we have :— 

Area BCNM=144 x 614-7x(19-8-8-76)=819,000 ft. lb. 

CDB N = 1MM 4. 7XI9.8-46.8x108.76)^^^ 

•41 __ 

By addition 2,619,000 „ „ 

BARM=144(614-7 X 8-76-14-7 X 108-76) , 

Work done by difference =1,699 ,000 „ „ 

Since 1 H.P. hour=1,980,000 ft. lb. 
the fuel consumption is :— 

0-2x1,980,0 00^.243 j jj p 

1,699,000 
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From equation (3) the work done in coinpressing the blast air 
is given by 


914*7 

8xl4*7xl44xlQg,-j^ 
=70,000 ft. lb. 


(assuming blast pressure 
900 lb. per sq. in.) 


of 


so the nett work done is 


1,699,000—70,000=1,629,000 ft. lb. 
and the consumption of fuel per B.H.P. hour is :— 
0-2x1,980,000 T>TTT> 1 

w,obi)' **'■ ® " 

The meehanioal efficienoy being 

The M.I.P. of the diagram is equal to the indicated work 
divided by the stroke volume. 

ihir =15,990 lb. per sq. ft. 
lOU 

=111 lb. per sq. in. 


This is about 6 to 20% higher than the M.I.P. usually indicated 
at full load in an actual commercial engine. 

The brake thermal efficiency is given by :— 


1,980,000 

0-269 X 18,000 x 778 


=0-648 


A good figure for the brake thermal efficiency of an 
actual engine at full load is 0-36; comparing this with the 
above figure, it is seen that the actual engine attains 64% of 
the efficiency attributed to the ideal. The indicated thermal 
efficiency of the ideal engine is :— 

1,980,000 

0-247x18,000 x 778 

That of an actual engine at full power is about 0-472, the 
ratio of actual to ideal being about 82%. From the above it 
will be seen that so far as the thermal actions within the cylinder 
are concerned, an actual Diesel Engine in good order leaves 
comparatively little room for improvement as long as the 
accepted cycle is adhered to. As a matter of fact, slight 
deviations from the constant pressure cycle are frequently 
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made, and improved efficiencies obtained thereby. Most high 
speed Diesels, for example, are arranged to give an indicator 
card shewing a certain amount of explosive effect, i.e. combus¬ 
tion at constant volume, causing the pressure at the dead 
centre to rise to a figure which may be anything up to about 
100 lb. above the compression pressure. This is found to have 
a beneficial effect on the fuel consumption, which is readily 
explained on theoretical grounds; but it is obvious that 
considerations of strength must limit the extent to which this 
principle is used. 

Fuel Consumption at Various Loads.—If the foregoing 
calculations for the fuel consumption of the ideal engine are 



Fio. 18. 

repeated for various values of the quantity of fuel admitted 
results will be obtained which are shewn graphically in Fig. 13, 
together with test results of an actual engine. The fuel con¬ 
sumptions per I.H.P. and B.H.P. hour are plotted on a basis 
of M.I.P.; the actual engine to which the test results refer was 
of the four stroke type developing 100 B.H.P. per cylinder at 
full load. Hiexe are two facts to be noticed:— 

(1) The fuel consumption per I.H.P. hour increases as the 
M.I.P. increases. 

D 
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(2) The fuel consumption per B.H.P. hour attains a minimum 
value at about 90 lb. M.I.P. in the case of the actual engine 
and about 60 lb. in the case of the ideal. The reason for (1) 
will be evident on comparing theoietical diagrams for various 
values of the M.I.P., and the case is quite comparable to that 
of a steam engine working with an early cut-off. 

The point of maximum brake efficiency depends upon two 
conflicting influences, viz. the indicated efficiency which 
decreases and the mechanical efficiency which increases as the 
M.I.P. is augmented. 

It is usual, when considering mechanical efficiency, to treat 
the work done in driving the air compressor as a mechanical 
loss, so that- 

B H P 

Mechanical efficiency=T tt vi—- 

I.H.P. of mam cyhnders 

Variation of Mechanical Efficiency with Load.—Examina¬ 
tion of a laig[e number of Diesel Engine test results reveals the 
fact that the difference between the I.H.P. and the B.H.P. 
remains nearly constant as the load is varied. This fact enables 
one to calculate the mechanical efficiency at any load if the full 
load efficiency is known. 

Example : What is the mechanical efficiency at three-quarter, 
half and quarter load if that at full load is 72% ? Let the full 
load I.H.P. be represented by 100, then the following tabulated 
figures hold good:— 



B.H.P. 

I.H.P. 

Const. 

DifF. 

Meoh. 

Efficy. 

Full load 

. 72 

100 

28 

•72 

Three-quarter load 

. 64 

82 

28 

•66 

Half load 

. 36 

64 

28 

•66 

Quarter load 

. 18 

46 

28 

•39 

This method yields 

sufficiently i 

accurate 

results for many 


estimating purposes. 

Mechanical Losses.—^The work corresponding to the differ¬ 
ence between the I.H.P. and the B.H.P. is approximately 
accounted for in the two following tables, which apply to 
medium-sized engines of good design, and of the four stroke 
and two stroke air blast injection types respectively:— 
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Four Stroke Engine —Full load Mech. Efficy., 75% 

Per cent. 

Brake-work. 

760 

Work done on suction and exhaust strokes . 

30 

Indicated compressor work 

6-8 

(compressor friction. 

1-2 

Engine friction, opening valves, etc. . 

150 

Work indicated in main cylinders 

1000 


Two Stroke Enoine—F uU load Mech. Efficy., 73-6% 


Brake-work ...... 

Per cent. 

73-6 

Indicated compressor work 

6-2 

Compressor friction. 

1-4 

Indicated scavenger work.... 

3-3 

Scavenger friction. 

1-6 

Engine friction, opening valves, etc. . 

140 

Work indicated in main cylinders 

1000 


Improvements in bearings and guides on the principle of the 
well-known Michell bearing or the use of roUer bearings for the 
main journals and big ends suggest possibilities for reducing 
engine friction which will possibly materialise in the future. 
The adoption of some form of limit piston ring to prevent 
excessive pressure on the liners would also help matters in the 
same direction, besides increasing the life of the liners. 

Influence of Size on Mechanical Efficiency and Fuel Con* 
sumption.—^Piston speed, within the range of present practice, 
appears to have very little influence on either mechanical 
efficiency or fuel consumption. This remark does hot apply 
to the abnormally low speeds obtaining, for example, with a 
marine engine turning at reduced speed. 

The cylinder bore is the principal factor in economy, idways 
ass um in g a reasonable ratio of bote to stroke and good design 
generally. 

The following table is a rough guide to the mechanical 
efficiency and fuel consumptions to be expected from cylinders 
of various sizes working at full load with air injection. 
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FotTB Stroke Two Stroke 


Cylinder 

Diam., 

in. 

Mech. 

Effcy. 

% 

Fuel 

per 

B.H.P. 
hr. lb. 

Fuel 
per 
I.H.P. 
hr. lb. 

. Cylinder 
' Diam., 

! in. 

1 

Moch. 

Effcy. 

% 

Fuel 

hr. lb. 

Fuel 

hr. lb. 

10 

•72 

•43 

•310 

10 

•70 

•46 

•314 

16 

•73 

•41 

•300 

15 

•71 

•42 

•300 

20 

•75 

•40 

•300 

20 

•73 

•41 

•300 

25 

•76 

•40 

•306 

26 

•74 

•41 

•304 

30 

•76 

•40 

•306 

30 

•74 

•41 

1 

•304 


The fuel consumption per B.H.P. at loads other than full 
load is readily found by first calculating the probable mechanical 
efficiency, as described in the previous article, and then allow¬ 
ing for a fall in the consumption per I.H.P. proportional to that 
shown on Fig. 13 for a typical engine for the same M.I.P. 

Heat Balance Sheet.—^An elaborate trial of a Diesel Engine 
includes the measurement of the quantity of cooling water 
used, the inlet and outlet temperatures of the water and the 
temperature of the exhaust gases. Apart from very slight 
losses, such as radiation, etc., these data usually enable the 
heat supplies by the fuel to be accounted for. 

A typical heat balance is given below :— 

Per cent. 

Accounted for by B.H.P.34 

Bejected to cooling water ..... 28 

Rejected to exhaust and otherwise dissipated ^8 

Total heat supplied .100 

A striking feature of this balance is the large amount of heat 
appearing on the cooling water account, which at first sight 
would appear to indicate very poor utilisation of heat within 
the cylinder. It has been shewn that so far from this being the 
case, an actual engine in good order indicates about 80% of the 
work attributable to an ideal engine. 

The explanation of this lies in the fact that a large propor¬ 
tion of the heat received by the cooling water is given out by 
the exhaust gases after combustion is complete, particularly 
on their passage through the cylinder cover in the case of a 
four stroke engine and through the ports in tho case of a two 
cycle. Most of the friction work done by the piston and all the 
compi'cssor work appear on the cooling water account. 
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Efficiency of Combustion.—In all actual oil engines there is 
a considerable amount of “ after burning,” i.e. gradual burning 
during the expansion stroke. In a well-tuned Diesel Engine 
this effect is not sufficiently pronounced to oause smoke even 
at considerable overload, 120 lb. per sq. in. M.I.P. for example. 
Exaggerated “ after burning ” is to be avoided as, in addition 
to increasing the fuel consumption, it increases the mean 
temperature of the cycle and of the exhaust stroke particularly, 
and gives rise to accentuation of all the troubles which arise 
from the effects of high temperature. The most prominent of 
these troubles are enumerated below:— 

(1) Cracking of piston crowns and cylinder covers. 

(2) Pitting of exhaust valves. 

(3) Increased difficulty of lubricating the cylinders, resulting 

in— 

(a) Increased liner wear. 

(b) Sticking of piston rings. 

(c) Liability to seizure of piston. 

(4) Increase of temperature of gudgeon pin bearing. 

The above formidable list is probably not exhaustive, but is 
sufficient to shew the desirability of securing the best possible 
conditions, apart altogether from the question of economy in 
fuel and lubricating oil consumption. The attainment of good 
combustion, assuming a good volumetric efficiency of cylinder 
and good compression, depends more than anything upon 
small points in connection with the fuel valve, which are easily 
adjusted on the test bed, provided the design of the fuel valve 
is satisfactory. 

Entropy Diagrams.—Entropy is a convenient mathematical 
concept which it is difficult, and perhaps impossible, to 
define in non-mathematical tenns. It is sometimes described 
as that function of the state of the working fluid which remains 
constant during an adiabatic process. Entropy increases when 
heat is taken in by the working fluid and decreases when it is 
rejected. If heat is supplied to the working fluid at constant 
temperature, then the increase of entropy is equal to the 
amount of heat so supplied, divided by the absolute tempera¬ 
ture. If the temperature is variable during the process of 
heat absorption, then the increase of entropy is determined by 
the integration of the equation :— 
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, dH where ^ =Entropy. 

T H=Heat taken in or given out. 

T=Absolute temperature. 

The aero of entropy may be located at any convenient level of 
temperature except absolute zero. It is convenient for our 
purposes to consider the entropy to be zero when 

P=14*7 lb. per sq. in. abs. 

T=62rF. 


The value of a diagram connecting T and ^ during the working 
cycle of an internal combustion engine depends upon the 
following properties:— 

(1) Increasing and diminishing values of ^ denote heat 

supplied and heat rejected respectively. 

(2) For a complete cycle t^ diagram is a closed figure, the 

area of which is proportional to the quantity of heat 
which has been converted into work during the cycle. 


The area of the diagram is given by:— 

JT H, the difTerenoe between the heat 

^ supplied and that rejected. 

Construction of an Entropy Chart for Air (see Fig. 14).-~ 
The axis of T is drawn vertically, and includes temperatures 
firom 0 to 3000° F. abs. The axis of 6 is horizontal, and is 
graduated firom 0 to 0*30. It will be clear that the axis of T 
is an adiabatic line of zero entropy and that any selected 
temperature on this line corresponds to a definite pressure, 
which can be calculated by means of equation ( 6 ). Actually 
it is more convenient to tabulate a series of pressures ftom 0 
to, say, 700 lb. per sq. in. abs., and tabulate the corresponding 
temperatures. Pointo on the axis of T found in this manner 
are the starting points of constant pressure lines. 

Constant Pressure Line. P=14'7 lb. per sq. in.—A 
constant pressure line is a curve coimecting T and <jt when P 
remains constant. It is usual to consider 1 lb. of air, and if 
the specific heat at constant pressure is assumed to be 0*25 


Then dH=0*26 dT 

A .1 dH „^dT 
And d^=-^=*26-^ 


T 

Therefore 0=*26 log, kr, (Tj being 521° F. abs.) 
■>■1 
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Selecting various increasing values of T| corresponding values 
of ^ are calculated and plotted on the chart, a &ir curve 
passing through the points being the required constant pressure 
line. One such line having been constructed, lines correspond¬ 
ing to other pressures are readily drawn, since their ordinates 



are proportional to the temperatures indicated by their starting 
I>oints. 

^ Constant Volume Lines.—^These can be constructed in a 
similar manner, using the specific heat at constant volume 
instead of that of constant pressure. On Fig. 14 only one 
constant volume line is shewn, viz. that corresponding to 
P=14*7 lb. per sq. in. 

T=:673° F. abs. 

as^this is required to complete the diagram by representing the 
rejection of heat at constant volume at the end of the stroke. 
This process is of course a scientific fiction, as the pressure in 
an actual cylinder is reduced to approximately atmospheric 
pressure by the discharge of exhaust gases and not by cooling 
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the latter. The reason for using the value 0*26 for the specific 
heat must now be explained. Although the specific heat of 
pure dry air is 0*238, that of the gases present in the cylinder 
of a Diesel Engine is a variable quantity for the foUowing 
reasons:— 

(1) The composition of the working fluid is altered by the 

addition of the fuel. 

( 2 ) The specific heat of the exhaust gases increases slightly 

with increase of temperature. 

If these variations were rigidly taken into account the con¬ 
struction of the entropy diagram would be a very laborious 
business, and the work is greatly curtailed by adopting certain 
approximations which will be described. In the first place 
the specific heat is assumed to be constant and equal to the 
calculated specific heat of the exhaust gases at 60° F. The 
variation in the weight of the working fluid is dealt with by 
first treating the diagrams as though the weight were constant 
and then correcting the diagram (entropy) by increasing the 
entropy and decreasing the absolute temperature of points on 
the expansion line in the same proportion by which the fuel 
and blast air increase the weight of the charge. 

Use of the Entropy Chart.—A method of constructing the 
entropy diagram, corresponding to an indicator card, will now 
be described. The clearance volume of the engine must first 
Im ascertained and the card accurately calibrated. Points on 
the indicator diagram are then marked, corresponding to every 
15 or 30° or other convenient division of revolution of the 
crank past the top dead centre. Each of the 12 or more points 
so marked is given a reference number and the absolute 
pressure in lb. per sq. in., and also the volume in any arbitrary 
units (hundredths of an inch on the diagram, for instance) 
corresponding to each point is read off and tabulated. The 
apparent temjwrature corresponding to each point is then* 
(*alculated by means of equation ( 1 ) on the assumption that the 
initial temperature just before compression is, say, 673° F. abs. 

Points on the entropy dit^am corresponding to the selected 
))oints on the indicator diagram arc now found by following 
the appropriate constant pressure lines until the calculated 
temperatures are reached, thus obtaining the apparent entropy 
diagram, which requires to be corrected in accordance with 
the preening article. 
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The entropy diagram shewn m Fig. 14 has been oonstruoted 
in the manner described, and the data are given below :— 
M.I.P. shewn by indicator diagram, 82 lb. per sq. in. (see 
Fig. 15). 



£ 

Atmosphvie li«t 


Fro. 16. 


Initial temperature of suction air before compression 
assumed to be 673° F. abs. 

Absolute temperature (apparent) calculated from PV=kT 
where P=Pre8sure in lb. per sq. in. abs. (scaled off diagram) 
V=Volume measured in linear inches off diagram 
T=Temperature in degrees F. abs. 

Initial conditions are P=14'7, V=6‘38, T=»'J78. 

Whence k=-1396. 

Figures are given in the table below :— 


before compression 


Ref. No. 


Degree after 
firing centre. 

V in 
in. 

Pin 

lb. per sq. in. 

Apparent 

Temperature. 

0 

0-48 

490 

1090 

16 

0-63 

498 

2260 

30 

0-96 

421 

2880 

45 

1-53 

251 

2760 

60 

2-17 

163 

2540 

75 

2-94 

114 

2400 

90 

3-76 

94 

2260 

105 

4-66 

65 

2130 

180 

6-38 

14-7 

673 

265 

294 

44 

930 

300 

217 

61 

950 

315 

1-53 

99 

1090 

330 

0-96 

184 

1250 

345 

0-63 

331 

1500 
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The apparent entropy diagram was plotted from the above 
Values of P and T, and the corrected Vagram, constructed in 
accordance with the preceding article, is shewn in Fig. 14. 
Area of corrected entropy Vagram 9*90 sq. in. 

Temperature scale ... 1 in.=S 00 ®. 

Entropy scale .... lin.= ‘06“. 

Therefore work done per lb. of suction air is given by :— 

9-90 X 600 x 0-06 =248 B.T.U. 


1 lb. of suction air @ 673*’ F. abs. occupies 16-9 cub. ft. Since 
clearance volume= 8 % of stroke volume, therefore corre¬ 
sponding stroke volume=16-9-rl-08=16-66 cub. ft. There¬ 
fore work done by suction air, according to the indicator card, 
@ 82 lb. per sq. in. M.I.P. is given by :— 


82x144x16-66 

778 


=238 


B.T.U. 


This figure is about 4% less than that shewn by the entropy 
chart, and suggests that perhaps the assumed temperature of 
the suction air before compression (viz. 673° F. abs.) is too 
high, which is very probable. 

Nofe.—^The low pressures at the beginning of the compression 
stroke and the end of the expansion stroke have not been used 
in the construction of the entropy chart for the following 
reasons:— 

( 1 ) Low pressures are very difficult to scale off the indicator 

card with any degree of accuracy. 

( 2 ) The low pressures indicatiBd on the card are invariably 

erroneous, unless the greatest care has been exercised 
in taking the card, and that with a suitable indicator 
in perfect order. Many of the reputable makes of 
indicator, though quite suitable for steam engine work, 
give very inaccurate results when applied to internal 
combustion engines. 

The following points should be noticed ;— 

(1) The compression line deviates from the true adiabatic in 

a manner which indicates that heat has been lost to the 
cylinder walls. 

( 2 ) The expansion does not become adiabatic until well after 

half stroke, shewing that there is a certain amount of 
“ after burning.” 
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Area of Entropy Diagram.—If the diagraip has been care> 
fully done the area of the diagram in heat units should corre¬ 
spond fairly closely to the work shewn on the indicator diagram. 
Deviations from equality may be due to :— 

(1) Variation in the specific heat at high temperatures. 

(2) Incorrect assumption of the initial temperature of the 

induced air. 


Owing to the approximations referred to above there is 
generally a discrepancy of a small percentage between the 
amounts of work shewn by the indicator card and the entropy 
diagram. Also the total area under the upper boundary of the 
entropy diagram should correspond to the total heat supplied 
per lb. of suction air less the heat discarded to the water-jacket 
on the expansion stroke. Investigation of the sort described 
seems to indicate that not more than about 10% to 15% of 
the total heat supplied by the fuel is lost in this way at 100 lb. 

M.I.P. 

Specific Heat of Exhaust Gases.—^The specific heat of a 
mixture of gases is the sum of the products of the specific heats 
of the constituents into tlie proportion by weight in which the 
constituents are present. 

The specific heats (at constant pressure) of the constituent 
gases present in the exhaust of an oil engine are given below :— 


Water vapour 
Nitrogen 
Oxygen 
CO, 

CO 


0’480 (Varies considerably with 
0*247 temperature) 

0*217 

0*210 (Varies considerably with 
0*240 temperature) 


The average composition of air and the specific heat derived 
from that of its constituents are given below :— 

N, . . 76*7% X 0*247=*187 

O, . 22*7 X 0*217 = 049 

H,0 . . X 0*480= 007 

Total 100 *243 


This is about 3% higher than the accepted value for pure 
dry air. 

The approximate composition of exhaust gases assuming 
complete combustion is readily calculated as follows :— 

Data M.I.P.*-100 lb. per sq. in. 
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Fad per I.H.P. hour—0*31 lb. 


Composition of fuel 
(aasnmed) 


Carbon, 86 % 
Hydi-ogen, 13% 
VOxygen, 1% 


by weight. 


Otoe H.P. hour:»=l,680,000 ft. lb. 

Vdume swept by piston per I.H.P. hour=^^*^’^^ 

=137*5 cub. ft. 

Clearance volume, say, 8 % = 11*0 „ „ 

Told volume of suction air = 148*5 „ „ (assuming perfect 

scavenge of clear¬ 
ance space). 

Weight of suction 5^2^^ 67 ^^=8*78 lb. @ 212“ F. 


Free volume of blast air @ 8 % of stroke volume @ 60° F. 
= 08x137*6=11 cub. ft. 


1*7 * w rui i. * 11x14*7x144 

Weight of blast am= ^ =0*83 lb. 

Total air=8*78-1-0*83=9*61 lb. = 97% 
Wde^toffuel . =0*31 „ = 8 % 


Total mixture . 9*92 „ 100 % 


Composition of mixture bdbre combustion is given by :— 


Air I 

Fuel I 


N, . . *76x97 =73*7% 

O, (22*7 x 97) +(' 01 X 3) = 22 * 0 % 

H,0 . *016x97= 1 * 6 % 

C . . *86x3= 2 * 6 % 

H, . *13x3= 0*4% 


100 * 1 % 

CcnnbiistkHi of owbon and hydrogen takes place in the pro- 
porticHW ipven by:— 

C+0,=CO, 

12 +32=44 by weight 

Hj+0=H,0 
2+16=18 by weight 




THERMAL BPFICIENCT 


47 


The following table shews the composition after otnubtution 
and the specific heat (constant pressure) of the mixture :— 


N. . . 

CO, 2-6x44-hl2 


-(16x0-4-r 2) 


Per cent. 


Speoiflc hee(. 

Fio4iict. 

73-7 

X 

•247 = 

•1S20 

9-2 

V 

X 

•217 = 

•0191 

I 

. 12-1 

X 

•210 = 

•0264 

2). 6-1 

X 

•480 = 

•0246 

iooa 




Specific heat of exhaust gases 

=•2610 


Repeating the above calculation for different values of the 
the following figures are obtained :— 

M.I.P. lb. per sq. in. 0 30 40 70 100 130 106 

Specific heat . . -240 -247 -248 -260 -262 -264 -266 


Airless Injection.—^The use of mechanical means in place of 
air blast injection increases the mechanical efficiency by nearly 
10%, and the change over is usually accompanied by a reduc¬ 
tion of fuel consumption per B.H.P. of about this amount; 
this indicates that the fuel consumption per I.H.P. has remained 
unchanged. This result is partly to be attributed to a higher 



maximum pressure with airless injection. For the same maxi¬ 
mum pressure in each case the fuel consumption per I.H.P. is 
less with air blast injection. Satisfactory combustion with 
airless injection requires earlier injection and a decided rise 
in pressure above compression pressure during the combustion 
period. A typical airless injection indicator diagram is shewn 
in Fig. 16. 

Large or medium size relatively slow running engines 
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usually shew a period of combustion at constant volume 
followed by a period of combustion at approximately constant 
pressure (dual cycle). Very high speed engines give indicator 
diagrams approximating to the constant volume cycle. 

The efficiencies of these cycles have been calculated for 
various conditions by W. J. Walker (I. Mech. E., Dec., 1920). 
By means of an entropy diagram it is easy to shew that the 
Diesel cycle is theoretically slightly more efficient than a 
constant volume cycle or a dual cycle having the same maximum 
pressure, provided the expansion stroke is the same length as 
the compression stroke in each case. In practice, however, 
the dual cycle in which part of the combustion takes place at 
constant volume appears to give a better ftiel consumption 
than the Diesel cycle with Airless Injection Engines. This is 
probably due to the fact that the constant volume combustion 
is brought about by earlier injection of the fuel resulting in 
better distribution of the fuel in the combustion space and less 
after burning. 

Effect of Variable Specific Heat.—^The specific heats of air 
are not constant (as heretofore assumed in this chapter) but 
increase with the temperature. The effect of this increase is 
to lower the efficiency theoretically obtainable under any 
proposed conditions, figures shewing the variation of specific 
heats are given under :— 

Temperature ° C. . 0 600 1000 1600 2000 2600 

„ °F. . 32 932 1832 2732 3632 4632 

C,=specific heat 

const, volume . 0171 0172 0178 0-204 -236 -264 

C,=const. pressure . 0-240 0-241 0-247 0-273 0-306 0-323 

. . . 1-41 1-41 1-39 1-34 1-29 1-27 

The effects of these variations on the efficiency of various 
internal combustion engine cycles have been worked out by the 
Heat Engine Trials Committee of the Inst. C. E. (see Report, 
1927). The efficiencies are given in terms of the impression 
ratio (r) and the Heat supply per standard cubic foot, mean lb. 
calories (I). One standard cubic ft. refers to a pressure of 14-7 lb. 
per sq. inch and a temperature of 32*^ F. (0° 0.) and corresponds 
to 0-081 lb. of air. Now one lb. of average Diesel fuel requires 
for theoretical complete combustion 14-2 lb. of air so that the 
quantity 1 is related to the excess air percentage and percentage 
of COj after complete combustion, as tabulate under:— 
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Excess air % . . 0 

60 

100 

160 

200 

CO* % . . - 16-6 

10-2 

7-6 

60 

50 

0* % . . .0 

7*26 

10-7 

12*8 

14-2 

A=air per lb. of fuel 

in lb. . . 14-2 

21-3 

28-4 

35-6 

42-6 

I=lb. calories per 

standard ft.® of air. 67*0 

381 

28-6 

22-8 

190 

1=10,000 X 0*0814-A where 

10,000= 

1 

1 

calorific value 


of oil in lb. calories per lb.=18,000 B.T.U. per lb. 

Efficiencies of Various Cycles. 

In the Report referred to above efficiency curves are given 
for the following cycles, viz.:— 

(1) Constant Volume cycle. 

(2) Constant Pressure cycle with compression carried down 

to atmospheric pressure by making expansion stroke 
longer than compression stroke. 

(3) Diesel cycle. 

(4) Atkinson cycle, i.e. combustion at constant volume and 

expansion carried down to atmospheric pressure. 

A selection of the results has been read off these curves and 
retabulated under in such a way as to give a comparison of the 
various cycles. 

Theoretical Efficiencies, 1=30. 


Compression Ratio 
Constant Volume 

10 

12 

14 

16 

18 

20 

Cycle 

67-2 

600 

620 

63-7 

66*1 

66*4% 

Diesel Cycle 

460 

600 

530 

560 

680 

60-0 „ 

Atkinson Cycle 
Constant Pressure 

66-8 

67-3 

69-5 

70*6 

71-6 

721 .. 

Cycle 

68*6 

61-2 

63-6 

65-2 

66-8 

68 0 „ 

Theoretical Efficiencies, I 

=10. 



Compression Ratio 
Constant Volume 

10 

12 

14 

16 

18 

20 

Pyde 

690 

620 

640 

65-6 

67-2 

68-4% 

Diesel pyole 

67-7 

580 

60-6 

62*6 

64-3 

66 0 „ 

Atkinson Cycle 
Constant Pressure 

63-6 

66-2 

66-8 

68*8 

60-8 

70-8 „ 

Cycle 

69-3 

62*2 

64-3 

66*2 

680 

69 0 „ 
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Theoretical- Efficiencies, 

1=50. 



Gompression Batio 
Gonstant Volume 

10 

12 

14 

16 

18 

20 

Ctyole 

64-6 

678 

59-6 

61*3 

630 

64-0% 

Diesd Cyde 

390 

43-5 

47-6 

600 

62-5 

«4-6„ 

Atkinson Gycle 
Gonstant Pressure 

66-5 

68*8 

700 

70*8 

71-6 

721 „ 

Clyde 

67-2 

600 

62-2 

641 

666 

66-9 „ 


The Atkinson cycle and the Constant Pressure cycle, involving 
as they do expaiudon strokes longer than the compression 
strokes, naturally give higher efficiencies than the other two 
csyoiiUi considered. A petrol engine working on a cycle 
approximately to the Atkinson cycle has been constructed by 
the CitrSen Co. and the published results indicate that the 
theoretical improvement in fuel consumption as compared 
with an migine working on the constant volume cyde is realised 
in practice. The incrMused size and cost of an engine working 
wi^ an expansion stroke greatly in excess of the compression 
stroke are serious disadvantages and there is a dangw of the 
gain in indicated efficiency being counterbalanced by reduced 
m e ch anical effidency. Nevertheless the possibilities of these 
two cycles should be seriously considered in the future 
devebpment of heavy oil engines. 

Another feature disclosed by the above tables is the superior 
efficiency, of the constant volume cycle as compared with the 
Diesd < 7 ole, for a given compression ratio; the disadvantage 
of the constant volume cycle is the hi|^ maximum pressure. 
For a givm maximum pressure the Diesel cycle is more efficient 
than ^ constant volume cycle. On account of the intorval 
of time required for inflammation and combustion, the constant 
volume cycle seems hardly atta^ble with heavy oil but the 
jnesmit tendency with high spee^ heavy oil engines is towards 
the constant volume type of indicator card. With large slow 
revolntion enfpnes the tendency is to limit the maximum 
pressures and to obtain indicator cards which represent a 
compromise between the constimt volume and the Di^ cycles. 

Gunsumption Airless Ipiection Engines.—>The 
following table shows the fuel consumptions per B.H.P. hour 
(rednded to their equivalents with fuel having a nett oalcnifio 
value of 18,000 B.T.U. per lb.) to be fficpeoM with various 
nuudmum ptessures. (food airougemsiits kr oombusticm, 
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adequate valre and port areas, and suitable design, in relation 
to revolutions, to prevent excessive frictional losses are 
assumed. 


Hax. cylioder 


Cylinder diameten. 


piewun lb./in.* 

6' 

10* 

IB* 

Wvp. 

600 . 

0-46 

0-43 

0-41 

0-40 

000 . 

. 0-44 

0-41 

0-396 

0-88 

700 . 

0-42 

0-395 

0-38 

0-87 

800 . 

0-41 

0-38 

0-365 

0-36 

900 . 

0-40 

0-37 

0-356 

0-36 

1000 . 

0-39 

0-365 

0-35 

0-34 



s 
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Lower yaluee have been recorded but the above table is 
fairly representative of test bed performances. There is little 
if any ^iference in fuel consumption as between the best 
examples of four stroke and two stroke engines. 


iii_ii __ numi mu— ii_ii 

WllWl 



-ijpi. tes/iN. 

Fio. 18 . 

Performance Diagram.—^It is very convenient for compara¬ 
tive purposes to plot engine performance in a way which 
elimimtes all ref(»ence to the dimensions of the engine. Such 
diagrams are shewn in Figs. 17 and 18. 

^ a basis of brake metm pressure (i}Pi) the ^following 
quantities are plotted, vis.:— 

p,=indioated mean pressure, Ib./in.* 

1 }—mOdumicid efficiency, 
c^—fuel consumption; lb./B.H.P. hour. 
<^aBi}c^asoonsumption; lb./I.H.P. hour. 
e^=CitfPtCC total fuel per hour. 
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The following may also be added, viz.:— 

(1—>j)pi=lost mean pressure, 
and exhaust temperature. 

Exhaust Temperatures.—On all but the smaller engines it 
is usual to fit a thermometer at the exhaust outlet for each 
cylinder. These instruments give usefiil indications as to 
satisfactory combustion and equality of distribution between 
the cylinders. The exhaust temperature depends fundament¬ 
ally on the mean pressure but it is infiuenced by so many 
otW factors that it is difficult to formulate rules for its normal 
value to cover all cases. The value roistered by the ther¬ 
mometer is some sort of average related to a variable rate of 
flow and may be considerably less than the value recorded 
by a thermometer placed some distance along the common 
exhaust pipe. Electrical pyrometers usually record lower 
values than mercury thermometers. Some of the other factors 
which infiuence the readings (mean pressure being supposed 
constant) are as follows:— 

(1) Revolutions or piston speed or cylinder speed. 

(2) Absolute size. 

(3) Back pressure in exhaust. 

(4) Throttling of air suction. 

(6) Dupree of cooling surfaces near the thermometer. 

(6) Supercharging, and scavenging effects. 

(7) Excess air coefficient of two stroke engines. 

Fig. 19 shews three curves of exhaust temperatures plotted 
against mean indicated pressure for a four stroke engine witii 
normal induction, the same supercharged, and a two stroke 
engine with puipp or blower scavenging. 

A sharp upward inflection of the curve indicates the approach¬ 
ing limit of good combustion. 

Ckmditiona for High Efficiency.—Some of the chief con¬ 
ditions which are conducive to low fuel consumption of airless 
injection engines are enumerated under. 

(1) Compact combustion chamber. This condition is avoided 
in certain designs involving precombustion chambers, air cells 
and the like, in which violent turbulence compensates for sub¬ 
division of the combustion space. Without such turbulence, a 
low degree of compactaess is fatal to effiGien(^. 

(2) Ocrreot timing of the fuel injection. This should be 
easily adjustable on the test bed. 
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(3) Ccnmot nto of fuel injeotkMi. If the rate of injection 
is too dow combastaon proce^ too late in the stroke. If too 
Cut the maximnin prooeuni is too hig^. It is important that 
the rate of injection should be sustained and not trail off 
towards tiie end. If the fuel pump plunger diameter and the 
rate of rise of the fuel cam are correct, the rate of injection 
may yet be incmiect by reason of excessive plunger lea^ge or 
slugg^ action of the foel valve. 



is sometimes achieved by gas turbulence as referred to above. 
Where this condition is absent, correct direction of nozzle 
otifioes and correct size of orifices to give sufficient but not too 
much penetration are iitaportant. 

(6) Sufficient compression to produce the charge temperature 
reqttsed for the satisfacti^ initiation of combustion. 

(6) A sufficient r^Edaoeiaent of the spent charge with pure 
air, in relation to tiie mean pressure desired. A poorly 
scavenged two ^de engine wiU develop <mly a low mean 
pieMue with eocmomy. A thoroughly scavenged two cycle 
engine or a four stroke engine with good volumetric effideniy 
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will devdop a substantial^ bi^pier mean preseum witii better 
^oiency. By si:^percliai|png tiie mean ptessme cui be stiU 
farther inoiea^, without loss and sometimes even with gim 
in efficiency. 

(7) A high meohanicid efficieiK^ (see CSwpter IV). 

Literature.—Dalby, W. E., “ Power and the Internal Com¬ 
bustion Engine.”—^Arnold. 

Pye, D. B., “ The Internal Combustion Ei^;ine.”—Oxibid 
Univ. Press. 

Bicardo, H. B., “ Engines of Hi^ Output.”—^Macdonald 
and Evans. 

Inst. Civil Engrs., ” Report on Heat Engine Trials.” 1927.— 
Clowes. 



CHAPTER IV 


I MBOHANIOAL KFFIOIBNOY 

Introduction.—According to one definition, the mechanical 
efficiency jf of an internal combustion engine is the ratio of 
the so-called brake mean effective pressure ijp to the mean 
pressure p as measured from the positive loop of the indicator 
diagram. The difference p(l— tj) may be termed the “ lost 
mean pressure.” It includes, according to the above definition, 
in adffition to frictional losses, all deductions due to the 
indicated work of air compressors, scavenge pumps, fuel pumps, 
lubricating oil pumps, water pumps and also the mean pressure 
due to the negative loop of the indicator diagram, occasioned 
by the pumping losses in the case of a four stroke engine. 
It is worth remark that the negative loop of an indicator 
du^ram shewing compression and re-expansion in a cylinder 
not firing is not included in the lost mean pressure as above 
defined. This loss has the status of a thermodynamic loss and 
not a mechanical loss. 

Indicator cards are not infallible records of pressure va^- 
tion in the cylinder and a more general definition agreeing in 
principle with the above, defines mechanical efficiency as the 
ratio of brake mean pressure to the nett mean pressure in the 
cylinder, during the compression and expansion strokes, 
averaged on a piston displacement basis, leaving it an open 
question as to how this mean pressure is to be measured in 
practice. 

A third definition defines mechanical efficiency as the ratio 
of the brake mean pressure to the brake mean pressure plus 
the mean pressure due to the sources of loss enumerated above. 
The great difficulty of applying this definition arises in measur¬ 
ing the finotion losses under working conditions. < Three methods 
have been used, viz.:— 

(a) Measuring the power required to run the engine (not 
firing) with an electric motor. 

jse 
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(b) Measuriog the retardation of a fl3rwheel of known 
moment of inertia when fuel is cut off. 

(o) Measuring the drop of B.H.P. when fuel is cut off each 
cylinder in turn. 


All suffer from the defects that the pressure conditions 
are altered when firing cesses and the loss so measured includes 
a compression-expansion loss which, as already explained, has 
not the status of a mechanical loss. 

The most reliable measurements of the mechanical efficienqr 
of Diesel Engines are those obtained by means of an indicator 
of a type suited to the revolutions of the engine, worked by a 
well designed and properly adjusted indicator gear. Other 
methods are chiefly usefril in estimating the subdivision of the 
lost mean pressure so deduced. 

Typical Values of Mechanical Efficiency.—Before attempt¬ 
ing to analyse the lost mean pressure into its contributory parts, 
a Ust of typical values is given on p. 58; the higher figures refer 
in general to larger sizes of engines, but quite small engines 
may yield high efficiencies if rubbing surfaces are curtail^. 

The above figures must be regarded as rough guides as there 
ate considerable differences in rated full load brake mean 
pressure in different designs. 

Subsidiary Losses.—The discharge of a oooUng water pump 
seldom exceeds 12 gallons per B.H.P. hr. against a hmd of 
15 lb. per in.* Assuming a pump efficiency of 70% the per¬ 
centage loss amounts to 


12x10x15x2-3 

0-7x1,980,000 


0-3% 


If the brake mean pressure is 75 Ib./in.* the lost mean pres¬ 
sure due to the cooling water pumps amoimts to 0-3 X 75 -r 100= 
about 0'2 Jb.jin.* 

When lubricating oil is used for piston cooling the discharge 
of the oil pump may amount to about f of the above at possibly 
60% higher pressure giving the same loss of about 0-2 Ib.fin.* 
The loss is commonly mu(di less than this figure. 

An airless injection fuel pump may discharge agai n st a 
pressure of 6000 Ib./in.* If the fuel consumption is 0*4 lb. per 
B.H.P. hr. and the fuel density 66 Ib./ft.*, and a pump effidenqy 
of 70% is assumed, the percentage loss is 


100 


0-4x6000x144 
0-7 x 66x1,980,000 ’ 
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. V . . . . . . . —— . 

Type of Engiiie. 

Brw 

mMtti 

pxofliure 

Ib./in.* 

lost 

moan 

pressure 

lb./in.* 

n 

Meobfuiieal 

Effloitmoy 

% 

Four stroke trunk type— 
air injection 

76 

36 to 26 

68 to 76 

Four steoke eroashead type 
—air injection 

76 

26 

76 

Foot stidw double acting 
t 3 rpe-—air injection 

70 

26 

74 

Two stroke trunk type— 
air injection 

63 

31 to 22 

67 to 74 

Two stroke otosshead type 
—air injection 

63 

22 

74 

Two stroke donUe acting 
type—air injection 

60 

22 

73 

Four stroke trunk type— 
airlsas injeotkm . 

75 

26 to 17 

76 to 8^ 

Four stndw crossksad type 
—aifiess injection 

76 

17 

82 

Two stroke crank-case com- 
preasioa type—airless in¬ 
jection 

40 

13 

76 

Two stroke trunk type— 
airiess injeoticm . 

60 to 76 

26 to 16 

70 to 83 

Two stndw CNsdiead type 
—aiilsss injeotkm 

60to76 

14 

81 to 84 

Two Stroks double acting 
type—aiilaasinjenUon. 

60to76 

12 

83 to 87 
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and the lost mean pressure due to the fuel pump amounts to 
about 0‘Z Ib.lin.*. 

In a four slxoke engine, the biggest item in valve gear opera¬ 
tion is the lifting of the exhaust valve against a pressure of 
about 45 Ib./in.*. If the exhaust valve diameter is 0*4 of the 
cylinder diameter and the lift 0*1 of the stroke, the lost mean 
pressure must be less than 

45x0*1 X0*4*=about 0*7 W.jeq. in. 

which is probably sufficient to cover the complete loss due to 
valve gear and cam-shaft operation. 

These rough calculations shew that the subsidiary losses 
refmred to are covered by about i to Ib./in.* according to 
the type of engine. 

Fty-wheel Windage.—^According to a formula due to Stodola 
the horse power expended in the windage of a circular disc 
is given by 

in which, 

/Jsconstant 1*9 to 2*6 average say 2*3. 

I)=diameter of disc in cms. 
u=pe(ripheral speed of disc in cms./sec. 
y=density of fluid surrounding disc in Kg./cc. 

The density of air at 760 m/m. of mercury and 15 °C is 0*00123 
gr./cc. 7=0*00123-;-1000 and yxl0*=l*23. 



Expressing D in inches and u in ft./sec. the constant becomes 
2*8 (2*64)*(30*6)»x 10-*=0*51 

. j »r T» /» «i /D ins.ft./8ec.\® 

For a disc wheel of omiventional shape the approximate varia¬ 
tion of tike oonstMkt is as follows:— 


Width of wheel 






Diameter = 

0 

0*1 

0*2 

0*3 

mm 

Constant = 

0*51 

1*02 

1*53 

2*04 

2*56 
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Example: 

Single cylinder four stroke engine 9 in. dia. x 12 in. stroke; 
indicated mean pressure 100 Ib./in.*, 600 B.P.M.; u=100 
ft./sec., width of wheel 0*2 diameter. 


I.H.P. 


100X1X64 X 600 


66,000 


=48-6 


Diameter of wheel = — —=46-6 in, 

WX600 


Windage H.P.=l*6x •466*x 1*=0*31 
.*. lost mean pressure due to windage, 


0-31x100 

48-5 


^‘64 Ib.lin* 


If the revolutions are only 300 B.P.M. the I.H.P. becomes 
29 and the wheel diameter 76 in. and the lost mean pressure 
works out at 3-0 Ib./in.* 

An experiment with a single cylinder gas engine gave about 
1-6 Ib./in.* for the fly-wheel windage loss. 

With multicylinder engines the loss as calculated above is 
to be divided by the number of cylinders. 

The loss is evidently greatest in single cylinder engines 
with large fly-wheels having a high p^pheral speed. 

Air Gompressore for Blast Injection.—The lost mean 
pressure due to the indicated work of a blast air compressor 
amounts at full load to about 61b. per sq. in. ftdling to about 
3 Ib./in.* at no load. The mechanical friction of the compressor 
raises these figures to about 7-6 tb.jin.* and 4-6 respectively. 
These figures refer to engines developing about 100 to 1000 
B.H.P. per cylinder, whether two stroke or fom stroke with 
atmospheric induction and indicated mean pressures from about 
80 to 100 Ib./in.* Higher mean pressures can be developed 
imder normal full load conditions if larger compressors are 
fitted. According to published test resulfo of a supercharged 
four stroke engine, the compressor losses (making an allowance 
of 1-6 Ib./in.* for Action) were as under:— 


Supercharge. 

M.I.P. 

Compreesor Lose. 

6lb./in.» . 

168 lb./in.» 

16-6 Ib./in.* 

3-6 „ 

187 „ 

14-6 „ 

Atmospheric 

120 „ 

10-6 „ 
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With moderately rated engines having a supercharge of 
about 6lb./in.^ and developing a full load M.l.P. of about 
130 Ib./in.* the compressor loss is commonly about 8'5 Ut.lin.* 
Example: A large four stroke engine with blast compressor 
develops an indicated mean pressure of 86 Ib./in.* with a 
mechanical efficiency of 74%. The total lost mean pressure 
is therefore 86(l-0-74)=22 lb ./in.* If the compressor is driven 
separately there will be a deduction of 7*6 Ib./in.* leaving 
22—7*6=14*6 Ib./in.* and the mechanical efficiency of the 
engine less compressor will be, 

(86-14-6)-^86=83%. 

Two Stroke Engine Scavengers.—^We are not concerned 
here with separately driven blowers or pumps but only with 
those scavenge pumps which are directly driven from the 
engine. These may be :— 

(1) Reciprocating Pumps. 

(2) Positive Displacement Rotary blowers. 

(3) Centrifugal blowers. 

The mean pressure absorbed depends on, 

(a) The ratio of volume of air delivered* by the pump to the 

cylinder volume. 

(b) The scavenge pressure. 

(o) The efficiency of the pump. 

These factors are very variable and approximate indications 
only can be given. 

In crank-case compression engines the volume of air delivered 
per stroke is about 60 to 70% of the stroke volume of the engine. 
The maximum scavenge pressure is about 6 or 7lb./in.* and the 
mean pressure about 2’75 to S-O Ib./in.*. As there are no Motion 
losses associated with crank-case scavenge these figures also 
represent the lost mean pressure due to scavenging. 

Designers of engines with positive or centrifhgal blowers 
usually aim at practically complete scavenge of the exhaust 
products and this involves delivering a volume of scavenge 
air in excess of the cylinder volume. The percentage excess 
required to do this depends on the arrangement of the ports 
or valves for air and exhaust; in general, arrangements giving 
a uniflow end-to-end scavenge require the smallest percentage 
excess of air amounting to about 20 to 30%. Less fitvourable 
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methods require a greater excess of air up to 40 or 60% or even 
more. 

The scavenge pressure in a given engine varies approximately 
at the square of the R.P.M.^ As between different designs, 




Fjo. 20. 


the scavenge pressure for the same bore, stroke and R.F.M. 
depends on the excess air percentage and the time intograif 
of the areas available for the admission of air and escape of 
exhaust gas. When both air and exhaust ate controlled by 

* Unlsis thsre is exhausi resonimoe, in which case the scavenge pressuro 
may be nearly constant over a certain limited range of revolutions. 







MECHANICAL EFFICIENCY 


63 


ports, an increase of stroke (bore and B.P.M. remaining 
constant) is not necessarily associated with an increase of 
^yenge pressure, since the length of the ports may be 
increased in the same ratio as the stooke, without making any 
increased percentage samfice of stroke available for com¬ 
pression and expansion. On this account piston speed per se is 


s L65./fN* Mean fktisyiie .Theoritical. 



Fio. 21. 


not a good criterion of two stroke engine performance. It is 
easier to obtain a good performance at a ^h piston speed if 
the stroke bore ratio is high than if it is low. A more useful 
criterion is piston speed-rstroke/bore ratio. Fig. 20 shews 
typical relations between scavenge pressure and this variable. 

Fig. 21 shews the mean pressure of a theoxetical compression 
diagram with delivery against various scavenge pressures. The 
total lost mean pressure due to the scavenger is the mean 
pressure as given by Fig. 21 multiplied by the excess air 
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co-efficient (one phis a fraction) and divided by the adiabatic 
efficiency of the scavenger (including mechanical friction). 

Large centrifugal blowers have an overall adiabatic efficiency 
of about 70 to 76%, not including any driving gear. Large 
positive rotary blowers may have an efficiency as high. 
Smellier pumps and blowers have in general lower efficiencies 
down about 60% or even less. In respect of efficiency there 
seems to be comparatively little to choose as between centrifugal 
blowers, positive displacement rotary blowers and reciprocating 
pumps. The efficiency (apart from mechanical losses) of any 
of these types when direct driven from an engine appears to be 
nearly independent of revolutions since the scavenge pressure 
and the pump losses increase together nearly as the revolutions 
squared. Example: A large two stroke engine has a direct 
driven blower delivering against a scavenge pressure of 
2*2 lb./in.2. The excess air oo-efficient is 1*3 and the overall 
adiabatic efficiency of the blower is 70%. The theoretical 
mean pressure is 2-0 Ib./in. and the lost mean pressure due to 


the blower, 


==2 0xl-3~0-7=3-4 lb./in.2 


Example : A small high speed two stroke engine has a direct 
driven blower delivering against a scavenge pressure of 



INDUCTION 



EXHAUST DRIVEN 
BLOWER. 

Fiq. 22. 



6 Ib./in.* The excess air co-efficient is 1-6 and the overall 
efficiency of the blower is 60%. The theoretical mean pressure 
is 4*16 Ib./in.^ and the lost mean pressure, 

=416x 1*6-^0*6==12*4 Ib./in.* 

In spite of the loss incurred, high scavenge pressure may be 
justiiied if sufficient supercharging effect is thereby attained. 

Pumping Loss in Four Stroke Engines.—^The pumping 
losses incimred during the exhaust and suction strokes of a four 
cycle engine are measured by the mean height of the negative 
loop of a light spring indicator diagram (Fig. 22). The lost 
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mean presaure so incurred depends on the design of the air 
inlet and exhaust piping arrangements but chiefly on the area 
of inlet and exhaust valves. Typical values are shewn in Fig. 23 
on a basis of gas velocity through the valves. The gas velocity 
is a nominal fijgure given by, 

, . /Diameter of cylinderX* 

Piston speed (ft./sec.) ^„ valv^' ) 

If the engine is supercharged without abnormal restriction 
of the exhaust, the exhaust-suction loop may be positive 



NOMINAL AIR SFCED. 

FlO. 83. 


instead of negative. The mean pressure so r^ained is approxi¬ 
mately equal to the supercharging pressure (above atmosphere) 
minus the mean pressure loss to be expected in a normal engine. 

If the engine is supercharged by an exhaust driven centrifogal 
blower the air pressure at full load may exceed the exhaust 
back pressure in which case the pumping loss is reduced to the 
extent of the differences. 

The losses incurred by eiigine driven superchargers can be 
computed as for two stroke engine scavenge pumps (see p. 75). 

Friction of Piston Rings. —^Worn piston rings and qrlinder 
liners give evidence of the existence of substantial friction 
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between these parts, but numerical data is scarce. A two stroke 
trunk engine 16} in. bore x 17 j in. stroke with separately 
^yen blast air and scavenge pumps, developing a mean 
indicated pressure of about 100 Ib./in.* at 326 R.P.M. in the 
course of a full load test, was found towards the end of the test 
to have improved in mechanical efficiency by about 6% above 
the normal value observed by frequent indicator cards during 



the trial. The following day the engine failed to start and on 
removing the piston all the rings (six in number) were absent. 
The pieces of the rings were afterwards found on the shop roof. 
This experience suggests a lost mean pressure in two stroke 
engines of about 1 lb»/in.* per piston ring (not including 
scrapers). Other experiments with four stroke engines indicate 
that an improvement of about 2 or 3% results from the removal 
of 3 rii^ out of 6. On the assumption that the ring loss is 
proportional to the mean pressure during compression and 
expansion, fig. 24 has been drawn up as an estimate of the 
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probable loss to be expected with sixiiDgs in a two o^ole engine 
at' various compression ratioe and various mean {neesures 
(indicated). It seems reasonable to increase die figures by 
say 26% for four cycle engines on account of friotfam on the 
idle strokes and to make a proportional reduotkm if fewer 
rings are used. 

. Stuffing Box.—^The stuffing box of a D.A. engine cmtains a 
number of rings (usually six or morn) having a dianieter about 
•25 to *35 of the cylinder diameter, l^e loss incurred by 
friction of these rings applies to the bottom of die i^lindw 
only. The loss may ther^ore be expected to be about | of the 
main piston ring loss or say about 0‘8 Ib./sq. in. 

Bearing Friction.—^Data regarding engine bearing feiodon 
is almost nil and we are thrown back on indirect evidence. 
The oil cooler of a large crosshead engine having watw ooded 
pistons accounts for only about 2% or so of the total heat 
supplied, equivalent to a lost mean pressure of about 4 Ib./in.* 
Ostensibly this includes the orosshead friction, Imt the oil is 
cooled by radiation losses and (in a marine engine) 1^ contact 
with the ship’s bottom. Small stationary engines run satis¬ 
factorily without oil ooolmrs. Evidence of this smrt pmnte to 
the bearing loss being comparadvely, small, jnobably less 
than 4 Ib./in.* Some useful guidance is obta^ble by direct 
calculation. As indicated in Chapter V similar bearings with 
the same oil, the same percentage clearanee and die same 
intensity of pressure have theoredcally the same oo-efficient of 
fiicdon at the same B.P.M. regardless of sise. Hus establuhes 
B.P.M. as a more relevant criterion than rubbing qpeed. A 
very simple calculation proves the frMtegmng sfetssnent as 
regards bearings which run so fast that the deaxaace w neariy 
the same all round. If pressures remain ecmrtantf reduced 
revoludons result in closer otmtact at redneed rubbing velooity 
and eventually a speed is reached at whidh the fiietion is a 
minimum and farther reduodon of 
fricticm. This effect which aj^dfes also to 
way to account for the observed compaMtive 
mechanical losses of large rntginea be tw ee n 
R.P.M. With these oonsidendoiMi In mind we 
curve of lost mean pressme due to beWthig 
of revolutions to be flat at low revdiudoitt. IRke 
of Beawhamp Tower and othms show tide effBOt 
An esdmate of ^ Med<m of highspeed bearings (or pfedms) 

F 
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oan be obtained by caloulatiiig the drag required to shear the 
oil film, assuming that the clearance remains full of oil and that 
the journal (or piston) remams centoal with the bearing (or 
cylinder). Osculations on these lines will be given later. For 
bmuings running at say 10,000 R.P.M. subject to a pulsating 
load of say 2000 Ib./in.* these assiunptions are probably not far 
finom the truth. Even at lower spe^s of a 1000 B.P.M. or so 
the journal would not deviate from the centre of its bearing 
by more than about 20% or so of the clearance provided the 
clearance remained full of oU. This, however, is not possible 
with forced lubrication under moderate pressure. The pulsating 
load squeezes out the oil imtil the film reaches such a mean 
thickness that the amoimt squeezed out per revolution is 
balanced by the amount suppli^ pmr revolution by pressure or 
otherwise. At low revolutions therefore the drag is considerably 
greater than that required to shear a continuous cylindrical 
oil film of thickness equal to half the diametrical clearance. 

On the other hand experiments such as those of Beauchamp 
Tower on bearings subject to loads of constant direction and 
intensity are only applicable to very low speeds. A fair 
approximation to engine conditions may be expected to be 
given by a curve wUch approximates to Tower’s results at 
low revolutions and our previous assumption at high revolu¬ 
tions. 

Consider a bearing of diameter D, length L, and semi¬ 
clearance f; the diametrical clearance as measured by “ leads ” 
is 2 f. Let n=B.P.M. and ft=viscoBity of oil, then :— 

The peripheral speed 

The drag per unit of area=^^. Y* 

The total surface =:wDL. 


The total drag=s:^^ j^irDL. 
The drag work per revolution 

oo 



7r.«D*L. 


The swept volume of the <^linder» 


wB>S 

4 


rB=:Bote. 

IS^Stroke. 


The lost mean pressure in a sin^-aoting 2 eydU engine (or 
D.A. 4 < 7 de engine)—one cycle per revolution—due to the 
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friction of such a bearing under the ateumed conditions is equal 
to the drag work per revolution-i-the cylinder volume, i.e. 




An average value of ft for a main hearing or big end is 0>5 
poises (dyne sec./cm.') equal to about 220 Redwc^ No. 1 or 
1/140,000 lb. sec./in.*. 

Let n=10,000 B.P.M. and D/f=2000 (i.e. diametrical 
clearance 1/1000 part of diameter which is a frtir value for hi^ 
speed bearings; then the lost mean pressure 

TT* X 10,000 X 2000 /D y/LX 
“ 16x140,000 V®/\S/ 

=94-6 (or say 

and pro raia for other revolutions. 

A typical value of is about 0*1, and in order to 

get the independent variable nearly the same ntimerically as the 
revolutions it is convenient to plot the mean pressure loss due 

to one bearing as a function of lOn^g^ ^ 

line. The full line approaches the dott^ line for high values 
of this function and the lower part of the curve is guided by 
Tower’s bearing experiments as explained below. 

Tower’s bearing measured 4* diameterx6' long; when 
running at 150 B.P.M. with oil having a viscosity eqtud to that 
assumed above (0*5 poise) and loaded with 600 odd Ib./in.* of 
projected area the drag was 0*81 lb, per in.* of projected area, 
i.e. 0*81x24=19*5 lb. Suppose the bearings formed a main 
bearing of a Diesel Cylinder 6*6' diameter x 10' stroke (2 cycle); 
the lost mmn pressure due to the bearing, 

19*6x»rx4 ^ , 

“-33^=0*73lb./m.* 

and lOn^gY^I^=1600 X 0*616«X 0*6=340, 
giving the marked point on the lower part of the curve. 
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Ear S.A> foot stroke eogiiMS ordinates should be doubled 
to aUotr tax the fiMst that the engine makes two strokes pra 
oyele. Ear D^. two strdBe engines the ordinates should be 
hidved. 

LOST MEAN EWESSURE 
QUITO 





To obtain tiie total crank-shaft loss, account must, of course, 
be taken of the number of bearings per cylinder; for example, 
a 6 blinder migine usually has 6 big end bearings and 7 or 8 
mam beani^(B making in all 2*2 or 2-3 bearings, per <^linder.. 
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Abo the bearinge may not be all of Hie same diMueter and 
length. In view of the tough character of the eetimate it b 
admiaeibb to average the diameters and lengths. 

Platen Friction.—^It will be noted that Fig. 25 b also used 
to estimate pbton friction. The assumption made here b that 
the general behaviour- of a pbton b sim^ to that of a bearing 
journal. The lower the revolutions the closer the contact. 
As before, consider a high speed engine and assume the pbton 
dearance fuU of oil. Let T=length of piston and f the smni* 
clearanoe. 

The mean velocity 


The drag per unit area=^^ 

The total drag=g^j. jrBT/* 

The drag work per rev. wBT/it. 2S 

The cylinder volume 

The lost mean pre88ure=^^.^^^.8S' 


=0-27/an| 









A fair value of/i=0’25 dyne 8ec./cm.*=l/280,000 lb. sec./sq. in. 
Let n=10,000 and B/f=2000 
The lost mean pressure, 


0-27 X 10,000 X 2000/S\/T\ , * oa/SX/TX 

=-280500-(bXb)=“““‘ “(bXb) 

A typical value of is 2-6, we therefore adopt 


as independent variable. When thb function b 10,000 the lost 
mean {oessure is 20 X 2'5=60 Ib./in.*. 

The diagram (Fig. 25) is plott^ to log. co-ordinates so that 
the curve for bearings can hie used for pbtons by a simple shift 
of scab as shewn on the diagram, assuming, of course, that we 
are justified in assuming proportionality as between frictbn of 
bearings and pbtons throughout the whole rai^ of the 
independent variabb. 
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A» before, the plotted curve refers to S.A. 2 cycle or D.A. 4 
cycle engines and the ordinates must be multiplied by 2 for 
S.A. four stroke and divided by 2 for D.A. two stroke engines. 

It will be observed that the use of this variable involves the 
assumption that the lost mean pressure due to piston friction 
in slow speed engines (see Fig. 25) is as insensitive to stroke 
bore ratio and piston length as it is to revolutions; this agrees 
with the author’s experience. 

If the piston surface is considerably cut away or relieved, 
some allowance should, no doubt, be made for this in estimat¬ 
ing an equivalent length. 

Crosshead Friction.—^Diesel Engine crosshead shoes usually 
have a length about equal to the cylinder diameter and an 
area (in the direction of principal thrust) about equal 
to the cross sectional area of the cylinder These 

figures suggest the following rule : 

Lost mean pressure due to crosshead friction =half the lost 
mean pressure due to h trunk piston of length equal to B. 

This rule appears to agree fairly well with meagre data on 
crosshead friction as measured by the heat absorbed by water 
cooled guides, which however are now seldom used as forced 
lubrication provides ample cooling in most instances. 

Applications of the Foregoing Rules.—To illustrate the 
principles of this chapter the mechanical efficiencies of a 
number of typical engines have been worked out by tabulating 
the several losses as given by the foregoing rules. 

Pour Stroke Trunk Type—6 cylinders. 4 x H" X1800 R.P.M. 

Lost mean 

Item. pressure 

Ib./in,* 

Pumping Losses.—Piston speed=1650 ft./min.=27-5 
ft./sec. Valve dia.=0’40 cyl. dia. Nominal air 
speed=27-6-i-0-40*=172 ft./sec. By Fig. 23 lost 
mean pressure. . -.3'6 

Piston Rings.—Indicated mean pressure about 120 
Ib./in,*. Compression ratio 14. Loss by Fig. 24= 

5*3 Ib./in.^. Increase by 25% for four stroke engine 
and X by 4/6 for 4 rings instead of 6 . . 4*8 

Piston Body.—S/B=6-5/4-6=1'22. T/B=1-36; R.P.M. 
x(S/B)x(T/B)-t- 2'5=1100. Using Pig. 25 and 
doubling for four stroke the lost mean pressure 16’0 
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Lost mean 
pressure 
Ib./in.* 

Bearings.—6 big ends and 7 main bearing8=2*17 
bearings per cyldr. D/B=0-68. L/S=‘28 (mean); 
10xR.P.M.x(D/B)* (L/S)=2300. By Fig. 26 
lost mean pressure=2‘7x 2x2*17 11*6 

Subsidiaries.say 1*6 

Total 37*6 

Brake Mean Pressure say. 86*0 

Indicated „ „ by addition .... 122*6 

Mechanical Efficiency 100 X 86 122*1 = 09*6% 

Four Stroke Trunk Type—6 cylinders. 14" x 21' x 300 B.P.M. 

Lost mean 

Item. pressure 

U./in.» 

Pumping Losses.—^Piston speed=1060 ft./min.=17*6 
ft./sTO. Valve dia.=0*36 cyl. dia. Nominal air 
speed=17*5x0*36*=143 ft./sec. By Fig. 23 lost 
mean pressure. . . . " . . . 2*6 

Piston Rings.—^Indicated memi Pressure about 90 
Ib./in.*.. Compression ratio 12. Loss by Fig. 24= 
4*8lb./in.*. Increase by 26% for four stroke engine 
and X 3/6 for 3 rings instead of 6 . . 3*0 

Piston Body.—S/B=l*6. T/B=l*76; R.P.M.x(S/B) 
x(T/B) •4-2*6=316. Using Fig. 26 and doubling 
for four stroke the lost mean pressure 7*6 

Bearings.—6 big ends and 7 main bearing8=2*17 
bearings jwr cyldr. D/B=0*60 (mean). L/S=: 

0*3 (mean); 10 R.P.M.x(D/B)* (L/S)=326. By 

Fig. 26 lost mean pressure=0*7x 2x 2*17 . 3*0 

Subsidiaries.say 1*6 

Total 17*6 

Brake Memi Pressure say. 76*0 

Indicated Mean Pressure by addition , . 

Mechanical Efficiency 100 x 76 -r92*6= 81% 
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Abev* asatunes airkiss injection. If air blaet injection is 
need witb oompreMor driven off engine tihere will be an 
ad(^tiontdlpBM of about 6 Ih^ia.* and t^ meofaanical efficioioy 
beoonaea 76-4-(92*64-6)a=s7d%. 

Four Stroke Trunk Type—6 o;^nders 26'x 48'x 130 R.P.M. 

(Supercharged by exhaust turbo-blower.) 

Lost mean 

Item. pressure 

Ib./in:* 

Pumping Losaea.—^Piston 8peed=:1040 ft./min.=17-4 
ft./sec. Valve dia.=0'35 cyl. dia. Nominal air 
8peed=17'4-r0'36*=142 ft./sec. Lost mean 
pressure of normal engine from Fig. 23=2*6 Ib./in.* 
Supercharging joessure 6 Ib./in.* and exhaust 
pressure 4 Ib./in. Lost mean pressure=(2*6 x 
19*7-rl4*7)~(6-4) .. 2*4 

Piston Rings. —^^Et^oated mean pressure about 130 
lb./iB.f. CoBspNBsmn ratio 12. Loss by Fig. 24= 

6*8 Ib.^.*. Inoceatfe by 26% ftur 4 (^cle wgine 

and x 4/gicu 4 tings instead of 6 ... 4*8 

Piston B(Miy.^S/B=l*92. T/B=2*0; R.P.M.x(S/B) 
x(T/B)'f2’6=200. Using Fig. 26 and doubling 
for f^itvobetbe loet mean pressure = 6*0 

Bearings. —6 big ends and 7 main besrings=2*17 
bearings per (^Idr. D/B=0*66 (mean) L/S=0*24 
(mean) ; 10 R.P.M. x (D/B)* (L/S)=132. By 

Fig. 26 lost meui pres8uie=0'63x2*17x2 . 2*3 

Subridiaries.—(Water and lub. oil pumps driven 

separately).say 1*0 

Total 16*6 

Brake Mean Pressure say.116*0 

Indicated Mean Pressure.131*6 

Mechanical Efficiency 100x116-7-131*6= 87*6% 

Above assumes airless injection. If air blast injection is 
used with compressor driven off engine there will be an 
additional loss of about 8*6 Ib./in.* and the mechanical 
efficiency becomes 116-r(131'6-l-8*6)=82%. 
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Two Tnmk Type—8 oylindeis lO'xlS'xTOO R.PJM[. 

(Akkn injeotioii.) 

Lost mean 

Item. press u ie 

Ib./tn.* 

Scavenger Losses.—^Piston speed=1760 ft./min. 
P.S.xB/S=1170 fb./miii. Scavenge pressure 4 
Ib./in.*. Excess air ratio 1*4. Blower efi^cienoy 
60%. Theoretical mean pressure of compression 
3*6 Ib./in.*. Lost mean pressure 8*6 x 1*40*6 . 8*2 

Piston Rings.—Indicated mean pressure about 100 
Ib./in.*. Effective compression ratio 14. Loss by 
Eig. 24 . . . 5*3 

Piston Body.—S/B=l*6. T/B=2 0; R.P.M.x(S/B) 
(T/B)-r2*5=840. Using Fig. 26 the lost mean 

_ * a 


pressure 6*0 

Beeringe.—8 big ends and 10 main bearing8a:2*25 
beatings per cyldr. D/B=0*7,L/S=0*2; 10R.P.M. 

^/B)* (L/S)a690. By Fig. 25 lost mean pressure 
=1*06x2*26 . 2*4 

SubektiaviM.say 1*6 

l\>tal 23*4 

Brake Mean Pressure say. 75* 0 

Indicated Mean Pressure. 98*4 

Meohanical Efficiency 100x75-r98*4= 76% 


Two Stroke .Trunk Type—3 cylinders 12''yl5'x300 R.P.M. 
(Airless injection. Crank-case scavenge.) 

Iioat mean 


Item. pleasure 

lb./in.* 

Scavenger Losses.—^Max. scavenge pressure 7 lb./in.*; 

loss =mean scavenge pressure 3*0 

Piston Rings.—^Indicated meui pressure about 45 
lb./in.*. Effective compression ratio 13. Loss by 
Fig. 24.3*7 

Platoa Body.—6/B=l*26, T/B=l*4; R.P.M.x(S/B) 

X (T/B) *f 2*5=210. Using Fig. 26lo8tmeui pressure 3*0 
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Lost mean 
pressure 
Ib./in.* 

Bearii^s. —3 big ends, 4 main bearing8=2-3 bearings 
pw cylinder. D/B=0‘6, L/S=0-6; 10 R.P.M.X 
(D/B)* (L/S)=:540. By Fig. 26 lost mean pressure 
=0*9 X 2-3.2*1 

Subsidiaries .say 1*5 

Total 13*3 

Brake Mean Pressure.say 36*0 

Indicated Mean Pressure ..... 49*3 

Mechanical Efficiency 100 x 36*0-r49*3 = 73% 

Two Stroke Double Acting Type—8 cylinders 40'X 60'X120 

R.P.M. 

(Direct Driven Blower.) 

Lost mean 

Item. pressure 

Ib./in.* 

Scavenger Losses. —^Piston speed=1200 fb./min. Pis¬ 
ton speed xB/S =800 ft./8ec. Scavenge pressure 
2 *6lb./in.*. Excess air ratio 1*3. Blower efficiency 
0*66. Lost mean pressure=2*3 X 1*30*66 4*6 

Piston Rli^s. —^Indicated mean pressure about 90 
Ib./in.*. Effective compression ratio 12. 6 piston 
rings each end of piston. By Fig. 24 lost mean 
pressure . 6*0 

Staffing Box.0*8 

Piston Body. —S/B=l*6. T/B=l after deducting 
relieved length. R.P.M.x(S/B) (T/B)-r2*6=72. 

By Fig. 26 lost mean pressure .... 1*2 

Bearii^s.—8 big ends, 10 main bearings=2*25 
bearings per cylinder. D/B=0'76, L/S=0*26 
(mean). 10 R.P.M.x(D/B)* (L/S)=170. By 
Fig. 26 lost mean pressure=0*26 x 2*26 0*6 

Grosshead Shoes.0*6 

Subsidiaries.—(Sepmttte water and oil pumps), say 0*6 

Total 13*3 

Brake Mean Pressure. 76*0 

Indicated hfoan Pressure. 88*3 

Mechanioal Efficiency 76x100-1-88*3= 86% 
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The above refers to airless injection. With air blast injection 
the efficiency would be 

76 X 100-^(88-3 -f 6) =79-6% 

With separately driven scavenge blower and airless injection 
or separately driven blast compressor the mechanical efficiency 
would be 

76X 100-r(88-3-4-6)=89-6% 




CHAPTER V 


THE PRINCIPLE OF SIMILITUDE 

The Scope of the Chapter.—^The principle of similitude 
enables a general survey to be made of problems which require 
for their complete solution elaborate analysis or experimental 
research. By use of the principle, the findings of jHactical 
experience or deliberate research may be applied to cases other 
than those directly experienced. By applying the principle to 
all of the relevant physical properties of the materials involved 
(metal, gas, water, oil) a grasp is gained of fundamental prin¬ 
ciples of design not easily obtained in any other way. We 
shall use the principle in relation to such topics as:—‘ 

(1) Power output in relation to cylinder dimensions. 

(2) Power output in relation to space and weight. 

(3) Stresses due to pressure and inertia. 

(4) Vibration stresses. 

(6) Volumetric, mechanical and thermal efficiencies.' 

(6) Temperature distribution and temperature stresses. 

(7) Lubrication; bearing problems. 

(8) Fuel injection and combustion problems. 

The fundamental cimoeption in the line of thought adopted 
in this chapter is that of a series of similar engines of different 
sizes. By similar engines we understand engines which are 
geometrically similar figures, i.e. exact models of each other, 
with corresponding parts made of the same materials. We shall 
coiudder amongst other things the results of running all these 
engines at the same piston speed. With the conception of a 
aeries of engines at the back of the mind it is actually only 
necessary to consider the relarions whi<di exist between any 
two mmnbero of the aeries distii^uidied by suffixes 1 and 2, 
ibd numeral 2 refinring to the larger (Fig. 26). The interesting 
&ot emeigus that tibere is no way of adjusting the revolutions 
of engine 2 in suiffi a way that its behaviour exactly imitates 
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that of engine 1 in all respeots aimnltaneonsly. The oonelnaion 
is reached that engines of broadly the same type but differing 
in size should not bo made geometrically similar and the 
discussion indicates the directions in which departures from 
similarity should be made. 



Fm. se. 
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Symbols. 

Let B=Cylinder bore. 

S=TStroke of piston. 
n=Reyolutions per minute (R.P.M.). 
d=Diaineter of tearing or pipeor other circular 
part. 

L, 1 =Any typical linear dimension. 
p=Indicated mean pressure. 
i)=Mechanical efficiency. 
p=Density of fluid or solid. 

/t=Viscosity of fluid. 
v=/i//>=kinematic viscosity of fluid. 
k=Oonductivity of solid or fluid. 
s=:Specifio heat „ „ 

h=k/s/>=difiusivity „ „ 

X, y, Rectangular co-ordinates, 
u, V, w=Velocities in x, y, z directions. 

U, V =T^ical velocities. 

T =:Temperature. 
t=Time. 

W=Weight. 

C==Volume. 



Power. Output.—The brake horse power of a single 
cylinder two stroke engine is given by the formula :— 

Ti w P . i?p. S. w/4B«n 
12 x 33,000 

Vp. S. B.«n 

~ 606,000 . 

if B & S are measured in inches and p in Ib./in.*. The output 
of a four stroke cylinder is one-half that given by the above 
Itemula (S.A. in each case). 

The relative powers of two similar engines of bore B, and 
B, respectively ate therefore given by:— 

B.H.P.x _ 5iPiSiBi*ni 
B.H.P.I 1) aPSfit^a 
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If the two eogiiies are run at the same piston speed, Sini=Sjnt 
then, 

A*_ ^ ’ liPi 
B.H.P., i},p,\B,/ r*ij,pa 

It will be shewn later that the mechanical efficiency tj, (larger 
engine) may be expected to exceed r)i (smaller engine) and t^t 
the obtainable indicated mean pressure p^ (smaller engine) 
may be expected to exceed p, (larger engine); assuming these 
two effect cancel so that i)iPi=i}tPt then. 


B.H.P.I 1 
B.H.P.,~ r» 


( 2 ) 


That is, with similar engines miming at the same piston speed, 
the full power varies as the square of the linear scale or as 
the piston area. The proportionality of power to piston area 
(with constant piston speed) also holcU good as between engines 
which have different ratios of stroke to bore and this is the 
basis of the much abused Treasury rating formula for motor 
oars, viz.:— 

B.H.P. (per cylinder)=0-4B*.(3) 


which is satisfied by a piston speed of lOOCt^./min. and j/p— 
67 Ib./in.* (four stroke engine). 

The adjoining table gives the appropriate values of the 
constant to be substitute for 0*4 in formula (3) for various 
values of the brake mean pressure r/p and the piston speed. 

Power Output in Relation to Weight and Space.—If 
and Wt are the weights of similar engines made of the same 

matenals _/Bi V_ _L 

w;~vb;; 

Wi/B.H.P., 1.(4) 

WjB.H.P.,~ r 


and 


The volume and weight per B.H.P. vary directly as the linear 
scale. If an aircraft engine with 6' bore cylinders weighs 
2 lb. per B.H.P., then a similar engine of 26' bore develbping the 
same brake mean pressure at the same piston speed would weigh 
10 lb. per B.H.P. It has often been maintained that it is not 
practicable to use the same rdative thickness of metal in small 
engineB aa in big engines, but this seems to be a fallacy. A 30* 
bore cylinder liner of cast iron would normally have a thickness 
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of 2' in accordance with a Lloyd’s rule for engines with atmos¬ 
pheric induction. A geometrically similar engine 6' bore 
would have a liner thickness of 0-33', a size which presents no 
difficulty whatever, and simil&rly for other dimensions. If 
anything smaller relative thicknesses are admissible with small 
engines since their iron castings have a higher tensile strength 
than thick ones and small steel forgings are mote homogeneous 
and finer in grain than larger ones. 

By aimilftT reasoning to ^at used for equation (4), the fioor 
space for B.H.P. is the same for large and small similar engines. 
This remains true of an installation of several engines, provided 
the spaces between the engines are determined by the size of 
engine parts which require handling. 

Stresses due to Pressure and Inertia.—^The direct stresses 
on any section due to pressure vary as the pressurexthe piston 
area-f-the area of the section. If f^ and f, are the stresses on 
corresponding sections of two similar engines, and Aj and A, 
are the areas of the sections, then, assuming the pressure P is 
the same for both. 




PwB,V4 A, 
PirB,*/4 A, 



=1 


i.e. the stresses are the same in each case. 

Similarly in the case of bending or twisting actions; the 
moments vary as B’ and the mod^ of the sections also vary 
as B’ so that the stresses are the same. 

Next consider the inertia of the piston. The inertia force of 
the piston divided by the piston area is sometimes referred to 
as the inertia pressure. If p is the density of the piston material, 
the relative masses of two pistons are :— 


Pi®i* • P«®i* 

Their relative accelerations are, 


n*jB,: n,*B, 

The ratio of inertia pressures is therefore :— 

£,Bjf n,«B, Bj> P,Bi^ib*_pj/V,y 

p,B,« nyB/B,*“p,B,*nr*“p.W.^ ^ 

which =:1 if pi—pt and Vi=V, 

That is, the inertia {ttessures and consequently the inertia 


G 
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stresses are the same if the materials are of the same density 
and the piston speeds are equal. 

Vibration Stresses are a particular kind of inertia stresses, 
but as the amplitudes of the movements are not prescribed by 
the geometry of the engine, the reasoning used in the preceding 
section does not suffice. 

When a machine is running at a speed n, which is a severe 
critical speed with respect to a particular mode of vibration, 
that particular mode of vibration is exalted out of proportion 
to other possible modes which may therefore be left out of 
consideration or treated separately. The system may then for 
purposes of dynamical calculation be replaced by a suitably 
chosen system consisting of a single mass M under the control 
of a spring. The frequency of such a system is given by the 
formula:— 



where y is the deflection of the mass due to a force equal to 
the weight of mass M applied in the direction of motion. 

Comparing two such similar systems relating to two similar 
engines of bore and Bj, Mi/M 2 =(Bi/B 2 )’. The relative 
sectional areas of the springs are as Bj^ : B 2 *, so that the stresses 
fj and f 2 due to the application of the weights of and Mg are 
related as:— 

fg-W \bJ-b, 

Since the lengths of the springs vary as Bi: B;, the deflections 
are related by, 

.yg-Bg'Bg-W -r* 

also J»=V?«=r=^*.(7) 

J>2 ng 

The vibration frequencies of similar engines vary inversely as 
the linear scale and corresponding critical speeds occur at the 
same piston speed. It follows from the last statement taken in 
conjunction with the previous article that the forces causing 
vibration reckoned per unit of piston area are the same for all 
similar engines. If the damping were solely due to internal 
friction (hysteresis) of the material, and the materials were the 
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same for all corresponding parts of the' similar engines under 
consideration, it would follow that the vibration stresses would 
also be the same. The same would hold good for damping due 
to solid friction. In so far as viscous damping of lubricated 
surfaces is concerned, further investigation is required. Also 
it should be kept in mind that the properties of nominally the 
same material, e.g. 28-32 ton mild steel may vary with size of 
the forging. 

So far as frequencies and the relative seriousness of critical 
speeds are concerned, a single diagram shewing the various 
criticals over the whole working range of revolutions can serve 
for all members of a series of similar engines, by a simple adjust¬ 
ment of the scale of revolutions. 


Volumetric Etiidendes.—Similar engines nmning at the 
same piston speed have the same nominal gas spe^ at all 
corresponding points in the induction and exhaust systems. 
If “ h ” is the loss of head at any constriction, such as a valve, 
then 


h 


V* 

=const-^f 



the quantity in brackets being Reynolds’ nmiber. 

If “ h ” represents the loss of head in a pipe or channel 


(fuU), 


h 


LV* 

=con8t-^.^f 



where L/d is the ratio of length to diameter of the pipe or 
channel. In either case since L/d is the same for similar engines 


we have:— 


h^ f(VdJv) 


h*~f(Vd,/») 


For flow in smooth pipes f (Vd/w) decreases slowly as Vd/w 
increases, being approximately halved when Vd/v is increased 
about ten times. In roug^ pip^ f(Vd/w) is nearly constant. 
For flow through poppet valves f(Vd/v) appears to be neariy 
independent of Vd/v over ranges so fax investigated. The 
same appears to be approximately true for ports. 

The general conclusion is that similar engines may be 
expected to have almost identical volumetric efficiencies at 
the same pistoti speeds. If any difference is observable the 
advantage may be ei^teoted to rest with the larger sizes on 
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account of lower pipe friction co-efficient at higher values of 
Beynolds’ number. 

An influence operating in the opposite direction is the heating 
of the air ohai^ by contact with the cylinder walls. It will 
be shewn later that the larger of two similar cylinders will be 
hotter if both operate under the same conditions of combustion 
and at the same piston speed. 

The Mechanical Efficiency is defined to be 

_ B.H.P_ Brake mean pressure 
^ I.H.P ~ Indicated mean pressure 



where p=indicated mean pressure and f is the so-called lost 
mean pressure, including, in addition to friction proper, the 
work required to drive compressors, scavenge pumps, etc., all 
referred td the piston displacement in accordance with the 
conventional formula for horse power. 

The co-efficient of solid friction is independent of size; 
whether this is true of the so-called boundary lubricated friction 
does not appear. The friction due to the shearing of oil films 
par unit of area varies inversely as the thickness of the film. 
If therefore the similar engines have similar piston clearances 
and bearing clearances, and use oil of the same viscosity under 
the conditions of running the lost mean pressure due to the 
shearing of oil films may be expected to vary inversely as the 
scale. On the whole, therefore, of two similar engines working 
at the same piston speed and mean pressure the larger engine 
will tend to have the better mechanical efficiency. This con¬ 
clusion is confirmed by actual experience of ranges of nearly 
similar engines. On the other hand, the modem tendency in 
the design of small Diesel Engines is to reduce the rubbing 
surfaces (of the pistons in particular) to an extent which has 
never been tried in large sizes, thereby reducing, if not actually 
eliminating, the differmice in friction loss as between big and 
small engmes. 

Thermal Efficiency.—^It has frequently been shewn that 
with an intonal combustion engine rejecting at full load 
2S% of the heat of the fuel to the water jadcets, the total 
mqqncessian of heat losses during the power stroke would not 
increase the output per unit of fuel supplied by. more than 
about 8%. It wiU be shewn later that other things being 
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equal the heat Ic s during combustion, of a small ang i ne hi 
relatively greater than that of a similar engine of laiger 
running at the same piston speed. As between cylinders of say 
5' and 30' diameter the difference is not great but the advant¬ 
age is with the larger cylinder. In practice small (flinders are 
commonly given a higher compression ratio than is usual witii 
large cylinders, for the sake of easy starting; also small 
cy&ders usually work with a higher maximum pressure than 
is considered desirable with large cylinders. As a result quite 
small cylinders may yield efficiencies as high or higher than 
those of larger cylinders. 

Heat Loss by Gaseous Radiation.—^The purely thermal 
radiation of intensely hot gas is a function of temperature. If 
gas were perfectly transparent to its own radiation the per¬ 
centage of the total heat lost in this way would be independent 
of si 2 se and nearly directly proportional to the time occupied 
by the cycle, i.e. inversity as the revolutions. The heat flux 
to the walls of the combustion chambers of similar engines 
running at the same piston speed would then vary as the 
cylinder bore directly so far as concerns the heat received 
from this type of radiation. 

If gas were perfectly opaque to its owm-wiiation, the rate 
of emission of heat would be proportional to the area of the 
combustion chamber (instead of the volume as in the previous 
supposition). In these circumstances the percentage of heat 
so lost would again vary inversely as the revolutions, but also 
inversely as the cylinder bore, so that the percenta^^ of heat 
lost would be the same for similar engines running at the same 
piston speed. 

Actui^y gas is neither perfectly opaque nor perfectly trans¬ 
parent, and the intensiiy of radiation appears to be ajqitoxi- 
mately proportional to the square root of the cylinder dkunetw 
over a certain range but tending towards a limit for voy 
large sizes. 

Part of the radiation during combustion may be legaided as 
an inevitable by-product of oombdstion propcnrtioDal to the 
feel consumed and independent of the time ocouided by the 
process. 

So far as heat loss by radiation is concerned the advantage 
lies with the small engine running at high tevoluticms. 
observ^ fact that the heat loss from smaU cylinders is relativaly 
greater than that lost fiom large ones running at the same 
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piston speed indicates that the loss due to radiation is smaller 
than that lost by convection and conduction. 

Heat Loss by Convection and Conduction.—When a hot 
fluid (liquid or gas) flows between cold solid boundaries the 
transmission of heat from the fluid to the boundary is a com¬ 
plex process involving processes of convection and conduction 
which are perfectly definite at any point and instant but which 
chnnot, even in theory, be separated in the aggregate effect. At 
any point at any instant there is a flux in a definite direction of 
convected heat proportional to the velocity, temperature and 
specific heat of the gas at the point in question. There is also 
a flux (in possibly a different direction) of conducted heat 
proportional to the temperature gradient and the conductivity 
at that point. At a point of zero temperature gradient the 
flux is purely convective ; at a point of zero velocity (i.e. at 
the boundary) the flux is purely conductive. 

Let a be the co-efiicient of heat transmission, i.e. the flux at 
the boundary divided by the difference in temperature between 
the boundary and the practically uniform temperature near 
the middle of the mass of fluid. The general theory of the 
whole process leads to the equation :— 

aL^,/VL^hN 

k \ V V/ 

in which k, h and v refer to the properties of the fluid (see list of 
symbols, p. 80). L is a characteristic linear dimension and V 
a characteristic velocity. 

In flow through tubes the equation is found to take the form:— 

with n=about 0*8 for air and 0-85 to 1*0 for liquids. 

For flow perpendicular to the outside surface of tubes or 
bundles of tubes, n=about 0*5 to 0*7. 

For applieation to heat flow in engine cylinders we may 
write the equation :— 


oB 

-r-=const. 

k 



in which B=Bore of cylinder and V^piston speed, 
two similar engines, 


....( 8 ) 
Then, for 


o. B. /V, BA" /VA" / \i-» 
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According to the researches of Niisselt and others-n=about 
0*6 ; adopting this value and taking the same piston speed 
for both engines, 

^=r®^« .(9) 

The heat transmission co-efficient is therefore greater for the 
smaUer engine when both run at the same piston speed. The 
percentage (%) of heat lost by convection and conduction will 
vary as the co-efficient of transmission x the cooling surface X 
time of exposure- 7 -the volume of the combustion cbAmber, so 
that, 

(%)i _/5-A* 

(%)* \®*/ *^1 \®i/ 

tti _ . 

= —1= jO‘4 

Oj 

Similarity (but not equality) of heat flow as between two 
similar engines occur when, 

i.e. when ViBi=V,B„ 

V V 


i.c. piston speed inversely as cylinder diameter. If this relation 
holds (see equation 8), 

a,B,=o,B, and .(10) 

a2 V 2 

Then also. 


(%), Bi* 





the same percentage loss in each case. 

Let T be the temperature difference between the gas and 
water sides of the wall and let d be the wall thickness; the 
condition that T should be the same for two similar migines is:— 

d . Of df Bf 

I—ajd], i.e. — 

«i di Bi 

which is the same condition (10) which secures similarity in 
respect of convection and conduction in the gas. 

For example, consider an engine 30' bore by OO* stroke 
running at 100 B.P.M., i.e. a piston speed of 1000 feet per 
minute. A model of this engine to a scale of 1: 6, i.e. 6' bote 
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by 12 * trtioke -would attain the same distribution of temperature 
and temperature stress at a piston speed of 6000 ft./min., which 
ootresponds to 2500 B.P.M. Obviously the principle must not 
be pushed so far that the smaller engine reaches such high 
piston speed that the processes of induction, exhaust, etc., are 
impaired. The principle is chiefly useful as indicating the 
comparative immunity of small engines from heat troubles as 
compared with large engines and the necessity of adopting 
in la^ engines special constructions such as oil cooled pistons, 
etc., to deal with conditions which do not arise in small engines. 

Fluctuating Temperatures.—The general equation of the 
conduction of heat in the interior of a solid body is:— 

8 t \ 8 x*'’‘ 8 y»"'’ 8 z*j 

If T is to remain unaltered when x, y and z are increased r 
times, then t must be increased r‘ times 

, B.P.M., _YB,\« . V,_B, 

■ ■r.p.m.,“\bJ '¥,“61 

The same condition as above for steady temperature distribu¬ 
tion. 

Lubrication of Gyiihdera and Bearings.—^The surfaces of 
pistons and bearings are subject to rapidly fluctuating pressixres 
to which no one simple theory of lubrication is directly appli¬ 
cable. According to the Tower-Beynolds theory of the lubrica¬ 
tion of bearings subject to steady loads, the surfaces are kept 
apart by a wedge-shaped film of oil dragged between the 
su'frwes by relative motion of the surfaces so separated. The 
application of this principle to the case of a Mchel pad in 
wldch the film thichnesses at inlet and outlet bear a fixed ratio 
leads to the result that the pressure per unit area (P) is related 
to the rubbing velocity U, the oil -viscosity n, the film thickness 
h and the linear size L of the pad by the formula:— 

Pssconst. ^^' .(1) 


Comparing two similar bearings with film thicknesses h propor- 
tionfd to L, the condition that P shall be the same for both is, 

U.-L, 


(2) 
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That is, the rubbing speed must be proportional to the linear 
dimensions. 

Putting h oc L in (1) and bearing in mind that V oc nL where 
n—revolutions per minute, equation (1) becomes, 

Pssconst. fta .(3) 

It cem be shewn that (3) applies also to circular and semi- 
circular bearings working with film lubrication. 

Where alternating loads are concerned there is another 
theory of lubrication independent of relative sliding between the 
surfaces. Consider, for example, a piston slapping firom side 
to side in the cylinder clearance which we take to be propor¬ 
tional to the cylinder bore B. Assume also that the clearance 
always remains fiill of oil. The transverse velocity of the piston 
in its clearance varies as Bn ; so also does the velocity with 
which oil is squeezed out in the process. The shear per unit area 
of piston surface due to the squeezing out of the oil varies as 
the velocity and viscosity divided by the film thickness, i.e. 
as ftnB/B, i.e. is fin. The pressure developed is proportional 
to the shear and therefore also varies as /m. Hence, 

P=const. fm as in (3). 

We have therefore the remarkable result that similar engines 
subject to the same pressures and using the same lubricant 
at the same temperature have similar conditions with regard 
to lubrication when they all run at the same revolutions regard¬ 
less of size. This conclusion is vitiated in practice by the fact 
that large engines running at high revolutions develop inertia 
loads which may be, and in fact usually are, more important 
in respect of lubrication, than the loads due to gas pressure. 
Nevertheless it is important to realise that high revolutions 
per se are fiivourable to^ good lubrication, and any unfavour¬ 
able influence on bearings of high revolutions is due to the 
increase of inertia loading and not to the increased velocity of 
rubbing. If two similar engines are run at the same piston 
speed, equation (1) shews that the ratio h/L will be greater 
for. the smaller engine but h absolutely greater for the larger 
ttogine in the ratio VLt/Lj, assuming the same viscosity in 
each case. 

Suppose we have a successful 4 cycle engine say 20* dia. 
X 24' stroke running at 200 R.P.M. and it is desired to design 
a new engine of the same dimensions running at say 400 R.P.M. 
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Conddering inertia pressure only the same film thickness will 
be obtain^ if the moving parts are reduced in weight by one- 
half. Double the heat will now be generated in the bearings 
and correspondingly larger oil coolers will be required. All the 
inertia bearing pressures will be doubled and the most serious 
problem may quite likely be that of preventing cracking of the 
bearing metal, which is a separate consideration. 

Returning to the consideration of similar engines the 
deductions iiom equation (1) may conveniently be summarised 
in a table under the alternative assumptions Ui/U 2 =l, i.e. 
same piston speed and Ui/Ue=L,/L 2 , i.e. same revolutions. 


Condition of Comparison. 

u. 

U, L, 

U, L, 

Film thickness (h) 

k /laj 

F. vl.; 


Intensity of shear (S) oc5 
h 


Si_i 

Total heat generated per unit 
of time Q oc SUL* . 

Qi /LAli 

Q* VlJ 

Qi_/L.V 

Q. VlJ 

Quantity of oil drawn in per 
unit of time 0 oc ULh 

Oi /LAli 

o,“W 

0. w 

Rise of temperature Toc^ . 

T. 

T, 


The interesting conclusion from this table is that the rise 
of temperature of the oil passing through the bearings (assuming 
viscosity constant) is a function of bearing pressure and inde¬ 
pendent of revolutions. 

So far as any individual engine is concerned, inertia pres¬ 
sures vary as the revolutions squared so that increase of revolu¬ 
tion is generally associated with an increase of lubricating oil 
temperature. IWthermore, equation (1) is not strictly applic¬ 
able to journal bearings or piston surfaces. In spite of these 
limitations the table is instructive in suggesting the comparative 
unimportance of rubbing speed and the fundamental import- 
anoe of pressure intensity. 
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The comparison of the intensity of shear shews that of two 
similar engines running at equal piston speeds the smaller 
engine will be subject to greater coefficients of friction and 
will consequently have the lower mechanical efficiency if the 
design is generally similar. 

This conclusion is borne out by actual tests of engines of 
similar design of different size. The lost mean pressure of 
similar engines running at the same piston speed appears to 
vary roughly directly as the cube root of the revolutions. 
The following table shews the results of this rule as applied 
to two pairs of similar four stroke engines. 


Injection. 

Airless. 

Air Blast. 

B=Bore . 

4-0' 1 

20' 

14' 

18' 

S=Stroke 

4-0* ' 

20' 

21'^ 

27' 

n=R.P.M. 

2000 i 

1 

400 

260 

105 

f=lo8t mean pressure 
Ib./in.* . 

1 

i 

34 i 

20 

27* 

26* 

i}P=broke mean 

pressure Ib./in.* 

I 

1 

80 1 

80 

73 

73 

i}=mechanical 

efficiency. 

j 

0-70 1 

1 

0-80 

0-73 

0-76 

Piston 

Aluminium 

Cast iron 

short 

long 


The variation of lost mean pressure with the revolutions of 
one and the same engine is quite another matter discussed in 
Chapter IV. Above certain revolutions depending on the 
area of valves, etc., the lost mean pressure increases rapidly 
with revolutions. 

Mechanical Injection of Fuel.-^With the usual arrangement 
of the so-called jerk pump system the Velocity of the fuel pump 
plunge is nearly constant firam the beginning to the end of the 

* Includes indicated work of compressor. 
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injection period. The opening of the spring loaded injection 
valve is pi-ei-eded by the passage of a pressure wave from the 
pump to the valve and in some instances the pressure wave may 
be reflected from each end of the system more than once before 
the injection valve opens. A similar singe may take place 
after the valve has closed. This process has been studied both 
theoretically and experimentally (see Chapter XX). Funda¬ 
mental factors in the process are the velocity of the fuel in the 
connecting pipe between pump and valve at the pump end at 
the instant at which compression of the fuel begins, and the 
constant velocity of about 5000 ft./sec. with which disturb¬ 
ances in the form of compression and expansion are propagated 
in the pipe. The first of these velocities determines the intensity 
of the pressure wave. 

Apart from such phenomena of wave propagation and 
certain scale effects of fluid friction, it is easily shewn that 
similar hydraulic systems preserve similarity at all speeds and 
that pressures at corresponding points and instants vary as the 
velocity squared independently of size. When the velocities 
concerned are sufficiently high, wave propagation plays an 
important part and the pressure distribution in space and time 
of a given hydraulic system no longer remains similar to itself 
if the speed is altered. 

Comparing two similar systems of different size operating 
with the same velocities, the pressures at corresponding points 
at corresponding instants are the same including all effects of 
wave propagation. This arises as a result of the velocity of 
wave propagation being independent of size. 

We have therefore the important result that similar engines 
running at the same piston speed have the same pressure 
characteristics of the fuel pump system, apart from a small 
correction due to the deviation of firiotion effects firom the 
velocity^ law. The fuel injection system of a 4' cylinder 
running at 2000 B.P.M. presents exactly the same problem as 
a similar 20' cylinder running at 400 R.P.M. provided both can 
be got to work satisfactorily with the same period of injection 
measured in crank-shaft degrees and with the same injection 
pressure. This statement ignores any special difficulties which 
may arise in the manufacture of the parts of the smaller system 
to the required degree of accuracy; also the undesirability of 
making nozzle holes below a certain small diameter and such 
considerations. 
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Consider the injection of fuel into the combustion chambers 
of two similar engines of different sizes each provided with the 
same number of injection orifices of a diameter proportional to 
the cylinder bore. With the same injection pressure in each 
case the conditions of dynamic similarity are satisfied apart from 
effects of viscosity and surface tension if the globules in each 
case have a diameter proportional to the cylinder diameter. 
If the resistance to motion through the gases varies as the 
velocity squared, it can be shewn that the penetration of the 
jets by the time any percentage (say 90%) of the velocity is 
lost, will vary as the diameter of the cylinder, which is a 
necessary condition for equally effective distribution of fuel in 
two similar engines working at the same piston speed. 

If it is further assumed that combustion proceeds at a con¬ 
stant rate per unit of surface of the oil droplets, then the time 
required for any ^rcentage (say 96yo) of the fuel to become 
burnt will vary inversely as the diameter of the droplets, i.e. 
inversely as the cylinder bore. This is the condition for equally 
good combustion in two similar engines running at the same 
piston speed. This is brought out by the subjoined table. 


Combustion of Fuel 

Similar engines running at same piston speed. 


Diameter and R.P.M. 

11 , r 

d=dia. of droplets 

S=dia. of orifices 

di^S. li, 1 
dj" 

S resurface of droplet. 

1 

s, Vi.; 1* 

R ssrate of combustion weight 
per unit time 

Ra^S,__ 1 

R, S,’ r* 

V sBVolume of droplet. 

V. \dj - r* 

tsstime required for com¬ 
bustion of say 96% of 
droplet 

h-Yj. 

W V,/r, r» r n. 
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same % of fuel is consumed in a given crank angle in each 
case. 

The above is admittedly a rough and rather hypothetical 
sketch of the processes involved, but it may be useful as a 
theoretical datum for the comparison of experimental results. 

Condttsions Regarding Similar Engines.—Geometrically 
sin^r engines made of the same materials and running at the 
same piston speed behave similarly in respect of;— 

(1) AU stilesses due to pressure and inertia but not dead 
weight. Vibration stresses are similar in character, but their 
actual intensity may vary somewhat with size on account of 
different degrees of damping. 

(2) Volumetric efficiencies of four stroke engines and 
charging efficiencies of two strpke engines except in so far as 
as these are influenced by smooth pipe friction, heating effects, 
and difficulties associated with fine clearances of small scavenge 
blowers, etc. 

(3) Pressure effects in the fuel S 3 rstem, including wave 
propagation (surging). 

Probably also in respect of:— 

(4) Distribution and combustion of fuel except in so far as 
they are influenced by effects of viscosity and surface tension. 

They behave differently in respect of:— 

(6) Lubrication; large engines tend to have rdaUvdy closer 
contact of rubbing surfaces, but abaolvtdy less close contact 
and lower coefficients of friction than small engines, assuming 
equal viscosity of lubricants. 

(6) Heat flow and temperature stresses; small engines reject 
a sli^tly greater percentage of heat to the water jackets and 
are subject to a correspond^ly higher flux of heat than larger 
engines. Nevertheless their temperature differences and 
temperature stresses are smaller. 

These considerations clearly indicate that strict geometrical 
similarity in design is only justified over a relatively small 
range of size. A few examines are given below of the kind of 
changes which are involved in an increase of scale. 

Large engines require relatively finer running clearances than 
small engines to avoid shook at bearings and pistons and 
lubricating oil coolers are necessary on account of relatively 
less conduction of heat from the bedplate to the foundation. 

They also require relatively stiffer construction of bearings 
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(particularly big ends) to avoid distortion^ since the rubbing 
contact is relatively closer. 

Large engines require more elaborate provision for unequal 
expansion of all parts exposed to flame or combustion products, 
and the pistons require oil or water cooling, whereas small 
pistons maintam a moderate temperature by purq conduction 
from the crown to the skirt and thence to the cylinder walls. 

In small engines effective use can be made of certain high 
tensile heat treated alloy steels which can hardly be used in 
the construction of large engines, not only on the score of 
expense, but on account of fundamental difficulties associated 
with the heat treatment of large forgings. Similar considera¬ 
tions apply with regard to the use of light alloys of aluminium. 

Questions of theoretical point contact of tappets and line 
contact of cams and gear teeth, etc., require more careful 
consideration in large engines than in small on account of the 
relatively greater extrusion of the intervening oil film due to 
the longer duration of pressure. 

Even after allowance has been made for all these and 
analogous considerations it is probably correct to say that 
there is a tendency to over-complication in designing large 
engines. This tendency should be resisted and a careful study 
of small engine designs may help to correct it. 

There appears to be a most promising future for compara¬ 
tively large high revolution engines provided adequate means 
are forthcoming for dealing with inertia and temperature 
stresses. 

Literature.—Johansen, F. C., “ Research in Mechanical 
Engineering by small-scale Apparatus.”—I. Meeh. E., March, 
1929. 

Stanton, T. E., “ The Principle of Similitude in Engineering 
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Boswall, R. 0., “The Theory of Film Lubrication.”— 
Longmans. 

Fishenden, M., and Saunders, 0. A,, “ Heat Transmission.”— 
H.M. Stationery Office, 




CHAPTER VI 


EXHAUST SUCTION ANU SOAVXNOE 

Renewal of the Charge.—In the theoretical study of heat 
engines the charge of working fluid is supposed to remain 
enclosed in a working cylinder and to undergo a cycle of 
physical changes due to the introduction of heat from, and 
discharge of heat to, external sources by conduction through 
the waUs. In actual engines of the internal combustion type 
one constituent of the chuge, viz. the oxygen, takes an active 
part in the chemicid processes which constitute the source of 
energy. In such engines, tlierefore, the air charge must be 
renewed periodically. In all existing types of oil engine the 
charge is renewed as completely as possible for each cyde of 
thermal changes. 

The way in which this is done in four stroke and two stroke 
Diesel Engines has been described in general terms in Chapter I. 
In the present chapter it is proposed to discuss the questions 
of the discharge of exhaust gases and the introduction of a 
new air charge from the quantitative point of view, apart from 
the consideration of the mechanical details, such as valves, 
cams, etc., of which these processes involve the use. 

At the outset it will be necessary to state in a form con 
venient for application, the laws governing the flow of gaseF 
through orifices. 

Flow of Gases through Orifices.—Fig. 27 is intended tc 
represent a chamber containing gas at a pressure and tempera¬ 
ture maintained constant at the values and T^, and from 
which a gaseous stream is issuing through an orifice into the 
surrounding space, which is filled with gas at a constant pressure 
P,. 

In the first instance, it will be supposed that Pj is very much 
greater than Pf. Then, according to the elementary themty of 
the flow of gases, it can be shewn that if the gas composing the 
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stxeam expands adiabatically and all the work done is expended 
in increasing the kinetic energy of the stream, then the velocity 
of the latter will increase as expansion proceeds and attain a 
maximum value given by :— 


V= 

where:— 



i09.5vrrFT^ 


( 1 ) 


, V=maximum velocity of stream in ft./sec. 
g=32*2 ft./sec.* (acceleration due to gravity). 

J =Joules’ equivalent (778 ft. Ib./B.T.U.). 

Kp—Specific heat at constant pressure (for air Kp=‘ 
B.T.U./lb. deg. P.). 

T,=Temperatiu% attaint by the stream after adiabatic 
expansion from Pi to P„ and is given (for air) by:— 




( 2 ) 


In equation (1) the velocity in the chamber is supposed to be 
negligibly small compared with V. For values of Pj up to 


Pt 


Pio. 27. 

70 X144 lb. per sq. ft., P, being atmospheric, equation (1) has 
been found to agree with experiment within two or three per 
cent, which is ample accuracy for our purpose. 

It may, however, be mentioned in passing that experiments 
at high pressures, and particularly with steam, indicate that 
the elementary theory on which equation (1) is based stands 
in need of correctimi. 

It is to be observed that equation (1) is equally valid fat any 
stage of the expansion of the stream, so that if any pressure 
value Pp be selected lying between Pj and P^, then the velocity 
at this stage will be given by equation (1) urith Pp substi¬ 
tuted for Pg. If values of the velocity Vp be calculated 

H 






100 


DIESEL ENGINE RESIGN 


for Taiious values of and the spedfio yolumes oorre* 

sponding to these values, then the ratios ^ will be proportional 

to the areas of the stream at the several stages of expansion. 
On making sueh a calculation it will be found that the area of 
the stream at first contracts and afterwards converges to a 
final value conesponding to the maximum velocity. In other 
woads, the stream has a neck or throat, as ^own in Fig. 27. 
The {uessure P, at the throat is known as the oritioal jneesure, 
and for air is equal to 0*63 P^. 

Furthermore, it is evidmit that if P, is equal to P, 
tingency which was ruled out at the begmning of the disous- 
skm), then the stream will converge to its throat area and 
remain parallel instead of diverging. 

Supposing again that Pt<P«, it is evident that for a given 
size of orifice the discharge will be a maximum if the throat of 
the stream occurs at the orifice, and in this case the discharge 
in lb. per sec. will be given by:— 

Q=AV,W..(3) 

where Q=disohaige in lb. per sec. 

A=area of orifioe—^fb.*. 

V, =throat velocity—^ft./8ec. 

W, =wei{^t in lb. per cub. ft. of the air at the conditions 

of temperature and p.’^essure obtaining at the 
throat. 

So that the discharge is independent of the back pressure P, 
so kmg as Pt<P.. 

On the other hand, there is no guarantee that the throat of 
the stream will coincide with the orifioe in every case, so that 
in general Gie discharge given by equation (3) has to be multi- 
plM by a disduage coefficient less than unity, in ordw to give 
the discharge obeyed by experiment. 

For air and exhaust gases the following figures may be used;— 

Disdiaige coefficimt for sharp-edged orifices or ports—0*66 
„ „ „ mushroom valves . 0*70 

The vdodty calculated from equation (1), multiplied by the 
ap prop ria te coefficient, may conveniently be called ^ apparent 
vekNsity referred to the actual area of the orifioe. 

The Sucrion Str(dKe.r— By way of application of the precedirig 
fiormi^, we may tensider the suction stroke of a Diesel Engine. 
The retimtiiig piston creates a partial vacuum and air passes 
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in fit>m the atmosphere via the inlet valve in oonsequenoe. 
Suppos^ it is desired to limit the pressure differenod'to 1 lb. 
per sq. in., then— 

Pi=14*7xl44 P,=13*7X144 Ti=say 620“ P. abs. 

( 13-7\0-t86 

=609*7“ P. abs. 

And V=109*6v'620—609*7=361 ft./seo. 

Using a coefficient of 0*7 for the value, the apparent velocity 
referred to the valve area is 

361X 0*7=246 ft./8eo. 



Fio. 28. 

If the pressure diffierenoe is to be constant at 1 Ib./in.* then 
the valve and its operating cam must be so designed that 
Instantaneous piston speed (ft./seo.) = Tn8tantaneous valve area 
246 Piston area 

As indicated in Chapter I, it is better to allow the inlet valve 
to open before the inner dead centre, and in order to obtun a 
maviuinm charge of air the valve should not seat until 20“ or 
30“ after the outer dead centre has been passed. 

Pig. 28, which is a curve connecting calculated velocily and 
suction pressure, is the result of repeating Gie above for 
different values of P« on the assumption that 

Pi=14*7 X144 and T|=620“ P. abs. 
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Scavenging of Two Stroke Cylinders.—^Before the scavenge 
air supply is put into communication with the cylinder 
whether by valves or ports, the exhaust slots should have been 
su£Boiently uncovered for the (^linder pressure to have fidlen 
to praotii^y atmospheric pressure. As will be shewn later, 
this takes place with great rapidity owing to the high tempera¬ 
ture of the gases. On this account the introduction of scavenge 
air may be assumed to take place against a pressure differing 
but very slightly from atmospheric. This, however, does not 
apply to the later stage of the process in those valve scavenged 
or controlled port scavenge engines in which scavenge air is 


Back Pressure 15 Lbs./ In? 



forced into the cylinder after the exhaust ports have been 
covered. During this latter stage the cylinder pressure con¬ 
tinually increases until either the scavenge valves (or ports) 
close and cominession begins, or until the cylinder contents 
and the scavenge air supply are in equilibrium. 

The first stage of the process may be dealt with in a similar 
manner to that indicated in the preceding article, and Fig. 29 
shews the calculated throat velocity of the scavenge air plotted 
ag^unst the absolute scavenge pressure, on the assumption that 
the back pressure is 16 lb. per sq. in. abs. and the temperature 
of the scavenge air supply is 130° F. (691° F. abs.), this being 
a good average figure found in practice. 

Before applying the above to a concrete example somd 
observations will be made on port and valve areas. 

If a fiuid flows for a time “ t ” through an orifice of constant 
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area “ A,” with a velocity “ V,” thm the yoliune “ v ” 
discharged is evidently given by:— 

v=V (Axt) 

If on the other hand A is variable, then 

v=V/A-dt 

The quantityy'A'dt known as the time integral of the area 
is readily found by plotting A as ordinate against “ t ” as 
abscissse, as in Fig. 30, which exhibits the opening area of a 
valve from the time it hfts (t—o) to the time it seats. 

The time integral of the valve area for the whole interval is 
the area under the curve. For any other interval from, say, 
t=ti to t=t 2 the time integral of the area is the rnea bound^ 
by curve, the axis of t and the two ordinates which define 



tj and tj. This area is shewn shaded on the diagram for 
particular values of t| and tj. 

It is often convenient to te^e as the unit for “ t ” T^vth sec. 
or sec., or even 1 degree of revolution of the crank-shaft. 

AIro it is very convenient to plot on a “ t ” base a curve 
whose ordinates represent f A-dt from t=o. 

This has been done on Fig. 30. It will be noticed that 
between the instants t=ti and t=t, the value oij A*dt has 
increased by an amount X. The volume discharged between 
these instants would therefore be (X‘V). 

Example of Scavenge Galcolation.—^Data for two stroke 
engine:— 

Bore of cylinder .... 10* 

Stroke.15* 

Revolutions per minute . 300 
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Two scavenge valves 3|' diam., maxiintim lift 1', opening 26° 
before bottom dead centre and closing 60° 'aftw. Lift curve 
hannonic, i.e. the lift plotted on a time base is.a sine curve. 
Exhaust ports occupy 60% of the circumference of the cylinder 
bore and become unoove:^ by the piston 16% before the end 
of the stroke. The connecting rod is 6 cranks long. Fig. 31 
has been drawn to shew the relation between percentage of 



I 

Fio. 31. 


stroke and the number of degrees between the crank position 
and the bottom dead centre. From this diagram it will be seen 
that the ports are uncovered 60° before B.D.C. and covered 
agun 60° after B.D.C. Compression space 7% of the stroke 
volume. Free air capacity of scavenger 60% in elccess of stroke 
volume of impulse cylinders. 


Stroke volume 


•786xl0*xl6 
1728 ■ 


=0-68 ft.» 


Compression spaoe=0’07 xO-68 
Stroke volume+coniptession space 
Volume of scavenge air (at atmot^herio 
. pressure and temperature) delivered 
per cylinder per revolution—0'68 x 1 *6 

Maximum exhaust port area 

0-6XWX 10x0*16x16 
144 

Maximum scavenge valve area 
2xirX3*6xl 


=0*06 

=6*73 

=il02 


=0*296,, 


144 


=0*163 ft.* 
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Intermediate Talaes of the exhaust port and scavenge vahre 
areas have been plotted on a crank angle base on Fq;. 32. 

Number of seconds corresponding to 1 d^jtee of revolution 
of the crank-shaft 

60 1 

=j55Xjjj=ooooM«^, 

In 1%. 32 values of f A*dt for both exhaust and scavenge 
areas have been plottM in accordance with the preceding 
article. Li particular, sinoe the scavenge vidve lift is harmonio, 



the mean area is one-half the maximum, and the fin*! ^ne of 
J A*dt is given by :— 

X 0 000666 X 86®=10-®x 3-61 ft.* secs.. 

And since the port area curve is nearly parabolic the 
maximum value of f A*dt for the ports is given by :— 

0-296 X IX 0-000666 X 100'’=10r»x 10-94 ft.* secs. 

The intermediate values are readily found by planimetering 
the areas tmder the port and valve area curves. 

Scavenge Air Preasnre.— A. first approximation to the value 
of the pressure in the scavenger air pipe required by the condi¬ 
tions of the problem is rea^y obtained, on the assumptiim 
tiiat the scavenge air is delivered against a constant jnessure 
of 16 lb. per sq. in. abs. 

Volume disohaiged a=i*02 ft.* 

/A-dt .... =3-61x10-* 
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Apparent velocity . . —' =283ft./aec. 

Dividing by a discharge coefficient of 0*7 the 
“ calculated ” velocity is 2834-0*7 =405 fb./sec. 

And the corresponding scavenge air pressure firom Fig. 29 
is :-r- 

16*36 lb. per in.* abs. 

This figure cannot, however, be accepted as final, since the 
effect of discharging the excess of air through the exhaust ports 
has been ignored. 

Assume for trial a scavenge pressure of 17 lb. per in.* abs. 
The calculated velocity iix)m Fig. 29 is 498 ft./sec. and the 
apparent velocity:— 

=498x0*7=349 ft./Bec. 


The value of f A*dt which must be attained to fill the stroke 
volume and clearance space (0*73 ft.*) is therefore :— 


0*73 

349 


=2*09x10-* 


4 


This corresponds to point A on Fig. 32, and shews that with 
the assumed scavenge pressure the cylinder would be filled 
with scavenge air at about 21° after the bottom dead centre. 
From this point until the point where the exhaust ports are 
covered thr^ processes are occurring simultaneously, viz.:— 

(1) Scavenge air is escaping out of the exhaust ports. 

(2) Scavenge air is entering the cylinder and raising the 

pressure of its contents. 

(3) The piston is rising and reducing the volume of the 

cylinder contents, at the same time tending to raise 

the pressure. 

The pressure which exists in the cylinder at the instant at 
which the piston covers the ports may conveniently be termed 
the “initial charge pressure,” and will be denoted by P^. 
Now if the value of were equal to the scavenge pressure, 
a probable value for it, the amount of air introduced into the 
<^linder in the interval under consideration would be about 
equal to:— 

Jy A*dt (firom 21° to 60° after B.D.C.) X 349 
(for. valves). 
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From Fig. 32 fk-At for this interval'is l'4xl0'*, so the 
volume introduced is:— 


§ X 1-4 X 10-» X 349=0-326 ft.» 

Adding to this the volume already ihtroduced, viz. 0-73 ft.*, 
we obtain 1-056 ft.*, which is a trme in excess of the required 
quantity. 

The value assumed for the scavenge pressure, viz. 17 Ib./in.* 
abs., therefore, seems to be not far out. 

The precise value of Pj is a matter of considerable im¬ 
portance, as on it depends the value of the charge weight, and, 
consequently, the power capacity of the cylinder. Its pre¬ 
determination, however, appears to be a difficult matter, and 
in practice it is usually adjusted experimentally by advancing 
or retarding the scavenge cam, according as the value of 
found by light spring in^cator diagram is too low or too hi^. 

In the former case an adjustment is easily effected by putting 
a baffling diaphragm in the exhaust pipe. 

The above calculations, however, are a sufficient check on 
the design to ensure the provision of suitable valve or port 
areas. 

The volume (@ 16 Ib./in.* abs.) of scaveng' air lost through 
the exhaust ports is roughly equal to;— 

i/A-dt (from 21° to 60° after B.D.C.)X 498 x 0-66 
(for ports). 

From Fig. 32 f k-6.i for this interval is 2-16 x 10"* ft.* sec., 
so the volume required is:— 

i X 2-16 X 10-* X 498 X 0-66=0-36 ft.* 


So that the air charge is equivalent to (1-02 —0-36) =0-67 ft.* 
@ 16 lb. per sq. in. abs. 

Its actual volume at the point when the piston coven the 
ports is 0-06+(0-86 x 0-68) =0-63 ft.* 
and its pressure is therefore about 


16x0-67 

0-63 


16-2 Ib./in.* 


This figure being 0-8 Ib./in.* below the assumed scavenge 
pressure of 17 Ib./in.* indicates that the latter figure is 
sufficient for the supply of the requisite quantity of air under 
the conditions specific. P| may be expect^ to have a probable 
value of about 16-6 Ib./in.* 
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IfobaiMt of Two Stroke Engines.—As slieady mentioned, 
it is essentiid that the scavenge receiver should not be put into 
oommunioation with the cylinder until tiie contents of the 
latter have fidlen to a pressure almost equal to t^t of the 
scavenge air, by the tdease of the products of combustion, 
tiiron^ the exhaust slots. This process usually tt^ee a period 
of time equivalent to 20 to 30 degrees of revolution of the 
crank-shaft. The calculation of this period is much facilitated 
hy the fact that in the interval considered the port ares is 
inoeasing vray approximately in proportion to the time (see 
Fig. 32). It can easily be shewn that if during an interval from 
tsso to t=sti an rnifioe area increases uniformly with respect to 
time from 0 to Ai and the velocity of efflux also varies uni¬ 
formly with respect to time from Vg to Vj, then the discharge 
is given J)y. m 

Q=-^(V»+iV,) .(1) 

If A represents ft.*, t secs., and V ft./secs. of an incom¬ 
pressible fluid, then Q represents cub. ft. 

If, as in the case we are about to consider, V represents 
lb. per sec. per unit of area, thou Q rejnesents lb. We proceed 
to apply equation (1) to the exhaust period of the two sbrake 
engine spedi^ in the previous artide. 

Exhaust Cakalathm.— Data: Qjrlinder pressure at the point 
at whidi the ports becomiie uncover^, 60 Ib./in.* abs. Tempera¬ 
ture at the same point is equal to:— 

initial charge temperatureX60 670 x 60 

" initial charge pressure —say |g 

=2240" F. 1^. 

Pressure in exhaust pipe, 16 Ib./in.* abs. 

Problem: To find the position of the crank when the 
cylinder pressure has frUen to 18 Ib./in.* abs. 

Assume that the charge has the thermal properties of pure 
air and that the expansion is adiabatic. 

At the instant when the ports first become open the volume 
of the cluage is:— 

0-06-I-0-86 X 0-68=0-63 ft.* 

imd the weight of the charge is:— / 

(60X 144x 0-63) •i-(63-2 x 2240)=0 0466 Ib.^. 

When the (^linder pressure has frlten to 18 Ib./in.* abs. the 
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volume is not certainly known, but wiU not differ much from 
0*06+0-92 x0'68=0’676 ft.*, and its temperature will be :— 

( 18 \ o-SiS 

=1690°P. abs. ^ 

and the charge weight is reduced to 

(18 X 144 X 0-676) (63-2 X1690) =0-0207 lb. 

The weight discharged in the interval is therefore :— 
0-0466-0-0207 =0-0249 lb. 


The next step is to calculate the rate of discharge per unit 
of port area. 

At the higher pressure of 60 Ib./in.* the throat pressure is 
0-63 x 60=31-8 Ib./in.* abs., and the throat temperature is:— 

( 31-8\ *■*•• 

=1870° F. abs. 

The calculated throat velocity is therefore :— 
109-6^2240-1870=2110 ft./sec. 
and the apparent velocity=2100 x 0-66=1366 ft./sec. 

Now the specific volume at the throat is:— 


63-2x1870 
31-8 X 144 


= 21-8 ft.* per lb. 


The rate of discharge is therefore :— 

13G5 

——=62-7 lb. fee sec. per ft.* of port area. 

aX* o 


At the lower pressure of 18 Ib./in.* the throat pressure is 
16 Ib./in.* abs., and the throat temperature is :— 


22401 


/W\ »•*•*_ 

W ” 


n$10° F. abs. 


The calculated throat velocity is therefore :— 

109-6 Vl690—1610=978 ft./sec., 
and the apparent velocity=978 X 0-66=686 ft./sec. 

Now the specific volume at the throat is 

ft.* per lb. 

and the rate of discharge is therefore:— 

®®*=17-1 Ib./sec. per ft.* of port area. 

=1-64 X10-*, 


87-2" 


By ® Aiti=3 x 0 0249-r(17-1-f 31*8) = 

/A. dt.=4 Aiti (approx.)=0*77 X10-* ft.* sec. 
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Alternative Method of Calculation. 

Let:— 

t—time in seconds, counting from the instant when the 
ports begin to be uncovered by the piston. 

Paspressuie of cylinder contents in Ib./ft.* during the 
period considered, so that P varies from 60 x 144 to 
18x144. 

T=temperatuie of cylinder contents deg. F. abs. (variable). 

w=weight in lb. of cylinder contents (variable). 

Alport area in ft.* (variable). 

v=volume in ft.* of cylinder contents (actually varies 
dining the period considered, but treated as constant) 
=0-66 ft.» 

v,=qpeoific volume in ft.*/lb. at the throat of the stream 
issuing from the ports. 

Vs=throat velocity in ft./sec. 

dP 

f(P) -r A=the rate of pressure drop per unit of port area, 


then ~=f(P)xA 

f(P) has now to be calculated. 
P.v=63-2 wT 


r. 63-2 „ 
P=-w.T. 


and 


^^63-2 
dt 


\ dt dt / 

53-2/ dw dX 

V \ dt^ dP-dt) 


so that 


dP 


dt 


63-2 /,pdw\ 

V V dt; 


63-2 „ dw 

—-T-dT 


lu dw .V 
Now jT-—A.- 

dt V. 


Y, 63-2 dT\“/, P dT\ 

"'dp; (*-T dp; 


andsinoeT 




0.*86 


, where and P^ are the initial values 
of T and P, 


dT 0*286 

P,®*» 
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P dT 

id ^•^=0*286 (i.e. constant), 

58 2jV 

Values of f(P) are easily calculated for evenly spaced values 

of P and the integration of j can be effected by Simpson’s 
rule. '*(*) 

The table on page 112 shews the application of this method 
to the example of the preceding article. 

Po=60 Ib./in.* abs. To=2240° F. abs. V =!0*65 ft.* 

For convenience P has been expressed in Ib./in.*, instead of 
Ib./ft.*, so that a factor of 144 is required. Since the interval 
between successive values of P is 10*6 Ib./in.*, we have:— 

/*. ,^ dP 10*6x144x9618x10^ 

yAdt=^pj=-5- 

=0*486 X10-* 

Dividing-by the discharge coefficient 0*66 the required value 
of f A*dt is:— 

-- ^ - ^^— =0*74 ft.* sec. -f-1000 
0*66 


=0*74 ft.* sec.-f-1000 


which agrees with the value obtained previously within about 

The value of the discharge coefficient (0*66) has been found 
by comparing the results of calculations similar to the above 
with the information afforded by Ught spring indicator cards. 
It is also in good agreement with experiments on the flow of 
gases through sharp-edged orifices. It is by no means eaqr> 
however, to obtain light spring indicajbor diagrams which 
are at all reliable with an ordinary indicator. The fall of 
pressure is so rapid that the shape of the card is distorted 
by very little indioator stickiness, and oscillations are almost 
inevitable. 

With care the latter may be approximately allowed for, 
but cards shewing appreciable indioator stiddness must be 
rejected. These troubles may be largely eliminated by using 
an opti^ indioator, which is prahaps the only instrument 
well adapted to tins dass of investigation. , 
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Fig. 33 shews a light spring diagram taken fi»m a two stroke 
Diesel Engine with an ordin^ indicator iii good order. 



Port Scavenging.—the lO'xlS' engine referred to in 
the preceding articles is required to run at 600 R.P.M. instead 
of 300 B.P.M., it can easily be seen from Fig. 32 that the crank 
angle required for the cylinder pressure to drop to 18 Ib./in.* 
is inoreas^ from 18° to about 26°. This is not a serious maiW; 
but with the scavei^ valves specified the scavenge pressure 
would rise to about 12 Ib./in.*, thus throwing a heavy load 
on the Bcavmige pump and seriously reducing the mechanical 
effidehcy. By fitting four valves instead of two the pressure 
could be greatly reduced, but it would not be easy to find space 
for four valves of the size given. 

The conditions of the problem are better met by releasing 
the exhaust through the valves and admitting scavenge air 
through the ports. In this case the ports would have a height 
equal to about 10% of the stroke, opening and dosing about 
40° before and after bottom dead centre. The exhaust valve 
would begin to open about 70° before bottom dead centre, 
giving 30° for exhaust evacuation before the scavenge ports 
begin to be uncovered. The total value of JA-dt for the 
ports (@600 B.P.M.)=2-4 and the theoretical velodty is 
therefwe, 

1*02 X10*-r2-4=430 ft./seo. 

If the ports are streamlined the ooeffident of discharge will 
be high, say 0-9, giving a throat vdodty=480 ft./seo. oomB-. 
ponding to a pressure difference of about 2-0 Ib./in.*. H the 
exhaust valve and the scavenge ports dose simultaneously 
pressure will build up during the scavenge period leaving tiie 
cylinder sl^tly supercharg^. A probable scavenge loessnm 
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ui 6 to 6 lb./in.‘ above atmospheric but the exact value is 
difficult to determine accurately by calculation as it is 
influenced by ejector action of the exhaust in passing through 
the valve and also possibly by resonance effects in the exhaust 
inpe. 

The two methods so &r described are examples of uniflow 
scavenge. Other examples are the opposed piston arrangement 
in which one piston controls the exhaust ports and the other 
the scavenge ports, and a sleeve valve control with scavenge 
and exhaust ports at opposite ends of the cylinder. Well 
designed uniflow scavenge engines have the advantage of 
practically complete evacuation of the exhaust products and 
are therefore able to develop high mean pressures. 

Loop Scavenge.—^This term is applied to scavenge systems 
in which exhaust is released and air admitted, through ports 
arranged at one end of the cylinder (see p. 12). If the ports 
are uncontrolled by valves of any kind the exhaust ports must 
be uncovered before the air ports and are consequently covered 
again on the return stroke after the air ports. There is, there¬ 
fore, a relatively great loss of effective stroke, and no oppor¬ 
tunity for supercharging unless the exhaust is throttled in 
some way. Furthermore, the proximity of air and exhaust 
ports and the looped shape of the stream lines connecting 
them lead to unavoidable mixing of air and exhaust products. 

The charging efficiency of a two stroke cylinder has be«i 
worked out by the late Prof. Bertram Hopkinson on the assump¬ 
tion of complete mixing at each stage with the following 
results: 


Volume of air introduced 
-r volume of e^linder 

1-2 

1-4 

1'6 

1-8 

% of cylinder volume filled with 
pore air. 

70 

76 

80 

84 


lil^th carefully developed designs the assumption of complete 
mixing no doubt errs on the side of pessimism and better 
results than the above are obtainable. 

The charging efficiency with loop scavenge can be improved 
by vidve control of the i^t ports or the exhaust pests or both. 
By tills means the compression is enable to be^ earlier and 
supaebaiging is possible. 
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The following table shews approximately the relative 
capacities of three systems assuming an excess air ratio of 
1-4 and a scavenge pressure of 2 Ib./in.* in each case. 




Uniflow 

Scavenge. 

Plain 

Loop 

Scavenge. 

Loop 

Scavenge 

with 

controlled 
air ports. 

1 

Compression stroke % of full 
stroke .... 

90 

76 

73 

2 

Combustion space % of stroke 
volume .... 

8 

8 

8 

3 

1+2. 

98 

84 

81 

4 

Scavenge efficiency 

0 95 

0-86 

0-85 

5 

Pressure at begin, of compres¬ 
sion in atmospheres . 

105 

10 . 

114 

6 

3x4x5 figure of merit 

98 

72 

79 


The last line (6) shews the relative capability of producing 
indicated mean pressure under the assumed conditions. The 
figure of merit for the uniflow engine assumes that the air and 
exhaust ports or valves close simultaneously pn the upstroke. 
If the exhaust remains open appreciably after the inlet the 
figure of merit is reduced by about 5% to 10%. The figures 
for loop scavenge assume a free exhaust. They can be increased 
by throttling the exhaust by timed valves. In all cases the 
pressure at the beginning of compression may be subject to 
effects of surging in the exhaust pipe (exhaust resonance) the 
result of which may be favourable or unfavourable. 

Exhaust Interference and Resonance.—Since the process of 
exhaust and scavenge occupies about 120^ of crank rotation, 
the exhaust of one cylinder is liable to interfere with the 
scavenge of another if more than three cylinders exhaust into 
the same manffold. The effect of this interference may be 
minimised by using a manifold of large volume and/or by 
shielding the exhaust outlet of each cylinder from the effect 
of the flow caused by the others. By suitable design of exhaust 
pipes and expansion chambers, the effects of interference may 
be used to increase chaiging efficiency. The effects aimed at 
are as follows: 

(a) Minimum pressure (subatmospheric) in the exhaust 
manifold during the middle period of the scavenge of each 

I 
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t^linder to fiunlitate entry of air into the cylinder and evaooa- 
tkm of exhaoBt. 

(b) Hi(^ pressure (above atmospheric) in the exhaust 
manifold at the point of closing of the air or exhaust ports 
(whidiever doses latest). 

Consider for simplidty a single cylinder engine with exhaust 
evening 70** before B.D.C.; the rush of exlmust gas through 
the ports initiates a pressure wave which travels dong the 
exhaust p^ie with a speed of about 1600 ft./sec. On reaching 
die expansion ohambw the wave is reflected as a pulse of 
negative joessure with the same speed. The condition for this 
wave of raie&otaon to reach the cylinder 20** before B.D.C. 
is as follows:— 

(70*’-20*‘)x 60X1600 
360xn 

where L=length of pipe. 
n=BB.P.M., 


-=2L. 


fiom which ft. 


.( 1 ) 


After a further period of 60** of crank-shaft rotation the wave 
returns once more as a pulse of positive pressure beginning 30° 
after* B.D.C. and reaching a maximum value 30°-f26=66° 
after B.D.C., coindding foirly well with the beginning of com- 
I»eesi<m. Naturally the precise constant in equation (1) above 
is to be found by experiment. If there are three cylinders 
exhausting into the same pipe the return of the positive 
pressure wave may be made to coindde with the beginning of 
the preesure wave doe to the release of exhaust from a neigh¬ 
bouring cylinder. Similar results are obtainable with four 
and five (flinders with a shorter diuation of the negative 
pressure period. Larger numbers of cylinders can be dealt 
with on the same lines % using two or more manifolds. Arrange¬ 
ments of this kind have been patented by Burmeister & Wain 
and extensively used on the S.A. and D.A. B. A W. type 
two stroke engines. 

Similar prindples appear to be involved in the system 
described by Mr. Pettmr, whereby a two stroke cylinder is 
changed without the use of a scavenge pump of any ^d. 

Optimum Port He^t.—^If the scavenge ports have in¬ 
sufficient height an undue loss is incurred in the scavenge 
pump. If too high, an excessive fraction of the effsetive stroke 
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is lost. Let h=height of Boavenge ports expxeosed as a fraction 
of the sixoke. The loss of potential indicated mean pressure 
due to shortening of the compression stroke is about 100 h 
Ib./in.*. If p is the drop of pressure through the scavenge 
ports the lost mean pressure due to this is about 2 p. Now 
the yi^'dt for the scavenge ports varies approximately as h* 
and the scavenge pressure varies inversely as the square of 
f A*dt, hence:— 

c 

P=54 

where c varies as the square of the revolutions. 

Regarding h as variable the brake mean pressure will be a 
maximum when, 



8p=100h 

p=12-6h 


For example, if h=0'l and p=3 Ib./in.* the formula indicates 
that a better result would be obtained by<-heightening the 
ports. The total loss of potential mean pressure is:— 

(0-lXl00)+(2x3)=16. 

lucceasing h to 0'12, p drops to 3-^l‘2*=l‘44 Ib./in.*, which 
nearly verifies the formula. The total loss is now 

(0 12 X100)+(2 X1-44)=16 

shewing a gain of about 1% in brake mean pressure and about 
2% in mechanical efficdeui^. 

The pressure drop p through the scavenge ports is not to be 
confused with the toUd scavenge pressure which may be 1} to 3 
times as much depending on the areas of exhaust ports or 
valves. 

Air Reaiatance la Ptpeworic^Lidaotian and exhaust qrstems 
should be bheoked fiir resistanoe since excessive resistanoe 
is prejudicial to perfrarmance of both'four and two stroke 
engines. In a four stroke engine the resistances of induotioii 
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and exhaust systems should preferably not exoeed 6' and 16' 
of water respectively. With exhaust turbo blowers the 
resistance of the exhaust systems beyond the blower should 
be eten lower, say 8' or less. 

A simple way of dealing with exhaust resistances is to work 
out the velocities and resistances as for air @ 60° F. and then 
increase the resistances so fotmd in the ratio, 

Absolute temperature of gas (F. scale). 

__ 

The velocity head varies as the (velocity)* and for 100 
ft./sec.=2-28 in. of water for air @ 60° F. 

Resistance roughly equal to the velocity head is encountered 
at every sharp right angled turn, or sudden enlargement of 
path, and in each 30 diameters of straight circular pipe. In 
estimating velocities at points of constriction suitable con¬ 
traction coefficients must be used, e.g. 0-6 for a sharp-edged 
orifice, 0-8 for a passage with a sharp obstruction one side and 
a waU parallel to the fiow on the other, 0*98 for a good bell 
mouth orifice, and so forth. 
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CHAPTER VII 


SUFBBOHABGma 

Supercharging of Four Stroke Diesel Engines..—^The mean 
indicated pressure which it is prudent to use in Diesel Engines 
under service conditions is limited by considerations of: 

(1) The limiting mean pressure at which practically perfect 

combustion is obtainable. Poor combustion meuis 
not only poor economy but also results in stuck piston 
rings, defective lubrication of liners, and other evils. 
Consequently a substantial margin should be allowed 
between the limiting mean pressure referred to above 
and the actual mean pressure used in service. 

(2) Temperature stresses. 

(3) Overheating of liner surfaces, valves, etc. By supplying 

air to the cylinder at a pressure above atmospherii^ 
the weight of air retained in the cylinder at each oyda 
may be augmented, and consequently the working 
mean pressure may be increased without encroaching 
on the margin of safety referred to under (1), 

Consider a normal four stroke Diesel Engine working at a 
M.I.P. of 100 Ib./in.* for example. If the iriet valves be con¬ 
nected to an air receiver maintained by a blower at a pressure 
of 1*2 atmpspheres absolute, and if the exhaust v^ves be 
connected to a receiver with an outlet throttled so as to main¬ 
tain a back pressure of 1*2 atmospheres absolute, then the 
charge weight and compression pressure will both be increased 
20% as compared witii the normal engine. Also, if 20% more 
fuel be injected per cycle, the mean pressure will be 20% 
above homud, i.e. 120 Ib./in.*, and all the pressures of tito 
cycle will be 20% above normal. Since, however, the propor-' 
tion of fuel to iw is normal, aU temperatures throughout tiie 
cycle wfll be the same as in a normal engine. 

It does not follow that the wall temperatures and temperature 
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stresses will be normal. On the contrary, they will in 
general be higher unless a surplus of air is passed through for 
cooling purposes.) Heat flow on account of gas radiation in¬ 
creases with density according to the power 0*5 approximately. 
Heat flow due to convection increases with density according 
to a power 0*6 to 0*8 according to circumstances. The two 
eflBects together may be taken to vary with density according 
to the power 0*6 about. The effect of supercharging 20% may 
therefore be expected to increase heat^flow to jackets about 
12% and temperature stresses by the same amount. Since 
the percentage increase of heat flow (as compared with a 
normal engine) is less than the x)ercentage increase of power, 
the efficiency will be higher if the power required to drive 
the blower be disr^rded. The latter consideratipn is not ir¬ 
relevant as the er^ust gases in our hypothetical example 
being 20% above atmospheric in pressure, may be made to 
drive an exhaust turbine and the power obtainable in this way 
is theoretically much in excess of that required to drive the 
blower. A simple calculation shews that the turbine can drive 
the blower if the combined efficiency of turbine and blower 
exceeds about 46%. It is sufficient therefore if each unit has 
an efficienoy of 67% approximately. 

The system outlined above was first applied by Rateau to 
Aircraft Petrol Engines, and a similar scheme has been applied 
to Diesel Engines, notably by Biichi. The following calculations 
illustrate the principles. 

Four Stroke Diesel Eroines. 

20% Supercharging by Turbo blower. 


Normal engine. 

Heat equivalent of. 

B.H.P. . 

Jacket heat 

. 33% 

* 25% 

33-|-20%=39*i 1 

25-|-12%=28*0 1 

1 

Supercharged 

engine. 

1 33J% 

1 -4- 24% 

[ 118 == 

Exhaust, etc. 
Radiation 

}42% 

42-i-20%=60*i 

1 m% 

Total 

. 100% 

118*0 

100% 


If the engine is allowed to exhaust to atmosphere direct, 
instead of through a turbine, there will be a gain of mean 
indicated pressure of about 0*2 x 14*7—3 Ib./in.*, and the brake 
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thennal effidenoy becomes 33ixl03-rl00=34i%, as com- 
pared with 33% for the normal engine, i.e. a of 4|%, 
taking 33% as unity. Against this must be set the power 
required to drive the fan or blower electrically or otherwise, 
and this just about balances the account'again. It seems, 
therefore, that no improvement in overall efficimqy is to be 
expected with supercharging by separately driven fans. If 
the mean pressure of an engine is limited by considerations of 
combustion or exhaust temperature, but yet has a margin on 
the score of temperature stresses, then supercharging is a 
convenient means of safely augmenting the mean pressure. 
If temperature stresses are the limiting consideration, then it 
appears from the above reasoning that 20% supercharging 
warrants an increase of mean pressure not exceeding about 
8% above normal, arrived at as follows:— 

Normal Engine. Sufbboharoed Enqinb. 

(Sum jadwt beat 
M noraoMil mgBOB.) 

. 33 add 20%=39-6 . 35*5 

. 26 add 12%=28-0 . 26-0 

(36-6-33)-^ 33=7-6% 

A series of experiments carried out by the M.A.N. support 
this conclusion. A normal engine developing 80 B.H.P. 
developed with supercharge of 36% a B.H.P. of 89 for the 
same flow of jacket heat as the normal engine, i.e. a power 
increase of 12% for 36% supercharge for equal heat flow. H 
a large excess of air is passed through the engine the jacket 
heat can naturally be reduced materially but at the expense of 
fan power. 

In the Buohi system of exhaust turbo-charging the blower 
supplies a considerable excess of air mid the inlet and ediaust 
valve openings are arranged with a large overlap at the top 
dead centre. Furthermore the piping between the exhaust 
valves and the exhaust turbine is arranj^ in sndi a way that 
pulsations of pressure are set up which result in the exhaust 
l^k pressure being appreciably tower than the scavenge 
pressure during the period of overlap. This joeesuie differenoe 
causes a flow of air from the inlet valve into the cylinder and 
out of the exhaust valve, thus clearing out residual exhaust 
gases and providing internal cooling just where it is most 


Heat equivalent of 

B.H.P. 
Jacket heat 
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needed, viz. at the oentre of the cylinder cover between the 
inlet and ezharust valves and at the centre of the piston. 

Exhaust Turbine Blower Combination.—Reverting to the 
20% supercharged engine with exhaust turbine driven blower, 
let the exhaust temperature be 760° F., i.e. 760 +461=1211° F. 
abs., then the temperature after adiabatic expansion to atmos¬ 
pheric pressure 

=1211+1-2^* ‘ *^=1161° F. abs. 

The available heat drop is then 

(1211-1161) x0-24=14-4 B.T.U./lb. 

If the scavenge air at atmospheric pressure has a tempera¬ 
ture of 60° F., i.e. 621° F. abs., then the temperature after 
adiabatic compression to 1*2 atmospheres :— 

=621X 1-2^* ^ *^=648° F. abs. 

The thermal equivalent of the work required to compress and 
deliver is then :— 

(648- 621) x0-24=6-6 B.T.U./lb. 

In order that the turbine may be capable of driving the 
blower, the combined efficiency must, on the above assumptions, 
be not less than 



Actually the exhaust flow exceeds the inlet flow on accoimt 
of added fuel and blast air (if any), and the specific heat of the 
exhaust gas is higher than that of the scavenge air. On the 
other hand, the ratio of specific heats is somewhat less than 
1*4 for exhaust gas. The above calculations are easily amended 
for different values of the constants and for different conditions 
of pressure and temperature. For example, consider a case of 
100% superchaige, and take:— 

Exhaust tmnperature.760° F.=1211° F. abs. 

y=ratio of specific heatB=l*3 for exhaust. 

Specifio heat at constant pressure=0*28 for exhaust. 

■ Exhaust discharge wt.=l‘12 inlet wt. on accoimt of 
fbel and air bl^. 

Air temperature=60° F.=621° F. abs. y=l‘4. 
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Then exhaust temperature after adiabatic, expansion, 

o-s) 

=1211-j-2 0 ' *'^=1034° F. abs. 

The available heat drop, 

=M2 (1211-1034) x0-28=66-6 B.T.U. per lb. of inlet air. 
Air temperature after adiabatic compression, 

=621X 2-0 =636“ F. abs. 


Heat equivalent of work to compress and deliver, 
=(636-621) X 0-24=27-4 B.T.U ./lb. 
Minimum efficiency required of turbine blower unit. 


27-4 

66-6 


= 491 % 


This is satisfied by turbine and blower each having an 
efficiency of 70%. This is readily obtainable with careful 
design. Arrangements are possible in which the exhaust 
pressure is lower than the scavenge pressure. With a given 
engine running at a fixed speed against a steady load and with 
fixed adjustments of exhaust turbine and bloy^er, the exhaust 
temperature and pressure, also the scavenge pressure, adjust 
themselves to stable values. The designer’s problem is so to 
proportion the turbine and blower that these stable values 
correspond to conditions of maximum efficiency of the turbine 
blower unit and give a minimum exhaust temperature. 

Four stroke engines supercharged on the Biichi system of 
exhaust turbo-charging commonly develop a mean indicated 
pressure of about 126 Ib./in.* with a mean scavenge pressure 
of 6 Ib./in.* at full load. Overloads up to 160 Ib./in.* can be 
obtained with very little increase of exhaust temperature. The 
system works as well (if not better) with airless injection as 
wifb air injection. 

The most excellent results on this system have been obtained 
with 6 or 12 cylinder engines. Multiple exhaust manifolds are 
used, one manifold for every 3 cylinders. The cylinders 
connected to any one manifold are so chosen that the first 
rush of exhaust from any one cylinder does not interfere with 
the scavenge process of any other cylinder connected to the 
same manifold. Similar arrangements are made for otiier 
numbers of qylindms. . 
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Fig. 34 shews results obtained from a large 6 cylinder 
engine supercharged on the Biichi system. Fig. 35 gives on a 
time base the fluctuations of pressure in the scavenge and 
exhaust manifolds. 



Steam Driven Blower.—^It has also been pro^KMed to drive 
the blower by a turbine fed with steam raised in an exhaust 
heated boiler. Consider an 'engine exhausting to atmosphere 
at 760^ F. through a boiler at 100 Ib./in.* (steam temperature 
838" F.) in which the gases fall to 400" F. The heat available 
for evaporation, 

=1*12x 0*28 (750—400)=110 B.T.U. per lb. of inlet air. 
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Assuming a boiler efficiency of 80% and feed temperature of 
100® P., this corresponds to an evaporation of about 0-079 lb. 
per lb. of inlet air. The adiabatic heat drop per lb. of steam 



Fxo. 30. 


from 100 lb. saturated to a vacuum of 26''=270 B.T.U. So the 
available heat drop per lb. of inlet air is 

270 X 0-079=21-4 B.T.U. 

which is sufficient to give a sup^charge of about 20% with an 
overall turbine-with-blower efficiency of 30%. 
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An advantage of this arrangement is that the exhaust fired 
boiler could be arranged to give practically no back pressure, 
so that a substantial gain in efficiency, amounting in this case 
to about 2%, should accrue on this account. 

The preceding calculations assume that the exhaust tempera¬ 
ture has approximately “ normal ” value. If an excess of air 
is passed through the cylinder for cooling purposes the exhaust 
temperatiure is thereby reduced and relatively less heat is 
recoverable. 

A further variation would be the use of a waste heat back 
pressure exhaust fired boiler discharging through an exhaust 
turbine. . 

Engine Driven Blowers.—Several arrangements of engine 
driven blowers have been successfully used for supercharging 
four stroke engines, viz.:— 

(a) Reciprocating blowers with automatic suction and 
discharge valves; these blowers are quite similar to the 
scavenge blowers fitted to many two stroke engines. 

(b) ^ntrifugal blowers connect^ to the crank-shaft through 
a chain of gears; this arrangement follows previous practice 
in connection with petrol aircraft engines. The disadvantages 
of this system are concerned chiefly with the gearing. It seems 
to be necessary to provide slipping clutches to avoid high 
inertia stresses at starting or stopping, and the gearing is 
liable to be expensive and noisy. 

(c) Blowers of the Rotary displacement type driven through 
gearing at two or three times engine speed ; there are numerous 
types of such blowers, many of them based on the general 
Roots type long familiar in connection with foundry plant. 
The blowers themselves require little or no lubrication as the 
working elements have a fine but definite mechanical clearance. 
The gearing problem is much less acute than with system (b) 
on account of the lower gearing ratio (see Fig. 37). 

(d) Using the undei-side of the pistons (crosshead engines) 
as blower cylinders ; this system was first used extensively on 
Werkspoor engines. The underside of the cylinder is boxed 
in and provid^ with automatic inlet and discharge valves. 

Since there is a pumping stroke every revolution and an 
engine induction stroke every second revolution only, the 
volumetric efficiency of the underside of the piston in its 
capacity as a pump only needs to be 75% in order to provide 
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a 60% excess of air for supercharging and scavenging. Apart 

from the indicated power of the pumping action, there ate no 

mechanical losses associated with the system. If the mean 

scavenge pressure is 6 Ib./in.® and the average m.i.p. of the 

scavenge pumping diagrams is 5^ lb./in.‘ the nett increase of 

lost mean pressure due to the pumping and scavenging action 

IS about ^ tt 

2 X 5i—5=5-5 lb./in.2. 


It is important to fit large valves and passages to reduce 
the m.i.p. of the pumping action to a minimum in comparison 
with the mean scavenge pressure. This remark applies to all 
engine driven scavenge blowers. 

The “ Topping-up ” System.—Some of the Burmeister & 
Wain four stroke engines have been fitted with special inlet 
valves provided with multiport piston valves connected to the 
valve stems and controlling two sources of air supply, viz. a 
suction pipe to atmosphere and a connection to a pressure 
manifold charged by an engine driven blower of rotary type. 
Towards the end of the exhaust stroke and whilst the exhaust 
valve is still open, the inlet valve lifts and admits air firom 
the pressure manifold. This air clears out the residual exhaust 
gases and cools the centre of the piston and cover. Some 
degrees after top dead centre the exhaust valve closes, and the 
further opening of the inlet valve cuts off communication with 
the scavenge manifold and establishes communication with 
the atmosphere. During most of the induction stroke air is 
drawn into the cylinder in the usual way. In the neighbour¬ 
hood of bottom dead centre, as the inlet valve approaches its 
seat once more, the process is reversed and the cylinder is put 
into communication with the scavenge manifold, and when the 
inlet valve finally seats, the cylinder starts-compression with a 
charge at approximately the pressure of the scavenge air. With 
this arrangement the engine driven blower is only called upon 
to deliver about one-half of the total quantity of air which 
passes into the cylinder. On the other hand, the negative loop 
of the cylinder indicator diagram is not appreciably reduced 
by the scavenge pressure. If the blower efficiency is 70% and 
the scavenge pressure 5 Ib./in.* the lost mean pressure due to the 
pumping action is about 0*76 x 4*4-r 0-7 =4'7 Ib./in.*. 

Comparison of Systems.—^Assuming in all cases a scavenge 
pressure of 6 Ib./in.*, an air fiow of 1'5 times the swept cylinder 
volume, and a blower efficiency of 70% for dix^ drii^ 
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blowers, an indicated mean pressure of 120 Ib./in.* and a lost 
mean preraure of 16 Ib./in.* (airless injection engines) covering 
losses not associated with supercharging, the relative mechanical 
efficiencies work out as follows:— 


Syitem. 

Loss 

due 

to 

blower 

Ib./in. 

Gain 
lb./m.» 
due to 
excess 
of 

scavenge 

pressure 

over 

exhaust. 

Nett 

loss. 

or 

gain 

+ 

Total 
lost mean 
pressure 
Ib./in. 

Mechanical 

efficiency. 

Direct driven 
blower deliver¬ 
ing full quantity 
of air, includ¬ 
ing as special 
case the use of 
under sides of 
pistons as sca¬ 
venge blowers 

i 

9-4 

60 


20*4 

•83 

“ Topping up ” 
system blower 
<felivery half 
full quantity of 
air 

1 


1 


•83 

Biichi exhaust 
turbo charging 
system . 


10 

-l-l-O 

160 

•876 


Efficiency of Reciprocating Blowers.—^The efficiencies of a 
blower are required to be known in mder to determine the size 
for a given duty and the power absorbed. 

The mechanical friction losses are small and difficult to 
determine accurately; they are jnobably covered by a lost 
mean'^pcessnie refen^ to the main engine cylinder of 1 Ib./in.* 
or less. 

The remainder of the article will be conoemed with the 
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voliunetrio efficiency and the indicated efficiency as defined 
under. 


Let, 


X =Excess air coefficient, that is, the ratio of the volume 
of firee air at atmospheric temperature actually 
delivered per cycle to the volume swept by the main 
engine pistons per cycle (two stroke engines) or half 
this volume (four stroke engines). 

p,=Scavenge j>re8sure in receiver. 

Pt=Theoreticsl mean pressure of blower diagram. 

Ps=Actual mean pressure of blower diagram. 

Pi,=“ Lost mean pressure ” due to blower, referred to the 
main engine pistons. 

i}v=Volumetric efficiency of blower, i.e. the ratio of 
volume of free air at atmospheric temperature 
actually delivered to the swept volume of the 
blower. 

)}i=Indicated efficiency of blower, i.e. the ratio of the 
theoretical indicated work to the actual indicated 
work required to deliver a given volume of free air. 


Then, 

Pi,=Xpt^i?i=Xp,-^-ij, 

Pt_P. 

Vi ’Iv. 


( 1 ) 

( 2 ) 


^^Pt_Pt Pi 

Vv P» Pi P« 


Values of p„ pt and pi/p* are tabulated under:— 


Scavenge preamire 

2 

3 

j 

1 

B 

3 

7 

. ! . 

1 

10 


m 



4-38 

5*10 

6*76 

1 

1 

6-42 i 710 

7*55 

P»^Pt 
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118 

1*22 

1*25 1*28 

1*32 


The amount by which the volumetric effidoucy difi^ 
from unity depends primarily on the delivery pressure and ilw 
percentage clearance volume; also upon the piston speed imd 
the ratio of valve area to pist^ area. It is also affect^ by the 
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heating effect of the cylinder walls (which depends on the 
delivery pressure), and leakage past the piston. 

The ratio Pt/Pa depends chiefly on the resistance to flow, or 
windage, through the valves. The difference Pa-Pt varies 
approximately as square of the air speed through the valves 
plus a constant due to the weight and stickiness of the valves. 
For any given compressor or any series of geometrically similar 
compressors the difference Pa~Pt varies approximately as the 
piston speed (V) squared. Accordingly p^/p^ and therefore by 

{^)Vihr functions mainly of V/\/Pt» which we therefore 
adopt as the most convenient criterion. 

We may illustrate this point with reference to data obtained 
from the blower of a two stroke engine as follows :— 

Diameter . . 62"" \ 

Stroke . . 41'" (of blower. 

Max. R.P.M. about 100 ) 
















1 . 











\ 

\ 



























— . 








o uo Uq MPOIMO 

Vtmn Spud/ 

Fig, 36. 


At 100 B.P.M. the mean indicated pressure p^^ was 4*3 
Ib./in.^ when pumping against a delivery pressure pg of 2*25 
Ib./in.^ The corresponding value of pt^2*12 Ib./in., so that 
The volumetric efficiency as deuced in 
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Torious ways was high, probably about 0*96; adopting this 
value 111 becomes 0*46. 

The values of p. oortesponding to various values of p, and 
the! rovolutions are approximately consistent with, 

P*=P»+0-3+l-9 (R.P.M./100)* 

=Pt-i-0*3-|-l*9 (piston speed/686)* 

From whichE* = — v - . * - 

p^j j ^ 0*3+1*9 (piston speed/686)* 

Pt 

The adjoining diagram, Fig. 36, shows plotted against 
piston speed (ft./min.)-rVPt> for three values of p^. Apart 
from the constant term 0*3 the three curves would coindde 
thus justifying the choice of the criterion piston speed 
For any given value of this criterion rjjri^ increases with p^, but 
since i}, decreases with ptr does not vary so much as i},/i}, 
and remains nearly constant. 

When a four stroke or two stroke engine is charged by a direct 
driven blower the air pressure varies nearly as the ^.P.M.)* 
so that piston speed-rv^ remains nearly constant and the 
blower efficiency does not change greatly with R.P.M. 

The slope of the curves shown in Fig. 36 would be reduced if 
the ratio of valve area to piston area were increased. 
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If the blower referred to above were used to supwohaige 
a four stroke engine nmning at 100 R.P.M. with a scavenge 
pressure of 6 Ib./in.* and an excess air coefficient Xs=l*6,_^ 
value of Pt would be 4*38 Ib./in.* and the piston qpeed*^ VPt* 
68li-i-y/t^ss32S. From Fig. 36, i}|/i},ss0*64. Taking 


K 
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0*9, ^ becomes 0*68 and the lost mean pcessuxe firom (1) 

4*38 x 1*5-^0*58=11*S Ib./in.* 

(Compare iirith table, p. 128.) 

EfBdenqr of Positive Rotary Blowers.—most types of 
positive rotary blowers induding the well-known Boots tjrpe, 
see Fig. 37, a certain volume Ci is carried round in each 
revolution ^m suction to discharge and a smaller volume Cg 
from discharge to suction. The quantity (Ci-Cg) may be 
regarded as the swept volume of the blower. Neglecting all 
leakage or other losses, the theoretical volumetric effioien<^ 
IS then, 0_^20 

C,-C,* 

where ECg is the volume of Cg after adiabatic expansion from the 
discharge pressure p, to atmospheric pressure. On this theo¬ 
retical basis the annexed table gives vtdues of corresponding 
to various ddivery pressures and values of Cg/C|. 


Delivery PreMuxe 

Pb Ib./in.* 

2 

B 

6 

1 

8 

10 

E 


1-203 

1-300 

1-398 

1-489 

ijgt for Cg (*04 . 

•996 

•992 

•988 

•984 

•980 

—= i *08 . 

•992 

•984 

•976 

•968 

•960 

C, 1*12 . 

•988 

•976 

•964 

•962 

•940 


The actual volumetric efficiency is less than this on account 
of leakage which varies approximatdy as the sqdare root of the 
disdiarge pressure mid inversely as the revolutions. To make 
the resdts apply to all geometrically similar blowers (with 
dearances proportional to linear dimensions) we may use the 
peripheral spe^ Y in place of the R.PJtf. We then have. 


. 0 ) 

For any given valiCof p^ there will be a value of V which makes 
the discharge uid therefore Let Po and be such 

vahres. Then from (1), 

k^i^rt- 


Vpo 


and . 
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Negleotii^ Motion and windage the work done per revolu¬ 
tion is p, (C^—Ct) as against the theoretical wrark i}^pt (Gi—Ct); 
the “ indicated ” effioien <7 is therefore, 


Pt 

m=v.- 


(3) 


To obtain the overall blower efficiency we may introduce a 
term to represent the mean pressure referred to (C|-Gs) due 
to friction and windage; then, 



DtUuery Prsdsard Ibs/in? ■ ^ 

Fio. 38. 


Pig. 38 shews the variation of with p. and V on the following 
assumptions, viz.:— 

§ 1 = 0 - 12 , 

the complete formula for i}i, being, 







134 


DIESEL ENGINE DESIGN 


Tests of sotusl blowers give results oonformiDg to the general 
ohaxaoteristios of the above diagram, but the actual effioiendes 
depend on the friction and leakt^ ohAraoteristios. Efficiencies 
as hi{^ as 80% have been recorded from quite small blowers 
when delivering against a pressure difference of 6 Ib./in.* 
Centrlfagal Blowers.—^Fig. 39 shews an exhaust turbine 
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driven centrifugal turbo-blower constructed by Brown Boveri 
for supercharging a four stroke engine on the Biichi system.* 
laical results at full load are as follows:— 


Temperature of exhaust before turbine 
„ „ after turbine 

Fressute (abs.) of exhaust before turbine 
y, ' t „ after turbine 

tt yy air Itefore blower 

yy yy yy afteT UoweT 

Tnnpmature of air before blower 

yy yy 0SbBr hlOWtlt 


867* F. 
803* F. ' 


18-2 Ib./in.* 


14*7 

14-7 

19*4 


>9 




67* F. 
121* F. 


9 » 

99 


* Lffiier Buohi Turboehmrgera have been fitted with single stage blowers. 
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It will be noticed that the rise of air pressure, vu. 4*7 
exceeds the drop of pressure, viz. 3*6 Ib./in.* of the exhaust. 

The peripheral sp^ of the two stage blower wheels required 
to develop the above air pressure at a stable point of the blower 
charaoteristio is about 480 ft./sec. 

The velocity of exhaust on leaving the nozzle plate is easily 
calculated from the adiabatic drop of temperature (see p. 122) 
and is found to be about 900 ft./sec. mumming a velocity co¬ 
efficient of 94%. The optimum speed of the turbine wheel at 
the middle of the blade annulus is about half this, i.e. 460 ft./sec. 
The nozzles outlets are inclined at a tangential angle of about 
15**, and the best angles of the rotating blades are easily 
determined by the usual vector diagrams for compounding the 
velocities concerned. The turbine efficiency is ,a^nt 76%. 

The overall efficiency of the combined turbine and blower unit 
is about 66%. 

In a range of similar blowers linear dimensions will vary as 
the V’B.H.P. of the engine at full load, and revolutions invetsdiy 
as the v'B.H.P. This gives equal velocities and velocity heads 
and equal mugins against critical speeds of whirling. 

Literature.—Blache, H. H., “ The Present Position of the 
Diesel Engine for Marine Purposes.”—^I.N.A., 1933, deals with 
supwcharging on the “ topping up ” principle. 

Lugt, G. J., ” Supercharging Diesel En^^es, with special 
reference to the Werkspoor T^pe.”—I.E. A S. in Scotland, 
Feb., 1931. 

Unsigned, “A New Supercharging Blower” (Power-Plus 
rotary displacement type).— Molcrthip, Jan., 1930. 

Biichi, A., “ Turbo-charging of intranal combustion engines, 
especially Diesel Engines.”—^Inst. Marine Engs., 1928. 

l^teau, A., “ Use of the Turbo-Oompressor for attaining 
the greateist possible speeds in Aviation.”—^Inst. Mech. E., 1922. 




CHAPTER Vni 


CBANK-SHAITS 

Matwial.—For Blarme Diesel Engine erank-shafts the usual 
material is open hearth steel having a tenacity of 28 to 32 tons 
per sq. in. and minimum elongation of 26 to 29% in 2 in., 
the lowor minimum elongation being associated with the 
higher tenacity. 

For stationary engines it is not unusual to employ steel of a 
tenacity of 34 tons and upwards, specifying a minimnm 
elongation of 26% in 2 in. 

For high spe^ engines of say 600 B.P.M. and upwards 
alloys steels are frequently used for the sake of surface hardness 
to resist wear; for example 3% nickel steel or nickel cl^me 
steel, heat treated after rough machining. 

General Construction.—Small Diesel Engine crank-shafts 
are usually solid or semi-built. When the ratio of stroke to 
bore exce^ about 1*8 a built-up shaft is sometimes used,' and 
typical proportions are given in Fig. 40, the unit being the 
Imre of the cylinder, for a stroke bore ratio =2*0. 

Fig. 41 shews a solid forged crank-shaft for a 4 cylinder 
stationary engine. 

Similar shafts are made in one piece for 1, 2, 3, 4, 6, 6, 7 
and 8 (flinders with shaft diameters up to about 10'. The 
larger sizes of crank-shaft are made in two or more sections. 
TMb i»sctioe is usual for large marine engines of 6 cylinders and 
upwi^. Very large crank-shafts for 9 and 12 cylinders may 
even be divided into 3 or 4 sections'. 

The angular spacing of cranks is determined by considerations 
of balance, turning effort and torsional resonance, see Chapters 
X and Xlll. 

A selection of orders of firing is given in Fig. 42 for four 
stroke S.A., two stroke S.A., and two stroke D.A. engines. 
Sometimes evenness of turning effort is sacrificed in the 
interest of good balance by a symmetrical arrangement of 
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ortiiks invK^ving simaltuieous firing of pairs of cylinders. 
Fot the larger nnmbers of (flinders several alternative airange- 
mmits of cranks are coneistent with good balance. The bmt 
order of firing firom the point of view of torsional vibration 

depends on the “ vibration form,” 
e.g. whether the node is at the 
centre or near one end of the 
crank-shaft. 

Lubrication.—^In modem de¬ 
signs of Diesel Engine forced 
lubrication for the principal 
bearings is now the rale rather 
than the exception. When cross¬ 
heads and totally enclosed crank¬ 
cases isolated from the cylinders 
are used it is obvious that forced 
lubrication can be employed with 
all the convenience and economy 
which characterises this system 
as employed in the high speed 
steam engine. 

With trunk piston engines 
9 certain precautions have to be 
S observed to secure economy. 

^ In the first place, oil must be 
prevented from reaching the 
underside of the hot piston 
crown. This is simply effected 
by a light diaphragm across the 
piston a few inches from the 
crown, in fact, just clear of 
the connecting rod top end bear¬ 
ing. The diaphragm usually 
takes the form of a circular cover 
bolted to an internal fiange. In 
some cases this forms a jacket 
' for water or oil cooling of the 
piston crown. With uncooled 
pistons a sheet steel diaphragm is 
sometimes used with good effect. 
In any case such a diaphragm, 
by protecting the small end 


m 
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from radiant heat, praotioi^y eiiminatee troable with this 
bearing. 

In the second place, oil must be prev^nt^ from splariiing 
in undue quantity on to the surface of the liner by means of 
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guards over the cranks, or attached to the piston itself or the 
cylinder mouth, and anangements must Iw made to aorape 
the surpluB oil'off the liner. 

Finafly, the craidc-case must be praotioally oil-ti|^t to 
prevent loss of oil and the ingress of dM. 
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So ftur as economy of lubiioating oil is oonoemed, ordinary 
ring lubrication for the main bearings and the oentrifogal 
banjo arrangement for the big ends leave little to be desited. 
With suitable arrangements for filtering the oil which is drained 
from the crank-pit, and using over and over again, tiie net 
lubricating oil consumption is readily kept below 0*002 lb. per 
B.H.P. hour (trunk piston engines). Similar economies are 
. obtainable with forced lubricated trunk engines when the 
above precautions are observed. Efficient use of non-foroed 
lubrication necessitstes certain special features in connection 
with the crank-shaft. Rings are turned on the latter at each 
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end ofieavh journal to throw the squeezed out oil iAto suitable 
catchy grooves in the bearing brasses, whereby it is returned 
to the oil well instead of being thrown off by the crank webs. 
As these oil throwers have been shewn in some cases to weaken 
the shaft at its alrrady weakest point, they should be designed 
so as not to interfrae with a good radios between the journal and 
the web. Fig. 43 shews a section through such an oil thrower. 

Fig. 44 shews a <«mk fitted with centrifugal banjo lubricator. 
The oil hole leading to the surfeee of the carank-pin is preferably 
drilled at an angle of about 80° in advance of the dc^ centre, 
so tiiat the upper connecting rod Inass reodves a supply of oil 
just before the ignition stroke. 

With forced lubrication oil thrown and catdiers are not 
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lunuJly fitted, but the shaft requires to *be drilled to conduct 
oil firom the journals to the crank-pins. Two systems of d rilling 
are shewn in Figs. 45 and 46. 

Dbtails.—(1) Webs.—^Various types of solid forged webs are 



Fio. 47. Fio. 48. Fia. 49. 


shewn in Figs. 47, 48 and 49. The two ends of the straight¬ 
sided webs are sometimes turned firom the journal and crank- 
pin centres respectively. Weight can be reduced sl^lhtly by 
turning the two ends at one setting from a centre midway 
between these t^o points. Trimigmar-shaped segments axe 
usuidly turned off the projecting comers of the webs, and tliife 
reduces weight, focUitates ^ling the big ends (ff the connecting 
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rods and gives more clearance for the indicating gear. Balance 
weig^tB are fiequently fitted to one and two (^finder enginee 
to balance the revolving weight of the crank-pins, the big ends, 
and the otherwise unbalanced portion of the 
crank webs. The chief difficulty in designing 
a balance weight is usually to get a sufficiently 
heavy weight in the q>ace availahle. The 
magnitude of the balance weight required is 
equal to the weight to be balanced, mffitiplied 
by the radios of the crank and divided by 
the radius measqred firom the centre of the 
shaft to the centre of gravity of the balance 
weight. The problem thus resolves itself 
into a matter of trial and error. Various 
modes of securing balance weights are 
illustrated in Figs. 60, 61 and 62. ^e bolts, 
or other form of attachment, should be 
Vio. so. . sufficiently strong to carry the centrifugal 
force of the weight with a low stress.* 

(2) Couplings.—^The couplings connecting the sections of a 
ah^ are made with spigot and fianoet joints, the spigots being 




turned off irftertiie bolts have been fitted. The boltB bdonging 
to the coupling to which a gear-wheel is fitted are usually made 
of additional length, and used to secure the wheel. If separate 
means of securing tiie wheel are deed the interchangeability 
• gartulanring of moUioylindsr snginM m Chap. Xm. 




CRANK-SHAFTS 


14S 


oftheaeotionsofshaft is prejudiced. Thiaie of amall importance 
where land engines are concerned. With marine engines, 
if it is desired to cany a spare section of shaft, the latter 
should be provided with any keyways,* extra bolt-holes, etc., 
requisite to enable it to replace any section of the shaft in the 
event of failure, with a minimum of fitting. 

When heavy fly-wheds are fitted, as for instance with dynamo 
drives, an outer bearing is sometimee placed between Ihe fiy- 
wheel and the driven sl^tft. The coupling used to connect ^ 
I«ojeoting end of the crank-shaft to the drive may conveniently 
be of the common cast iron fianged type, provided wiHi a 
shrouding to cover the nuts and bolt-heads. See Fig. 63. 



Fro. 63. 


Proportlonaof Crank-eludta.—The strength of Diesel Engine 
crank-shafts has received careful study by Lloyd’s Register 
over a long period of years and the rules of the Society 
have been widdy adopt^. The minimum diameter d of tlm 
crank-shaft is expressed as a function of the bore, stroke, mean 
pressure and maximum pressure, as well as the distance 
between the inner edges of adjacent bearings. The width and 
thickness of webs are expressed as firacti<ni8 of d as follows:— 
Thickness of shrunk web hs80*626d 

„ „ soUd „ h=0*66d 

Width of solid web w»l-S8 d« 

Thickness round eyeholes of dirunk web t 

In order to keep severe critioal qpeeds of torsional vibration 
outside the vrorking rangb, the tendency is to rednoe the 
cylinder centres in rdjstion to cylinder bore and to make the 
journals considerably larger in dtuneter than ordinary 8tres|glh 
considerations would require. This applies mote particuladF to 




012 d* 
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engmes with iBy-wheels. Customary (^linder centres are about 
as follows:— 

Small engmes for road or rail traction 

or aircraft.l’2Btol*4B 

Single acting engines of heavier build. 1*6 B to 2*0 B 
Double „ „ „ ' „ 1*8 B to 2*2 B 

The webs should join the crank-pins and journals with well- 
formed radii; practice varies from about r=0*06 to 0*10 d for 
solid fmged diafts. 

’ Galcototion of Stresses in the Crank-shaft.—^It is as well to 
state at the outset that the problem of determining the stresses 
in a multi-crank-shaft is rather laborious, if done conscientiously, 
and actual designs are usually based on rational formulas such 
as those given in Lloyd’s Rules. Supposing a suitable analysis 
to have been made for a correctly alignA shaft, the whole 
oalculation would require to be revised before the results 
could be applied with accuracy to the case of a shaft of which 
the bearings were at different heights owing to the unequal 
wear of the white metal or flexure of the bedplate. This latter 
consideration is of itself valuable in emphasising the need of 
massive foundations where land engines are in question and 
the desirability of providing an extremely rigid seating for 
marine designs. On this account the engine seatings and the 
oonstructirm of the ship’s floor in way of the engines should 
be strong and stiff, llie framework of the engine may also 
be designed in such a way as to' secure a considerable dogtee of 
rigidity against sagging or hogging tendencies. The component 
parts of the crank-shaft, viz., journals, crank-pins and webs, are 
subject to bending and twisting actions which vary periodically 
as ^ shaft revolves. In the past it has been customary to 
compute equivalmt bending or twisting moments oorretqKmding 
to the calculated co-existing bending and twisting moments 
and to proportion the shaft acconflngly. Experiments by 
Guest and others indicate that steel imder the influence of 
combined bending and twisting begins to fail when the shear¬ 
ing stresses, as calculated from the formula quoted below, 
attain a de^te value (about‘12,000 lb. per sq. in. for very mild 
steel under altematir^ s tr e s s ) whiph is independent of the 
relative amounts of bending and twisting. 

Maximum shear stressaslV'4/,*-f4* 

Where/assNonnal strew due to bending. 

/••ssShear s t rew due to twisting. 




CRANKSHAFTS 


14S 


The equiyalent twisting moment which .would give the same 
shear stem as the maximum shear stress due to the combined 
action of the actual bending and twisting moments is given by 

T,=VT*+B* 

Where T.=Equivalent twisting moment. 

T=:Actual twisting moment. 

B=Bending moment. 

A good approximation to the twisting moment at any pomt 
of the shaft at any degree of revolution is obtained by combin¬ 
ing in correct sequence the twisting moment curves correqKmd- 
ing to all cylinders “ for’d ” of the section under consideration. 
In foture the terms “ forward ” and “ aft ” will used to 
denote the free end and fly-wheel end of the enpne r^pec- 
tively regardless of whether the engine under consideration is 
of ma rpne or land type. The negative twisting moment due to 
firiction of the moving parts is almost always 
neglected. That due to a compressor is sometimes allow^ 
for. When dealing with the stress in a crank-pin it should be 
borne in mind that the twisting moment due to any cylinder 
is not transmitted through its own crank-pin. For example^ 
if the cranks are numbered as usual from ^he forward end, 
the twisting moment in No. 3 crank-pin is that due to cyhnders 
Nos. 1 and 2. The calculation of tending moments is by no 
nriftn-Tia straightforward, and the methods adopted form ^e 
Hiatingiiifthing features of the systems of crank-shaft calculation 
described below. 

Fixed Journal Method of Crank-shaft Calculation.—The 
assumption underlying this method^ is that each journal is 
rigidly fixed at its centre and that Ae section of shaft between 
two journals may therefore be treated as a beam encastrft at 
its ends. The assumption of fixed journals would be ime for 
a row of cylinders all fiting at the same time. For ordinary 
conditions, however, the assumption would only hold good if 
the bearings had no running clearance and were capable of 
exerting a bending effect on the shaft by virtue of th^ rigidity 
Apart from the fact that the construction of be in gs and 
bearing caps does not suit them for this heavy duty, examina¬ 
tion of the bearing surface of well-worn beaxinge reveals no 
trace of such cornering action and justifies the view that the 
bearings merely frdfil their proper fiinotions of carrying thrust 
in one direction at a time. 
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Free Journal Method.—^With this system each crank is 
supposed to be loaded at the centre of Gie cr^mk-pin and sup¬ 
ported freely at the centre of the journals, so that the maximum 
bending moment occurs at the centre of the crank-pin. This 
assumption would be approximately true for a single cylinder 
engine if the weight of the fly-wheel and the influence of out¬ 
board hearings are neglected. With this method the twisting 
moment is of very secondary importance, in many cases almost 
nei^hle. C!omparing this system with that described above, 
it will be seen that Irath involve the construction of twisting 
moment diagrams, though the accuracy of the result is of less 
importance in the case of the free journal method. 

Li the following articles a four throw crank-shaft will be 
investigated on somewhat different lines, with a view to 
eliminating as many unjustifiable assumptions as possible. 

Stbkss Calculation fob a Foub Tlbow Crank-shavt 


Data; 

Type of engine.four stroke 

Number of cylinders. four 

Bore of cylinders.10 in. 

Stroke.16 in. 

Revolutions per minute .... 300 

Connecting r^.6 cranks long 

Maximum pressure at firing dead centre, 600 lb. per sq. in: 
Diameter of journals and crank-pins 6*26 in. 

Length of journals.8 in. 

Length of crank-pins.6*6 in. 

Thickness of webs.3*26 in. 

Width of webs.9 in. 

Centres of cylinders . 8-f'6*6-|-6*6=20in. 

Wd^t of piston 170 lb. 

We^t of connecting rod .... 190 lb. 

Weight of crank-pin.33 lb. 

Weij^t of unbahmoed parts of two oank-webs 110 lb. 


The method employed in the fcdlowing* investigation is to 
calculate the values of the forces acting on the shaft when one 
crank is at its firing top dead centre. The reactions on the 
beatings will be calculate on the assumption tiiat tiie omtres 
of the journals remain level and all loads will be treated as 
ocmomtrated. The effect of unequal levd of bearings will also 
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be investigated. In computing the forces acting on the crank¬ 
shaft the dead weight of the latter, and also that of the running 
gear, fly-wheel, etc., will be neglected and the effect of any air 
compressor will not be considered, nor will.the small ex^ust 
{oessure remaining in the cylinder which completes its exhaust 
stroke at the same instant that the cylinder under considera¬ 
tion begins its firing stroke, so that the forces to be dealt with 
are;— 

(1) Those due to cylinder pressure. 

(2) Centrifugal force of revolving parts. 

(3) Inertia force of reciprocating parts. 

These will now be calculated:— 


Weight of revolving part of connecting rod, 
0-65x190 ...... 

Weight of unbalanced part of crank webs 

Weight of crank-pin. 

Total weight of unbalanced revolving parts 

Weight of reciprocating part of connecting rod, 

0-36x190 . 

Weight of piston. 

Total weight of reciprocating parts 
Centrifugal acceleration in the crank circle is:— 




=615 ft. per sec.* 


1241b. 

1101b. 

331b. 

267 lb. 


661b. 

1701b. 

2361b. 


Therefore centrifugal effect of revolving parts:— 

!?l^=5100lb. 

g 


Inertia effect of reciprocating parts at top dead centre :— 

-^ -Xli=54001b. 

s 

Inertia effect of reciprocating parts at bottom dead centre :— 


(l-i)=3600 lb. 

s 

Combined centrifugal and inertia 'effect at top dead centre 
=5100 +5400=10,500 lb. upwards. 

Combined centrifugal and inertia effect at bottom dead centre 
=5100 +3600=8700 lb. downwards. 


L 
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Maximum load due to (^linder pressure:— 

=0-786 X 10* X 600=39,000 lb. 

Resultant downward effect of pressure, centrifugal force and 
inertia force at firing dead centre:— 

=39,000—10,600=28,600 lb. 

Method of Calculating the Reactions at the Bearings.— 
Let AI (Fig. 64) represent the axis of the crank-shaft, 
A C E GI being the centres of the journals and B D F H 
those of the crank-pins. 

B, B 4 B, Bg are the applied forces due to cylinders 1, 2, 3, 4 
respectively. 

Bg Rg Bg R 7 Bg are the reactions at the bearings unknown 
in magnitude and direction. Under the influence of these 
fcnrces the centre line of the shaft assumes some deflected shape, 

Cyiri. Cyir2. CyK3. Cyir4. 




1 * 

^ 1 i u ^ , 

G 

1 - 

B \ 0 / 

'D. D- d 

M 

0. 

H 

D. 


ft) ft3 ffg ftr ft) 

Fio. 64. 


and the deflection at any point above or below the straight 
line joining Alto equal to the sum of the deflections at the 
same point which would be produced by each of the forces 
BgBgBgBgBgB, Rg acting alone, supposing the shaft 
supported freely at A and I. At C E and G the sum of these 
deflections must be zero if the bearings are level (ignoring the 
effect of running dearance). Let Cg eg and g, be the deflections 
at C E and G due to unit load applied at B (the position of Bg), 
assuming the shaft supported fii^ly at A and I. 

Cgegandgg 

Cg eg and gg ^ 1 ^^ oonfegponding deflections at C E and G 
^c^* applied at C D E, etc. 

CgCgandgg 

The values of Og eg and gg, etc., are readily fotmd by the usual 
formulas for the deflection of beams. 
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Now sinoe the total deflection at C E dnd 6 is zero, the 
following equations hold good;— 

Rf C*-|-R» CJ-I-R4 C4-|-R4 04-i-R4 C4-I-R7 Oy-f-Rg 04=0...( 1 ) 

Rf ®i-l“R» 6 *-|-R 4 64-I-R5 e5-t-R4 Oj-f-Rj Oy-j-Rj e4=0.>.(2) 
88+R4 84+1^68s+I^4 8«+®’7 8t+R« 84='0—(®) 

In these three equations the only unknown quantities ate 
Ry Rg Ry, which can therefore be determined. The remaining 
uiikQown reactions R^ and R, are found by equating moments 
about I and A respectively. In solving the above equations 
downward forces and deflections will be considered positive 
and upward forces and deflections negative. 

Determination of Cg e, gg, etc.—^In determining these 
constants it will be assum^ t^t the shaft deflects under load 
as though it were a cylindrical beam of the same diameter as 
the ora^-pins and journals. Considering that the webs of a 
Diesel Engine crank are short, the presumption is probably 
not inacourate, but it would be interesting to see this point 
investigated, as it could readily be, by means of models. 80 
long as bearings at constant level are assumed, the actual 
value of the deflection is of no importance, as the method of 
calculation depends only on the relative deflation at the 
different points considei^. The problem tiierefore resolves 
itself into finding the deflected form of a beam freely supported 
at each end under the influence of a concentrated load placed 
anywhere, between the supports. This may be done by treat¬ 
ing each end of the beam as a cantilever. 1 %e deflection of the 
end of a cantilever carrying a load at the end is given by;— 

W.1* 

Deflection at the end of cantilever in in.s gg ^j 

Where W ssLoad in lb. 

E=30,000,000 lb. -per sq. in. (for sted). 

I=Moment of inertia (transverse) of the section of 
beam in. 

For the shaft under consideration:— 

I=^x6-26*=S7-3in.* 

Fig. 66 shews the values of the d^ection at various frectional 
points in the length of the cantilever, the deflection at the end 
being unity. These results are applied to the case of a beam 
as follows i — 

Let AB be a beam (Fig. 66) supported at A and B and 
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o«R3ring a load Wi at any point C. The reaction at A is eqnal 
CB 

to Let this be denoted by W,. At A erect a perpendi¬ 

cular AD equal to some convenient scale to the deflection of the 
cantilever AC, due to the load at its end. Draw the deflected 
shape of this cantilever (DC) by means of the proportions given 



in Fig. 66. Proceed similarly with cantilever C B, obtaining 
the deflected shape C F. Join D and F, then the deflection of 
the beam at any point X is the vertical intercept “ x ” shewn 
in the flgure. 

Ap^icatkm to the Case in Hand.—^The constants Cj Oi gt 
being the deflections at various points on a beam due to unit 
load applied at other various points, are independent of the 
system of loads and will therefore be dealt with before tpedid 



c as es of loading are considered. In order to obtain manage- 
aUe figures, the deflection will be reckoned in thousandths of 
an inch and the unit load will be taken as 10,000 lb. Deflection 
of cantileveted portion of shaft m' thousandths of an inch is 
given byW.(*)» W.(*)» 

3 x 30 x 37-3 “ 3360 
Where Ws^Loadinlb. 

'l»Length in inches. 
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The diagram Fig. 67 shews the process of determining 
in particular:— 

Unit load at B=10,000 lb., AB=10', BI=70' 

Reaction at A=- =8750 lb. 
oU 

, 10,000X10 

»* »> I— go —1260 lb. 

8760x1* 

Deflection of cantilever AB=— 

1260X7* ^ 

» .. IB— 33QQ —127^^ 



ABCOerSMI 

Fia. 67 . 


Deflected shapes of cantilevers drawn by plotting ordinates 
from the proportion given in Fig. 65. 

The constants are found to be:— 

o,=30*2 e,=36 0 g,=22 0 

Since the deflection at G, due to a load at H, is die same as 
that at C, due to the same load at B, and so on, therefore:— 
gg=30*2 ets=36’0 g,=22'0 

By the same methods (see Fig. 67):— 

o,s=63‘6 e^— 66'6 g,=41'7 

g,=63*6 e 7 — 66'6 C7=41*7 

04 =66-2 04=87-1 g4=67-0 

g 4 = 68-2 e,=871 o,=67-0 

04 = 66-6 e,=96-3 gc=66-6 
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These values have been computed with rather less trouble 
and with greater accuracy by the formulsa for the deflection at 
any point in a beam due to a load at any other point (see 
Morley’s “ Strength of Materials The graphical method of 
determining the constants should not be relied upon except as 
a check, as small errors in the constants give rise to large 
errors in the calculated reactions. 



The conditions of loading will now be considered. 

Case I. Crank 1 on Firing Dead Centre.—^The magnitudes 
and directions of the applied forces are shewn in Fig. 68. 
Hence:— 

R,c,=2'85x 30-2=861 R4C4=0-87 x 66-2=68-7 

Rie,=2-86 X 36'0=99-7 R4e4=0-87 x 87 1 =76-8 

R*g»=2-86 x 22 0=62-7 R4g4=0-87 X 67 0=49-6 


R,c,=0-87 X 67-0=49-6 R .c ,=—1 -06 X 22-0=—23-1 
R<e4=0-87 X 87-1 =76-8 R <e .=-1-06 x 36-0=-36-8 
Rj{.=0-87 X 66-2=66-7 R4gg=—l-06 x 30-2=—31-7 

From which:— 

RjCg ■HE'4C4 -4-® gC 4=169-3 

®iief +R 4 e 4 ^RgOg -f-® gPg=214-6 
®igt+®484 -i-®4gg-|-®gga=137-3 

Substituting these values in equations (1), (2), and (3), we 
obtain 

63-6 R,+ 66-6 ®,+41-7 R,=-169-3.(4) 

66-6 R,+96-3 B,-f66-6 R,=-214-6.(6) 

41-7 R,+ 66-6 R,4-63-6 Rg=-137-3.( 6 ) 

From which:— 

R,=-2-434 R,=-0-736 Rg=+0-230 
Equating moments about A:— 

8 Rg+7 Rg +6 Rj +6 ®g+4 ®g+3 R 4+2 ®g+Rg =0 
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8 R,=7xl 05—6x 0-230—6x 0-87-I-4 X 0-736—3 x 0*87 
-f2 x 2-434-2-860 ' 

Whence R*=0-496. 

Equating moments about I:— 

8 Ri-|-7 Rj-i-6 Rj-|-6 R4-|-4 R|-|-3 Rf-f-2 Rf-|-Rf=0 
8 Ri=-7x2-85-l-6 x 2-434-6 x 0-87-f4 x 0-786-3 x0-87 
-2x0-230+1-06 

Whence Ri=—1-097. 

Knowing all the forces, the bending moment at A B C, etc., 
can now be tabulated thus:— 


Point. 

Moments. 

in. lb. 

A 


0 

B 

10,970x10 . 

+109,700 

C 

10,970 X 20—28,500X10 . . . . 

—66,600 

D 

10,970 x 30—28,600 x 20 +4,340x10 . 

+2,600 

E 

10,970 X 40- 28,600 X 30+4,340 X 20- -8,700 



X 10. 

—16,400 

F 

-4960 x 30 + 10,600 x 20- 2300x10 . 

+38,200 

G 

-4960 X 20+10,600X10 . . . . 

—6,800 

H 

—4960x10 . 

—49,600 

1 

• .. 

0 


Since the bending modulus of the shaft is 
|^x 6-26«=14-2 in.» 

Therefore, 

Maximum stress due to bending (occurring in No. 1 crank- 
pin at top firing centre) is equal to:— 

109,700 . , 

=7,720 lb. per m.* 

Bending stress, according to fixed jourmd method .*— 

W.L_28,600 x 20 

8 Z 8 X14-2 “1* “• 

According to free journal method t — 

ox 28,600x 20 

Stress=10,040 lb. sq. in. 
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Gne II. No. 2 Crank on Firing Dead Centre.—The 
magnitudes and directions of the applied forces are shewn in 
Jig. 69, 

R,=0-870 R4=2-860 R,=—1-05 Rg=0-870 

R,c,=0-87 x 30-2 =26-3 R 4 C 4 =2*85 X 65*2=186-6 
Ra= 0-87 X 36-0=30-6 R4e4=2-86 X 87-1 =248-0 

R,g,=0-87 X 22-0=19-2 R4g4=2-86X 67-0=162-3 

R,C4=—1-06X 67‘0=—69-8 R4C8=0-87 X 22-0=19-2 

R 4 e,=—1-06x 87-1=—91-4 R^,=0-87x 36-0=30-6 

Rag 4 =—l -06 x 66 - 2 =— 68-6 Rag4=0-87 x 30-2=26-3 

Stem which 

RjCj-t-R4C4-f-R4C 4-(-R gC 8 = 171-3 
RgCg ’i"R4e4 "l"R4e8 “f-R8e8^^217-6 

R|gt + 1^484 +R4g4+R *g 8=13»-3 


087 ^85 ~/06 0 87 



The three equations for determining RTRgRg are there* 
fore:— 

68-8 R,+66-6 R,-|-41-7 R,=-171-3 
66-6 Rt+96-3 R8+66-6 R,=-217-6 
41-7 R8+66-6 R,-1-63-6 R,=-139-3 

from whioh 

R,=—2-614 R,=—0-718 R,=0-226 

. Taking moments about A and I, 

R4=_0-072 R,=-0-467 
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from which the following figures for the bendfog moments ate 
obtained:— 


Point. 

Moments. 

B.M. in 
in. lb. 

A 


0 

B 

720X10. 

+7,200 

C 

720X20-8700X10. 

-72,600 

D 

720x30—8700x20+25,140x10 

+99,000 

E 

720 X 40—8700 X 30 +26,140 X 20—28,500 X 



10 . 

-14,400 

F 

4670 X 30—8700 X 20—2260X10 

—66,600 

G 

4670 x 20— 8700x10 . . . . 

+6,400 

H 

4670x10 . 

+46,700 

I 

. 

0 


Maximum bending stress =6,970 lb. sq. in. 

Considerably less than in Case I. 

Case III. Loading as in Case I, but bearings C and G 
supposed worn down 20 thousandths and bwring E 25 
thousandths of an inch below the level of the line joining A I. 

The difference in height of the bearings is very simply 
allowed for by putting 20, 25, and 20 respectively on the 
right-hand side of the equations (1), (2), and (3) instead of 
zero. 

The equations for determining Bj, Rs, and Rf then become :— 

53-6 R,-i-66-6 R,-|-41-7 B7=20-169-3=:-149-3 
65-5 R,-|-96'3 R,-|-66-5 R,=26-214-5=—189-6 
41-7 R,-l-66-6 R,-|-53-6 R,=20-137-3=-117-3 

The following values are obtained for the reactions at the 
bearings:— 

Rj=-1.398 R,=—1-880 R,=—1-243 R,=+0-790 
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The bending moments are as follows :— 


Point. 

Moments. 

B.M.m 
in. lb. 

A 

• •••••• 

0 

B 

13,»80x 10. 

+139,800 

C 

13,980X 20—28,600X10 . 

—5,400 

D 

13,980 x 30-28,600x 20+18,800x 10. 

+37,400 

E 

13,980x 40-28,600 x 30+18,800 x 20— 



8,700X10. 

—6,800 

P 

1910x 30+10,600 x 20—7,900x10 

+73,700 

G 

1910X 20+10,600X10 

+66,800 

H 

1910x10. 

+19,100 

I 

. 

0 


Maximum bending stress 14.2 lb. 8 q. in. 

Comparing the above figures with those obtained in Case I 
it will be seen that the maximum stresses have been increased 
to the extent of about 28% by the difference of level of the 
bearings. The levels of the bearings may be checked by various 
means, for example, by “ clock gauge ” measurements between 
the crank-web. The errors shoidd be corrected before reaching 
the values assumed above. 

Gondustons.—1. The value of the bending moments at a 
craak-pin on the top firing centre is greater for a crank-pin 
sHfuate at one end of the shaft than that at one nearer the 
centre of the shaft. 

2 . The bending moments at certain ciank-pins and journals 
may be as great or greater than the bending moment at the 
dBiik-pin which is receiving the greatest applied load. 

3 . No general rule for the bending moment at a Diesel Engine 
crank-pin or journal can represent the -true state of affairs, 
but every different arrangement of cranks and number of 
cylinders requires to be investigated individually^ 

4 . Difference of level of the bearings, due to wear or 
otherw^, gives rise to greatly increased bending moments, 
which can be calculate approximately in the manner 
described. 
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The methods of calculation which have been illustrated in 
this chapter can be applied to cases involving any number of 
cranks, and the effects of fly-wheels, the rotors of electric 
generators, outboard bearings, etc., can be included. When 
the number of (flinders is thm or less the wmght of the fly¬ 
wheel is considerable, and cannot therefore be ignored. In 
these cases allowance should be also made for the practice of 
packing the outward bearing above the level of the engine 
main bearings. For engines of four cylinders and over, the 
weight of the fly-wheel and the presence of outboard bearings 
can probably be neglected with safety. 

The labour involved in solving simultaneous linear equations 
inraeases as the square of the number of unknowns. For a 
description of a machine devised to do this work mechanicaUy, 
see the “ Treatise on Natural Philosophy,” vol. i, Kelvin and 
Tait. 

Graphical Determination of the Twisting Moments.—In 
the processes described below the following approximations 
have been made:— 

1. The negative twisting moments due to any air compressor 
at the forw^ end of the engine have been n^lected. These 
moments are small in comparison with the ihoments due to 
the working cylinders, and being opposite in direction to the 
maximum moments tend to reduce the latter by a small 
amount. 

2. Moments due to the dead weight of the revolving and 
reciprocating parts have also been neglected. In a very large 
engine it would be advisable to take these into consideration, 
as other things being equal the dead weight of the running gear 
per square inch of piston area increases as the scale of the 
engine. 

3. -The twisting moments due to mechanical firiction have 
been neglected, as (so far as i(he present writer is aware) 
the distribution and variation of the friction forces are not 
known with any exactitude, and in any case one is a little 
on the safe side in neglecting them. These friction moments 
of course accumulate as one passes firom the forward to 
the aft end of the engine, where they amount in aggregate 
to about 16% of the mean indicated twisting moment, 
so Hieir effect on the forward end of the shaft is quite 
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4. The moment of inertia of the fly-wheel has been assumed 
to be large in comparison with the fly-wheel effect of the 
reyolving and reciprocating parts of the running* gear. In 
cases where the fly-wheel is vexy small, or omitted altogether, 
as in some two stroke marine engines, the irregularities of 
turning effort are mainly absorbed by the angular acceleration 
of the crank masses. Allowance is readily made for this effect 
in the following manner. The combined twisting moment 
curve for all the cylinders is first found without allowance for 



Fm. 60 * 


fly-wheel effect, and a new zero line 
is taken at the height correspond¬ 
ing to the mean tkristing moment. 
Ordinates measured to this new zero 
line represent fluctuations of the 
twisting moment from its mean 
value. These ordinates are now 
divided into segments proportional 
to the fly-wheel effects of the 
fly-wheel and crank masses. For 
example, if there are four cylinders 
and the moment of inertia of the 
fly-wheel is three times that of one 
set of crank masses, then the or¬ 
dinates will be divided into seven 
parts, one part being applied in 
opposite sense to corresponding 
points on the twisting moment 
curve of each cylinder and the re¬ 
maining three parts of each ordinate 
form the ordinates of a curve of the 
twisting moments absorbed by the 
angular inertia of the fly-wheel. 

In the example worked out below 
it will be assumed that the fly-wheel 
is large compared with the crank 
masses, so that the process described 
briefly above is not necessary. 

Fig. 60 is a skeleton diagram of 
the connecting rod positions for 
every 20 degrees of revolution of 
the crank-shaft for the determina¬ 
tion of piston displacements. 
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Fig. 61 is a typical full load indicator cfurd calibrated for 
jHressures vertically and degrees of revolution horizontally. 
Points corresponding to each 20 degrees of revolution are 



marked on the diagram by scaling the piston displacements 
off Fig. 60. 

On Fig. 62 cylinder pressures are plotted on a crank an^ 
base from 0 to 720 degrees (four stroke engine). The pressure 
during the suction and exhaust strokes is assuqihd atmospheric. 
The inertia effect of the reciprocating parts per square inch of 
piston area is plotted from the following figures:— 


Inertia effect at 


ff 


>9 99 


top dead centre (1 + J) =6400 lb. 


bottom 


g 

286x615 
g 


(l-i)=3800 „ 


236x616 1 

90 °= - x-z—900 lb. 

g « 

„ 236x616 1 

45° =-X ,==3200 lb. 

g V2 


Corresponding figures per sq. in. of piston area (78*6 sq. in.) 
are 69, 46,11*6, and 41 lb. per sq. in. respectively. 

The centrifugal forces of the revolving masses being radial 
produce no twisting effect on the shaft. The dotted line 
(Fig. 62) is the resultant of the pressure and inertia curves. 
The twisting tnomcnt^^ are now con'puted as in the following 
table •— 
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Twisting 
moments 
in. lb. 

pH d i-H pH ^ iH 1 

III' 

0 

—64,600 
—30,600 
—12,400 
—13,200 
— 17,900 

Resultant 
force in 
lb./in.* 
of 

piston axes. 

OQ^oio ooir*o>co 

1 1 1 1 

00 09 a d d d 
^ CO « d d CO 
d 

Leverage 

in 

ins. 

ocooioceioooo 

POCO^COfiHQpO^O 

1 1 1 i 1 1 i 1 . 

O CO o 40 CO 

o 9 CD <0 

CO ID |> l> 

1 1 1 1 1 

Degrees 
from top 
dead centre. 

S§dS«SSdSS 

cocoeocodddo«o)f-< 

'd s s s s s 

0* CO CD CO ^ 

Twisting 
moments 
in. lb. 

®^IOOOOO«-I00^^ 

Odt>»<OlO'^di-l 

•H ^ 

0 

—14,100 

—20,400 

—14,100 

0 

11,200 

j!<,| 

llii 

QO'tS'^XOOOODlOeO 

FH'^ooeooodOXXc^ 

^ d ^ 

O) Q CD ID O 

CD « d O d 

1 1 1 1 

f-Sl 

_QCOOlO€OiOOOO^ 

oo<od<o^Qpo^o 

cb»bt>t^i%iO'^d 

O CO O >D CO 
O O CD d CD Hi 

• • • • a 

CO ID t-- 

lil 

Hi IM 

360 

380 

400 

420 

440 

460 


480 6-85 37 17,000 600 —5*86 42 —19,300 

600 4-08 44 14,100 680 -4-08 44 —14 100 

620 2*10 46 7,400 660 -2-10 45 —7,400 

640 0 46 0 640 0 46 0 
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The leverage tabulated in the second column is found by the 
well-known graphical construction in Fig. 60, where the line of 
the connecting rod is produced (if necessmy) to meet the 
horizontal line through the centre of the shaft, the intercept 
being the leverage required to the same scale as the rest of 
the diagram. The twisting moments are found by multiplying 
the leverage in inches by the resultant forces per sq. in. of 
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piston area in lb. per sq. in. and by the piston area in sq. in. 
(in this case 78*5 sq. in.). 

Forces acting towards the crank are considered positive, 
whether they are expansion forces or otherwise, and those 
acting away from the crank negative. Assuming rotation 
clockwise, leverages to the right hand of the centre line are 
positive and those to the left negative. The signs of the 
moments then look after themselves according to the signs of 
their factors. It is not unusual to see the leverage in a case of 
this sort treated as though it were always positive. The dis¬ 
advantage of this proceeding is that in order to get the signs 
of the moments correct those of the resultant forces have to 
be reversed at every dead centre, which besides being incorrect 
from a mathematical standpoint is inconvenient for the 
draughtsman and confusing to others. The tabulated values 
of the twisting moment are plotted in Fig.'GS (full line curve). 
Identical curves for cylinders 3, 4, and 2 could be plotted in 
their respective places at 180 degrees apart, in the order named, 
but are omitted for the sake of clearness. Dotted curve 
numbered 2 is the resultant of the curves belonging to cylinders 
1 and 2. Dotted curve 3 is the resultant of the curves belong¬ 
ing to cylinders 1, 2, and 3, and so on. The simplest way of 
obtaining these resultants is to trace the primary curve on a 
piece of transparent paper and move it sideways into its required 
position for the next cylinder, and then for every required 
ordinate move the paper vertically (guided by the vertical 
degree lines) until the zero line coincides with the top of the 
or^nate of the curve to which it is required to add the effect 
of another cylinder. In this position prick through the top of 
the ordinate of the curve on the tracing-paper to the diagram 
underneath. These resultant curves enable the twisting 
moment at any crank-pin or journal at any angular position to 
be read off the diagram. 

Combined Effect of Bending and Twisting.—It will be 
seen that the peaks of the twisting moment curves occur about 
30 degrees after the dead centres, and that the results previously 
obtained for the bending moments with the cranks on dead 
centre apply very closely'to this position also, so that the 
tabulated values of the bending moments at the various 
journals and crank-pins combined with the twisting moments 
existing at these points 30 degrees after the corresponding 
firing dead centres have been, passed, represent the maximum 
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conditions of stress at the points in question.. The conditions 
of bending when cranks 3 ancT 4 are on firing centre are of 
course the same as those obtaining when cranks 2 and 1 
respectively are in that position, the order in which the bending 
moments occur being reversed. 

For example, the bending moment at No. 2 crank-pin when 
No. 4 cylinder is firing is the same as the bending moment at 
No. 3 crank-pin when No. 1 cylinder is firing, and so on. A 
comparison of the following table with the twisting moment 
curves and the bending moments tabulated in the previous 
articles will make the matter clear. _ 

The equivalent twisting moment equals VT^-fB*, and is 
that twisting moment which would give the same shear stress 
as the maximum shear stress due to the combined action of 
twisting and bending moments actually obtaining. 


Position. 

Which 
crank 
30^ past 
firing 
dead 
centre. 

Bending | 
moment • 
in. lb. 
(see pre¬ 
vious 
tables). 

Number 
of twist¬ 
ing 

moment 

curve. 

Twisting 
moment 
in. lb. 
from 
curves. 

Equiv^ent 
twisting 
moment 
in. lb. 

Maxi¬ 

mum 

shear 

stress 

lb. per 
sq. in. 

A. Journal 

— 

— 

— 

— 

— 

— 

B. Crank- 

No. 1 




109,700 

3,870 

pin 

No. 2 

7,200 

— 

— 



No. 1 

No. 3 







No. 4 

49,600 






No. 1 



127,000 

143,000 

6,040 

C. Journal 

No. 2 


(1) 

11,000 




No. 3 

6,400 

1 

13,000 




No. 4 

6,800 


17,000 



D. Crank- 


2,600 


127,000 

127,000 

4,480 

pin 


99,000 

(1) 

11,000 



No. 2 


56,600 


13,000 




No. 4 

38,200 


17,000 




No. 1 



112,000 



£. Journal 

No. 2 


(2) 

116,000 

116,000 



No. 3 

Wm 


31,000 




No. 4 



31,000 




M 
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Position. 

Which 
crank 
30° past 
firing 
dead 
centre. 

Bending 
moment 
in. lb. 
(see pre¬ 
vious 
tables). 

Numbei 
of twist¬ 
ing 

moment 

curve. 

Twisting 
moment 
in. lb. 
from 
curves. 

Equivalent 
twisting 
moment 
in. lb. 

Maxi¬ 
mum 
shear 
stress 
lb. per 
sq. in. 

F. Crank- 

No. 1 

38,200 


112,000 



pin 

No. 2 

56,500 

(2) 

115,000 

128,000 

4,510 

No. 3 

No. 3 



31,000 




No. 4 

2,500 


31,000 




No. 1 

5,800 


100,000 



G. Journal 

No. 2 



93,000 

100,000 

3,530 


No. 3 

72,600 


93,000 




No. 4 



45,000 



H. Crank- 

No. 1 

49,600 


100,000 



pin 

No. 2 

46,700 

(3) 

93,000 

112,000 

3,950 

No. 4 

No. 3 

7,200 


93,000 

1 



No. 4 



45,000 




No. 1 



82,000 


2,890 

I. Journal 

No. 2 

— 

(4) 

82,000 

— 



No. 3 



82,000 




No. 4 



82,000 




Conclusions.—^Maximum Shear Stress, 5,040 lb. sq. In.— 
Taking the fatigue stress in shear for mild steel, subject to 
combined bending and twisting at 15,000 lb. per sq. in., the 
factor of safety for a shaft newly lined up is about 3, and 
diminish es very considerably as the bearings become worn out 
of level. 

The high values of the stresses at the centre of the shaft 
point to the advisability of making all couplings between 
sections of the crank-shaft of the full torsional strength of the 
shaft, i.e. the aggi^ate shearing area of the coupling bolts 
multiplied by the radius of their pitch circle should be equal to 
the twisting modulus of the slmft. Thickness of coupling 
flanges V 4 ^meter of the shaft. 

l%e subject of Torsional Vibration of Crank-shafts is con¬ 
sidered in Chapter X. 
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Twisting Moments in Grank'Shafts^As indicated on page 158, 
the method usually adopted of computing accumulated twist¬ 
ing moments is not strictly correct. The method consists in 
regarding the twisting moment at any journal as the algebraic 
sum of the moments due to all cylinders forward of the section 
under consideration. This would be correct for an engine at 
rest with the fly-wheel (aft) rigidly flxed. It is also approxi¬ 
mately correct when the moment of inertia of the fly-wheel is 
very large in comparison with that of the crank-masses. In 
many instances this is not the case as the fly-wheel may be 
replaced with a light turning wheel, and fully built cranks with 
or without balance weights may be fitted having considerable 
fly-wheel effect. In such cases the variations of turning effort 
are mainly absorbed by the angular inertia of the crank-masses. 
A method of calculating the twisting moments under these 
conditions is described Imlow. 

The mean twisting moment simply adds up from forward to 
aft so that if Tm is mean twisting moment due to one cylinder, 
the mean twisting moment aft of the second cylinder is 2Tm, 
and so on. It is reasonable in calculating these mean twisting 
moments to make a deduction of about 16% from the “ in¬ 
dicated ” twisting moments to allow for mechanical friction. 
If there is a compressor forward the mean twisting moment 
required to drive it should be deducted. This being arranged, 
it is only necessary in what follows to consider variations of 
twisting moment above and below the mean. 

Imagine that the twisting moment curve for one cylinder is 
laid down on a crank angle base and repeated in correct 
sequence for as many cylinders as there may be. Call the 
curves 1, 2, 3. 

Let (l)=Curve 1. 

(2) =Sum of curves 1 and 2. 

(3) = „ ,, „ 1, 2and3, i.e. {2)-l-3. 

(N)= „ „ ,. 1,2,3 ... .N=(R) say. 

Let iTi=curve of twisting moment between cylinders 
1 and 2. 

»T,= „ „ „ 2 and 3. 

k-iTh= „ „ „ N-landN. 

»Tf— „ „ „ N and fly-wheel. 
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Then if the fly-wheel is very heavy in comparison with the 
<mnk-mft8ses:— 

tT 3 =( 2 ) \ Approximately ; this is the usual 
,T,=(R)) assumption. I 

A more accurate formula will now be given applicable to all 
cases, including those in which the fly-wheel is light or absent. 
For simplicity we suppose there is no compressor forward. 
Let Ii=moment of inertia of crank-masses of No. 1 cylinder. 

ti II II II II II II 2 ,, 


Tw W 

J> >» if ff ff ff 

If „ „ „ „ „ „ fly-wheel. 

<£l=Ii-l-Ij+l3-l- .I^-fl,. 

Then, 

,t,=( 1 )-^{(R) 

.T,=(2)-ij^*(R) 

,T,=(N)- ^^ — " (B) = (R) 


II 


The rule is, therefore, as follows :— 

From the twisting moment curves (1), (2), (3), etc., as found 
in the usual manner, deduct the ordinates of a curve, the 
ordinates of which are a fraction of the resultant twisting 
moment variation curve above and below the mean: the 
fraction being equal to the ratio of the aggregate moment of 
inertia forward of the section under consideration to the total 
moment of inertia. The necessary modifications to the above 
formulas to take into consideration an air compressor, dynamo, 
closely coupled propeller, etc., should be obvious. 

Strictly the above formulae only apply to those harmonic 
components of twisting moment the critical speeds of which 
are much above the numiqg speed, but these generally com¬ 
prise the major parts of the torque variations. In the case of 
a marine engine coupled to a propeller the latter should be 
included in the calculation. For this purpose the moment of 
inertia of the propeller should be multiplied by the factor 
* \ where n=running speed and n,—critical 
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speed of the shafting system with regard to the main com¬ 
ponent of resultant torque variation, since this factor is 
that by which the torque in the shafting is magnified by 
resonance. 

The derivation of the formulae given above is easily illustrated 
by an example. Consider 2T3 for instance : it is made up of 
part due to cylinders 1 and 2 and part due to cylinders 3 to N. 
Of all the torque variations a fraction is absorbed 

in accelerating and decelerating masses Ij and I2; the remain¬ 


ing fraction IzT—(li4-l2)|y2'I is absorbed in accelerating 




and decelerating masses I3, I4..IN1 Ip* Also applied torque 
variations of the same sign (+ or —), with regard to a section 
aft of all the masses are of opposite sign with regard to any 
section between cranks according as the section is forward or 
aft of the applied torque. 

Of torque variation (2) the fraction fz*!- 




[-(i.+i.)}/ 


SI is 


transmitted through section 2 to 3. Of torque variation 
(R)—(2) the fraction (Ij+Ij)/ SI is transmitted through the 
same section. 

Hence, 


( 2 ) 


Sl-{l,+h) 
SI 

si 


.(2)-(R) 



I.+I* 

SI 


and similarly for other sections. 

On examining actual examples of multicylinder engines it 
will be found that the distribution of mass moment of inertia 
along the shaft has a beneficial effect in reducing stress as 
compared with concentrating it in a heavy fly-wheel. 

Examples of Crank-shafts.—By way of contrast Fig. 64 shews 
two complete 6 throw crank-shafts for a large marine engine 
and a road vehicle engine respectively. The relative scales are 
about as 6 : 1. The marine shaft is made of 28'to 32 ton steel 
of Lloyd's quality, fully built, i.e. with the wel^ shrunk into 
the crank-pins and journal pieces. After the pieces are shrunk 
together, the journals are finish turned in the lathe and the 
crank-pins are finished with a Moll machine. 

The lorry shaft is made of nickel chrome steel of about 55 
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tons tensile strength, solid forged, heat treated after rough 
machining. The crank-pins and journals are finished in a 
grinding machine. 



Fio. 64. 


Literature.—Dorey, S. F., “Some Factors influencing the 
Sizes of Crank-shafts for Double Acting Diesel Engines.”—N.E. 
Coast Inst, of Engineers and Shipbuilders. 





CHAPTER IX 


FLY-WHEELS 

The Functions of a Fly-wheel arc:— ' 

1. To keep the degree of uniformity within specified limits. 

2. Where alternators running in parallel are in question 
to limit the angular advance or retardation of rotation to a 
specified fraction of a degree ahead of or behind an imaginary 
engine rotating with perfectly uniform angular speed. 

3. To limit the momentary rise or fall in speed when full load 
is suddenly thrown off or on. 

4. To facilitate starting under compressed air. 

In addition to the above the fly-wheel usually serves as a 
barring or turning wheel and a valve setting disc; also the 
inertia of the fly-wheel has great influence in deitermining the 
critical speed at which torsional oscillations of the crank-shaft 
are set up. 

Fly-wheel Effect.—^The fly-wheel effect of a rotating body 
is its polar moment of inertia (mass x radius of gyration 
squared) about its axis of rotation. For a fly-wheel or pulley 
it is foimd approximately by multiplying the weight of the rim 
in pounds by the square of the distance in inches from the axis 
to the centre of gravity of the section of the rim, the result 
being in in.* lb. units. This undoiestimates the moment of 
inertia slightly, and a more accurate method will be described 
later. The fly-wheel effect of the running gear of one cylinder 
is found with sufficient accuracy for most purposes by adding 
the weight of the revolving parts (crank-pin + unbaUnced 
part of two crank webs -f 0*65 to 0*6 of the connecting rod) to 
half the weight of the reciprocating parts (0*35 to 0*5 of the 
connecting r^ + cross-head -I- piston-rod + piston, etc.), and 
multiplying the sum by the square of the cnu^ radius. 

For a screw propeller the raffius of gyration may be taken as 
0*36 and 0*42 of the radius for built and solid screws respectively 
(see p. 203). 

I6» 
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Degree <A Uniformity.— 

^ r .1. .X Max. speed—Min. speed 

Degree of uniformity=-vj-— 

® •' Mean speed 

Let d=Degree of uniformity. 

Wi=Max. angular speed in radians per second. 

ft ff ff fy 

Then d=2t!^.(1) 

(Wi+Wi) 

For a specified value of “ d ” the necessary fly-wheel effect 
is calculated by means of the resultant twisting moment curve 
of the engine. Let Pig. 65a represent the twisting moment 
curve and the line A C the mean twisting moment. Let ABC 
be the loop of largest area (with multi¬ 
cylinder engines there are in general as 
many positive and negative loops in a 
complete cycle as there are cylinders, and 
the area of each positive loop is the same 
as that of each negative loop). If the 
loop A B C is above the line A C, then the speed of the engine 
is a minimum at A and a maximum at C, and the increase of 
rotational energy of the fly-wheel, etc., between A and C is 
equal to the work represent^ by the area of the loop ABC. 

Let A=Area of loop A B C in sq. in. on the diagram. 
E=Work represented by A B C in in. lb. 
a=2Scale to which turning moments are plotted in in. lb. 
to the inch. 

b=Scale to which crank-shaft degrees are plotted in 
degrees to the inch. 

A X & X b 

Then E= j - ;. ^ —, 67-S being the number of degrees in a 
radian. 

Let WK*=Fly-wheel effect (moment of inertia) in in.* lb. 

WK*.w* 

Then kinetic energy of wheel=— ^ —(g=386 in./sec.*). 


Fio. 65a. 


2 g 

Change of kinetic energy, from A to C 

WK*, . „ WK», w . . WK».d 

= -^(Wi*-W2*)=-^(Wi-Wj) (Wi-|-W2)=— 

=WK*.d.W*(MKAlt) ^g 

if the difference between w^ and Wj is small. 

But the chsmge of kinetic energy is equal to E. 


(wi-f-w,)* 
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E^ 


WK* 


and d: 


386 
Ex 386 
'WK*.wa 


.d.w® 
or WRa 


Ex 386 

wa.d 


( 2 ) 


Example: Single cylinder engine 10' bore x 16* stroke 
Bevs. 300. Turning moment diagram as in Fig. 63, full line. 
E=151,000 in. lb. Radius of g 3 n'ation of wheel 30*. Requited 
to find the weight of the wheel to give a degree of uniformity of 
1/80. 


W.K*= 


300x27r ^ 

w=—r., 1 — =31*4 radians per sec. 
161,000x80x386 


60 
Ex 386 


=4,730,000 


wa.d 31-4* 

( 2S6\ 

267 H — — j X 7-5*=21,600 

WK* for fly-wheel=4,730,000-21,600=4,708,400 in.* lb. 
but K=30* 

4,708,400 
30* 


W= 


-=5230 lb. =2-34 tons. 


Twiating Moment Diagrams for two and four stroke engines 
having from one to eight cylinders are shewn hi Figs. 65 to 67. 
These have been drawn for an engine 10* bore by 15* stroke. 
As the twisting moments of tw'o engines of different sizes are 
proportional to the bore* x stroke, these curves may be used 
for engines of any size by multiplying the moments by the 
bore* (in inches*) x the stroke (in inches) and dividing by 1600. 
The excess energy represented by the largest loop in each 
diagram is given in the schedule below for each case. 


Four Stroke Engines. Two Stroke Engines. 


. 

Number of 
Cylinders. 

E in in. lb. 
for lO'xlS-' 
Cylinder. 

E in in. lb. 
forrxr 
Cylinder. 

E in in. lb. 
for 10'X 16" 
Cylinder. 

E in in. lb. 
for I'Xl' 
Cylinder. 

1 

161,000 

101 0 


83-7 

2 

127,600 

84-8 


390 

3 

110,000 

73-4 


32-4 

4 

38,600 

26-7 


260 

6 

39,100 

261 


7-4 

8 

31,700 

! 

211 


1-6 
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Snbstituting those values of E for a cylinder 1 in. x 1 in. in 
equation (2) the following formula is obtained:— 


WK» 


C.B*S 



(3) 


Where B=Bote of cylinder in inches. 

S=Stroke in inches. 
n=Revolution8 per minute. 

Values of C are given in the following schedule :— 


No. of 
Cylinders. 

C for 4 Stroke Engine. 

C for 2 Stroke Engine. 

1 

365 

243 

2 

298 

137 

3 

267 

114 

4 

90 

91 

6 

91 

26 

8 

74 

6 


Values for '* d ’* used in Diesel Engine Practice.—For 
certain purposes, as for instance spinning mills, a line degree of 
uniformity is desirable, and d=about 
For dii^ coupled continuous current dynamos d=]^v is 
sufficiently fine to prevent flickering of lights and may be used 
tmless considerations of momentary governing demand a 
heavier wheel than the use of this figure would give rise to. 

For marine engines and land drives, where regularity of 
turning is not of importance, “ d ” may be about 
The above values for the degree of uniformity must be used 
with caution, as in a large number of cases (particularly four 
stroke engines of six cylinders and upwards and two stroke 
engines of three (flinders and upwards) the considerations 
discussed in the next article outweigh those of regularity in 
turning (see ^Iso B.S.I. 649/1436). 

Momentary Governing.—^Under the head of governing it is 
usuafly specified that the rise in speed when the load is thrown 
off suddenly or the fisll in speed when the load is suddenly 
thrown on shall not exceed a certain percentage (usually 
between 6 and 12) of the mean speed. With air injection 
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the governor has little control over this rise-or fall of speed, as 
at the instant when the load is thrown off sufficient fuel has 
already been deposited in the pulverisers to carry the engine 
against full load for a period which may be anything up to 



two revolutions in the case of a four stroke engine. The brake 
energy developed during this period is entirely devoted to 
accelerating the fly-wheel and other rotating masses. Owing 
to the fact that the governor does not act immediately the load 
is thrown off, the wheel should be capable of absorbing the 
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whole power of the engine for about three re\olution8 for a 
four stroke engine, and 1*5 for a two stroke engine; for airless 
injection about two revolutions and one respectively. 


Example : B.H.P. of engine (four stroke) 180 
Revolutions per minute 375 

Momentary rise in speed when 
full load is suddenly thrown 

off. 

Radius of gjnration of wheel . 

It is required to find the weight of the fiy-wheel, neglecting 
the fiy-wheel effect of the running gear. 


12 % 

18 in. 


Work done per revolution at full load 


180 x 33,000x12. 


Energy corresponding to three revolutions 
180 x 33,000 x 36 


376 


in. lb. 


376 


2?rx376 


670,000 in. lb. 

Angular speed at full load —^*^“39*3 radians per second. 

Momentary angular speed when load is suddenly thrown off 
39*3 X 1*12=44*0 radians per second. 

If W=weight of wheel, then - 
Wx 18* 

(44*-39*3*) =570,000 in.* lb. 

and W=3470 lb. 


Alternators in Parallel.—When two or more alternator sets 
are being run in parallel it is a neceswry condition for working 
that they keep almost exactly in phase. Due to inequalities 
of twisting moment, slight differences of phase inevitably occur, 
and these give rise to synchronising currents between the 
various machines, the tendency of these currents being to 
accelerate the lagging machines and retard the leading onbs. 
This effect keeps the whole system in a state of stability, but 
cannot be relied on to correct any large fluctuations, and on 
this account it is usual to specify that the maximum deviation 
from uniform rotation shall not exceed three electrical degrees 
on either side of the mean. If the alternator under considera¬ 
tion has a field of two poles only, then the electrical degrees 
correspond to crank-shaft degrees. In general, if the number 
of pole pairs is “ p,” then one crank-shaft degree corresponds 
to “ p ” electrical degrees. So far as the engine designer is 
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concerned, then, the problem consists in ascertaining the fly¬ 
wheel efiect required to keep the cyclic fluctuations on the 
engine fly-wheel within a certain number of degrees, or more 
commonly within a certain fraction of a degree of revolution, 
on either side of the mean. 

The method of calculation may be described briefly thus:— 

(1) Assume any convenient figure for the fly-wheel effect, 

e.g. 100,000 in.* lb. 

(2) Plot twisting moment curve for complete period, taking 

the zero of ordinates at the mean twisting moment. 

(3) Reduce crank angles to time in seconds, assuming uni¬ 

form rotation. 

(4) Reduce twisting moments to angular acceleration in 

degrees per second* by dividing by the assumed fly¬ 
wheel effect and by the acceleration due to gravity 
(386 in. per sec.*) and multiplying by the number of 
degrees in a radian (57'3). 

(6) Plot angular acceleration to time or crank angle base. 

(6) Integrate by planimeter, or otherwise, obtaining angular 

speed curve. 

(7) Integrate again, obtaining angular displacement curve. 

(8) Measure maximum deviation from the mean position in 

degrees. 

(9) Increase or decrease the assumed fly-wheel effect in pro¬ 

portion as the angular deviation so found is more or 
less than the deviation specified. This gives the fly¬ 
wheel effect required. 

Example : Three cylinder, four stroke engine :— 

Bore.20 in. 

Stroke.32 „ 

Revolutions per minute . . . 150 

Number of pole pairs .... 20 

Angular deviation. ± 3 electrical deg. 

Twisting moment curve as in Fig. 68. 

The mean twisting moment being 
taken as the basis. 


The whole calculation is contained in the table below, in con¬ 
junction with Figs. 68, 60 and 70. 

Since the engine makes 160 revolutions per minute, therefore 

20x60 
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Assume fly-wheel efiect of 10^ in.‘ lb. for purposes of calcula¬ 
tion. Then:— 


Acceleration in radians per sec.*= 


Twisting moment x 386 
10 « 


in degrees per sec.*=: 


T.M.X 67-3x386 


T.M. 

46-3 


Referring to the table below ;— 

Values given in column 2 are scaled off Fig. 68. 

„ „ 3 are obtained by dividing those 

in column 2 by 46-3. 

„ „ 4 are obtained by multipl 3 dng the 

values in column 3 by 0-0222 
sec. 


Column 5 is obtained by successive addition of speed 
increments. 

Column 6 contains corrections necessitated by the fact that 
the resultant of column 5 is not zero, owing to errors. 

Column 7 gives correc4d speeds which are plotted in Fig. 69. 



0 a n » tt m oamminDiooixwDes o m « a » nommmittKommit 


Fio. 68. 


Fio. 69. 



Columns 8, 9 and 10 are obtained similarly to columns 2, 
4 and 6. 

Total swing in phase (see Fig. 70) 24-f28=62° or 26° each 
side of the mean. 
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Allowable swing, 3 electrical deg.=^=crank-shaft deg. 

Jix) 

My-wheel effect assumed for calculation, 1,000,000 in.* lb. 
Therefore fly-wheel effect required 


1,000,000 x 20 x 26 
3 


=173xl0«in.*lb. 


If radius of gyration of wheel is 65 in. 


Weight of wheel 


173x10® 
66*X2240 


= 18-3 tons. 


Allowance for the fly-wheel effect of the alternator rotor 
would reduce this figure a little. 

Precautionary Notes—It seems advisable to add a few 
words of warning regarding the data given and methods 
described above. The turning moments and values of excess 
energy are definitely related to the indicator diagram Fig. 61 
and other data for the engine in question. If a different dia¬ 
gram had been used, for example, a supercharged engine 
diagram, the results would naturally be different. 

The shape of the resultant ttmiing moment diagram may 
be greatly influenced by inertia of the reciprocating parts. 
In the case of a 4 or 6 cylinder four stroke engine this effect is 
so pronounced that with a constant indicator diagram there 
is one speed which gives a minimum degree of irregularity. 
Reciprocating inertia should be taken into consideration in 
finding the resultant turning moment of 1, 2 and 3 cylinder 
two stroke engines and 2, 4, and 6 cylinder four stroke engines. 

In any case very fine degrees of irregularity due to small 
calculated values of excess energy are liable to be exceeded in 
practice due to imequal firing. A method of allowing for this 
will be given later. 

Calculation by Harmonics.— If the twisting moment diagram 
for one cylinder is analysed into harmonic components (Fourier 
Series) the results can used for calculating degrees of irregu¬ 
larity, etc., for multicylinder engines as described below. If 
the ignitions follow at equal an^lra and without simultaneous 
firing, the resultant twisting moment curve of an N cylinder 
engine consists of harmonics of order N, 2N, 3N, etc., multiplied 
by N and superimposed on the mean twisting moment. For 
an approximate result the harmonics 2N, 3N, etc., may be 
neglected, leaving N times the Nth harmonic. 
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Let N —number of cylinders. 

h„=Nth harmonic of turning moment* expressed in lb. 
per in.^ of piston area tangential to the crank circle. 

The height of one arch of the resultant twisting moment curve 


is then, 




The mean height of the arch is 2 / 7 rth. of this, 


i.e. 


Nh,B*S 


The angle in radians occupied by the arch is 27r/2N, for a two 
stroke engine and 47 r/ 2 N for a four stroke engine, so the excess 
energy. 


(4) 


E=-^h«BaS .2 cycle 

.4 „ 

(N.B. h^ is not the same for 2 cycle and 4 cycle.) 

On the adjoining table values of E and C (equation 3) have 
been tabulated for four stroke and two stroke single-acting 
engines and double-acting two stroke engines, I aving 4 to 12 
cylinders. The values may be compared with those given on 
page 171. 

The angular fluctuations can be dealt with similarly. 

The angular acceleration for a 2 cycle engine is given by, 

TrNh^B^S 386 . /N27rn\, 




wk«n“^/ 


where n=revolutions per minute and t=time in seconds. 
The amplitude of d in degrees is given by, 

,wNh„B«S 386 / 60 \* 

j Wk*VN27m/ 


^.==±57-3- 


=79 


=306 


h,B»S 
'N(i)*Wk* 
h,B*S 


N(.i)*Wk* 
D.B*S 


. 2 cycle 
.4 cycle 


.(5) 


-(.i)*Wk« 

Values of D are also given in the adjoining table. 
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The additional angular fluctuations due ^o unequal firing 
may be calculated on the unfavourable assumption that half 
the cylinders fire consecutively with mean tangential pressures 
say 3 for a 2 cycle and H Ib./in.* for a 4 cycle engine, 

above average, and the remaining cylinders the same amounts 
below average. Wo consider then a supplementary turning 
moment diagram of stepped rectangular form ; the velocity 
diagram consists of triangles and the displacement diagram is 
formed by parabolic arcs. The time occupied by an excursion 
from the mean position to a positive or negative extreme is one 
quarter of a cycle, i.e. 15/n seconds (2 cycle) and 30/n (4 cycle). 
The angular acceleration. 




x 


386 \ 

WkV 


.. 2 cycle 
.. 4 cycle 


The angular displacement in degrees (±)=57-3x half the 
angular acceleration x the square of the time interval, 




57-3 37r5<386 


16 


\ W jVn/ 






0 ° = 


146NB2S 

202NB*S 


(;^PVVk2 

F.B*S 


. 2 cycle 
.4 cycle 


(.^,)®Wk 2 


. 2 cycle 


.4„de 

2 16 [Wk*(\li/ 

reducing to, 


.( 6 ) 


where P is a function of N and the cycle (see table). 

The table also shews values of G==D+P for the combined 
effect of cylinder impulses and unequal strength of firing. 

To find the Moment of Inertia of a Fly-wheel.—In the first 
instance, suppose the wheel in question is a disc wheel, i.e. a 
solid of revolution. Referring to Fig. 71, the thick, full line 
represents the section of the wheel. Z Z is the axis and S S is a 
line through the extreme radius of the wheel parallel to the 
axis at a distance R from the latter. Rule any line A B parallel 
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to the axis, cutting the outline of the section in A and B. 
Project A and B on to S S at C and D. Join C and D to any 
convenient point 0 on the axis, cut¬ 
ting A B in Aj and B^. Proceed 
similarly with different positions of 
the line A B and join up the various 
positions of A^ and B^, thus obtain¬ 
ing a new figure—the Eirst Derived 
Figure. Treat this figure as though 
it were the original figure, and ob¬ 
tain the Second Derived Figure. 
Similarly with this figure obtaining 
the Third Derived Figure. 


s < 


I D S 

L 

k 









•p 

jT 

R 




_\ 

r 

1 




J 


Fio. 71. 


Let A=Area of original section in sq. in. 

Ai=Area of First Derived Figure in sq. in. 

Aj=Area of Second Derived Figiu^ in sq. in. 

As=ATea of Third Derived Figure in sq. in. 
w=Weight in lb. of one cubic inch of the material. 

fE 1 fE 1 fE 

Then A=J ^y.dx, Ai=^J ^x.y.dx, A 2 =^jJ ^x*.y.dx, 

1 f« 

fR 

Weight of wheel=27r.wj x.y,dx=27r.w.R.Ai 
J 0 

Moment of inertia of wheel=27rw] x®y.dx=27rw 

J 0 

Radius of gyration^=R*.^ 

The above hold good for any position of the line S S, which 
may therefore be taken where most convenient. In cases 
where the section tapers towards the extreme radius (a screw 
propeller, for instance) the line S S is best located at a distance of 
about one>half or one-third of the extreme radius from the axis. 

In the case of a screw propeller or a fly-wheel with arms, the 
rotating body must first be reduced to an equivalent disc wheel. 
This is readily done as follows: Describe a radius R which cuts 
through the arms or blades, as the case may be. Divide the 
total area of section at this radius by 27r.R and the result is the 
thickness of the equivalent disc at this radius. Repeat for a 
number of different radii covering the whole range. 
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Types of Fly-wheels.—^Fig. 72 shews a disc wheel cast in one 
piece and provided with a number of drilled holes in the rim for 
turning the engine by means of a bar. Degree marks are cut 
on the edge of the rim to facilitate valve setting. Fig. 73 shews 
a disc wheel with a separate centre, an arrangement which 



Fio. 72. Fio. 73. 


makes it easier to obtain a sound casting. Large wheels ate 
usually cast in two pieces, and Fig. 74 shews a design which is 
suitable for weights up to at least 20 tons. It should be noted 
that no keys are provided for securing the wheel to the shaft. 
If the boss of the wheel is bored one-thousandth per inch of 
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diameter less than the shaft and the bolts are draMm up at 
about the temperature of boiling water the frictional grip is 
quite sufficient for the largest wheels and the danger of split¬ 
ting the boss of the wheel involved in the use of keys is avoided. 
The same applies to pulleys for belt or rope drives. A rather 
more elaborate wheel, in which greater precautions have been 
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taken, is shewn in Fig. 75. In this cose it is advisable to make 
the bore of the wheel the same as the shaft diameter and to give 
a shrinking allowance of about one-thousandth per inch of 
diameter to the bore of the shrunk ring. For large stationary 
engines some form of barring gear is necessary, and where 
electric power is available a motor-driven gear is a great con¬ 
venience. For marine engines a worm, or other self-locking 
gear, is essential, and where the auxiliaries are electrically 
driven an electric turning gear should be fitted, as the use of 
the latter greatly expedites adjustments to the valve gear. 



I 



Fig. 78. 


Strength of Fly-wheels.—Continental practice favours a 
peripheral speed of about 100 feet per second for cast iron fly¬ 
wheels, and this corresponds to a stress of about 1000 lb. per 
sq. in. An investigation by Mr. P. H. Smith into the case of a 
q>lit fly-wheel which burst at Maidenhead in 1912 shewed that 
^ oigine (the fly-wheel of which had a normal working peri¬ 
pheral speed of about 100 feet per second) was miming about 
double its normal speed, and as the stress varies as the square 
of the speed, it follows that the factor of safety under normal 
conditions was about 4. Destraction tests of wheels and 
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models of wheels shew that the bursting speed is about 200 feet 
per second for split wheels and 400 feet per second for solid 
wheels. The discrepancy seems very large and difficult to 
account for. Average British practice is in favour of a slightly 
lower peripheral speed (about 90 feet per second). With 
marine engines considerations of space generally necessitate a 
still lower figure. The strength calculations for a fly-wheel 
will bo illustrated by an example. 

Example: Required to find the approximate dimensions 
of a fly-wheel suitable for 180 revolutions per minute given that 
W.K*-40,000,000 in.* lb. 

Peripheral speed, 100 ft. per see. 

Maximum twisting moment due to engine, 460,000 in. lb. 

Outside radius of wheel—— 27rX 180 ~~^^ ^ ^ 

Take inside radius of rim=62 in. 

Then radius of C.G. of rim 8eetion=68 in. 

Let B—width of rim. Then ;— 

Weight of rim=12xBx27rX58x0*26 

And approximate moment of inertia 

= 12xBx 1*64X58*=40,000,000 in.*/ll. 

From whieh B=10*5 in. 


Since the stress due to a peripheral speed of 100 ft. per sec. 
is about 1000 Ib./in.*, the total tension at each joint of the 
rim is equal to 12x10*5x1000=126,000 lb., for which pull 
the dowel and cotter section must be designed. 

Allowable stress in dowel, say 6000 lb. per sq. in. 

__ . , , . 126,000 

Effective area of dowel section gjjQQ ®*1* i“* 

Since about one-third of the section of the dowel is cut away 
by the cotter hole (see Fig. 76), the gross-seet^nal area of the 
21X 3 

dowel must be —=31*5 sq. in., say 4 in. X 8 in. 

^ 8 

Thickness of cotter=g—about 2i in. 

Bearing pressure of cotter on dow’el 

2^1^^=11,450 lb. per sq. m. 
which is allowable. 

If the hole for the dowel is made ^ in. wider than the dowel 
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itself, the bearing length for the cotter on the rim will be 
10*5—4-6=6 in., and bearing pressure of cotter on rim 


126,000 

2-76x6 


=7660 lb. 


per sq. in., also allowable. 


Allowable shear stress for cotter (which is in double shear), 
say 6000 lb. per sq. in. 

_ , .. 126,000 
Depth of cotter 5 qoo^2-76 ~^‘^ 

rounded ends. ' 

The distance “ 1 ” between the inside edge of the cotter hole 



and the rim joint must be sufficient to obviate risk of the 
intervening metal being tom out in double shear. (This point 
is sometimes overlooked in otherwioo well-proportioned rim 
joints.) 
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Allowing a shear stress of 1000 lb. per sq. in.:— 


1 


126,000 
1000 x 2 x6 


= 10-6 in. 


Owing to the difficulty of analysing the straining actions on 
the arms it is well to give the latter ample proportions. 

An approximate method of calculation is given below. 

Assuming that the maximum twisting moment due to the 
engine (460,000 in. lb.) is transmitted to the rim by means of 
a constant shear force across the arms, and that the bending 
moment is a maximum at each end of an arm and zero at the 
centre. 

The length of each arm from boss to rims is about 40 in., 
and the distance of its centre from the centre of the wheel 
about 32 in. qqq 

Then shear force in each arm=2340 lb. (assuming 
six arms). 

■* And maximum bending moment at end of each arm= 
2340x20=46,800 in. lb. 

Taking a low stress of 600 per sq. in., to allow for direct 
tension in the arms, bending modulus of arm section 


46,800 

600 


=93 in.» 


This is satisfied by a rectangle section 6 in.xlO in., which 
could be replaced by an oval section about 7 in x 12 in. to 
reduce wind resistance. The bolts at the hub of the wheel are 
sometimes made as strong as the rim joint, in which case the 
core area of two bolts will be the same as the net effective 
area of one dowel, viz. 21 sq. in. 

This gives a bolt of about 4 in. diameter. If shrunk rings are 
employed these will have a square section about 10-6=(3J in.)*. 

The above calculations must be regarded as preliminary only, 
and give the draughtsman a basis on which to start designing. 
The next step will be to check over the weight and radius of 
gyration of the complete wheel in the manner already described. 
The dimensions and stress calculations will then be amended 
accordingly. 


Literature.—^Por information on the strength of fly-wheels, 
see:—^Unwin, W. C., and Mellanby, A. L., “ The Elements of 
Machine Design,” Fart II. 
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TORSIONAL VIBRATION 

Torsional Vibrations of Crank-shafts.—^Volumes have been 
written on ti»is subject (see list of references, page 215), but a 
simple method devised by the author can be explained briefly 
with reference to an example. If there are “ n ” rotating 
masses in the system thei-e are (n-1) different luodes of fiee 
vibration (each with a characteristic frequency) involving 

1, 2, 3.(n-1) nodes respectively. Fi’oquently the one 

noded vibration only is important and this, the simplest ease, 
only will be dealt with here, but the method is fairly general 
and can be extended to more complicated cases. When there 
are two masses, for instance a Hy-wheel and dynamo rotor 
each heavy in comparison with the crank masses, then the 
one noded and the two noded vibrations may be equally 
important. If the fly-wheel is coupled to a screw propeller by 
long flexible shafting, then a single node in the crank-shaft 
system is accompanied by a second node near the propeller, 
but the amplitude of tlie crank-shaft vibrations are scarcely 
affected by the propeller as the amplitude of vibration of the 
propeller is too small to introduce much damping. Also the 
frequency is scarcely affected by the shafting and propeller. 
If the shafting is short the propeller should be included in the 
calculation along with the crank masses, fly-wheel, etc. The 
method will be applied to the following data ;— 

Six cylinder four stroke Diesel Engine. Bore 20", stroke 40", 
crank-shaft dia. 12", thickness of webs 7J", thickness of 
couplings 3", centres of cylinders (normal) 40", centres 3 to 4 
80", centre of No. 6 to inside of aft coupling 30". 

Moment of inertia of fly-wheel . . 33-Ox 10® in.® lb. 

„ „ „ each set of crank 

masses 2-2x10® „ ,, 
(Including 1 recip. mass x cranl; rad.®) 

190 
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To reduce length to equivalent plain shaft U2' dia. deduct 
30% of web thicknesses and ignore flanges giving :— 

Equivalent normal centres, 40—0-3 X 15 . =36-5' 

„ centi-es No. 3 to No. 4, 80— 6— 0*3 x 15 =09-6* 

„ No. 0 to fly-wheel 30-0-3 X 7-6 . =27-76' 

To determine the relative amplitudes at the various masses 
during free vibration only relative masses and relative distances 
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are necessary, and these are given in Fig. 77'in terms of a 
crank mass and normal equivalent centres respectively. Other 
writers have given graphic and algebraic method; that 
adopted here is an arithmetic convergence process given in 
tabular form on page 193. The first line is a first approxi¬ 
mation taking amplitude at cylinder No. 1 equal to tmity; 
node located at C.6. of equivalent masses and vibration form 
assumed linear. Line 2 gives (amplitudes X relative masses). 
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Line 3 is obtained from line 2 by chain addition left to right 
and the figures are proportionate to the relative torques between 
the masses corresponding to the assumed defiections. Line 4 
is obtained by multiplying the figures of line 3 by the relative 
distances between masses. The figures so obtained are pro¬ 
portional to relative twists between masses. Line 5 is a chain 
addition of 4 from right to left giving deflection amplitudes 
relative to the right-hand mass. Adding and dividing by the 
total relative mass (21) gives deflection of right-hand mass 
relative to a second approximation to the node (Line 6). 
line 7=5—6, amplitudes relative to node. line 8 the same 
reduced to unit deflection at cylinder No. 1. This is the 
second approximation. Lines 9 to 16 give a third and final 
approximation plotted in Fig. 78. 

The frequency of the system is now easily calculated ; for 
a single mass (moment of inertia 'Wk^=in.‘ lbs.) at one end 
of a steel shaft (0=12,000,000 Ib./in.®) of dia. “ d ”, and length 
“ 1 ” (inches) fixed at the other end, the natural frequency is :— 

204 d^ 

^^VWk2-l-M0«'^^"“". 

For “ n ” masses the corresponding formula is:— 

204. d^ _ 

+W*k,S....W„k„x)^ 10».... (2) 

See Fig. 78. 

Applying this to the part of the system lying to the right of 
the node:— 

204xl2 »_ 

F=^0:9^36^x 2^0 [(i6x0-219)-f(lX'04)]=877 ^ 


Similarly to the left of the node :— 
204x12* 


F_^0^83>^16g±2:^[0.i92 +o-415-fO-79 -FO-98 -fioo] 


= 872 -^ 

mm. 


.checking within 1%, mean, say, P=876. 

The calculation of vibration stresses due to synchronising 
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of harmonics with this natural frequency is given in the 
annexed table:— 


1. 

2. 

3. 

4. 

6 . 

6. 

Order of 

Critical 

Value of 


Equilibrium 

Vibration 

Hftnnonic. 

apeed 

Harmonic. 

^a]n 

atreaa f. 

atreaa 

i 

R.P.M. 

Hi 

lb. aq. in. 

Ib./in.* 

fr 

6 

292 

250 

3-29 

1,690 

26,000 

7 

360 

200 

0-55 

226 

13,600 

8 

219 

15-5 

0-22 

70 

8,000 

9 

195 

no 

215 

490 

17,300 

10 

175 

8-5 

0-22 

39 

4,600 

11 

159 

6-3 

0-55 

71 

8,200 

12 

146 

46 

3-29 

311 

16,100 

13 

135 

3-5 

0-56 

40 

4,600 

14 

125 

2-8 

0-22 

13 

1,600 

15 

117 

2-2 

215 

98 

10,200 

16 

no 

1-7 

0-22 

7-7 

800 

17 

103 

1-4 

0-55 

16 

1,900 

18 

97 

M 

3-29 

74 

8,600 


Column 1 gives orders of harmonics (i) from 6 to 18 in terms 
of a cycle (two revolutions in the case of a four stroke engine) 
as the fundamental period. Column 2 gives the revolutions 
per minute at which these harmonics become critical=2P/i 
=1750/i. Column 3 gives the amplitudes of the harmonics of 
applied torque per cylinder due to gas pressure at M.I.P. of 
100 Ib./sq. in. and are expressed in lb. per sq. in. of piston 
area acting tangentially at the crank circle. The values have 
been read off curves given by Lewis (see p. 215). 

Column 4 gives the resultant 2'[a]n of a vector sum of 
deflections taken from the vibration form (Pig. 78), the 
deflections being set out in correct phase relationship in 
accordance with the scheme set out in Fig. 79. For Harmonics 
of orders, 1, 7, 13, 19, etc., the phase relationship is that of the 
cams roimd the cam-shaft. For Harmonics of orders, 2, 8, 14, 
etc., the angles are doubled and so on. Column 5 gives 
“ equilibrium stresses ” calculated from the formula :— 

f,=20-6 2taL- H,..... (3) 

Finally Column 6 gives the vibration stress which is related to 
the equilibrium stress by a relation which can be expressed 
graphically by plotting the values given (see Fig. 80). 




TORSIONAL VIBRATION 


195 


The derivation of equation 3 has now to be explained. Fig. 
78 under shows a vibration form. Suppose the shaft is rigidly 
held at the node and that torques Ti Tg T 3 ....are slowly 
applied to the points indicated. Also suppose that the deflec¬ 
tions ai ag ag, etc., are so regulated (by gearing, for example) 




Fia. 78. 



O 


Fio. 79. 
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that the deflections retain their relative magnitudes whatever 
may be the relative magnitudes of T^, T^, T*, etc. Let the 
twisting modulus of section of the shaft =Z. Then it can be 
shewn by the principle of work that the stress at the node in 
these circumstances is given by ;— 

In-U 

This is the “ equilibrium stress,” and the relevance of this 
conception depends upon the fact that at resonance (i.e. at a 
critical speed) the vibration form is practically the same as 
that of a free vibration whatever the magnitudes of the applied 
forces. 

But, 

i;T„-a„=2^aL-H,-A-R .•..(6) 

where, A=Piston area sq. in. 

R =Crank radius in. 


. f _ ^ [a]n.H|.A.R _ 1 y ^ 1 ftp 

■ Z ^ ^ I^-l, 

lo-ln-l 

Now, A=0-785x20*=314 in.*, R=20 in., 
340 in.® 


( 6 ) 


Z=7rl2®/16= 


a^—ao_0-192 
li—lo “ 0-83 


=0-232 


Ja,-a„-t )®_0-180® 0-04* 

(In-ln-i) 0-78 '^0-174 
M4* 
1 


0-192® 0-223® 0-223® 
0-83 ■^■'0-83 1 


0-07® 

^ 1 


0-208 


0-275® 

1-96 




/ 0-232 

\0-208 


X X 2o)=20-6 2Ia]„. Hi . 

which is equation 3. 


The relation—^vibration stress/equilibrium stress is the 
“ resonance factor ” which depends partly on the internal 
work done in the shaft itself on account of elastic hysteresis. 
The relation given by Fig. 80 has been deduced from torsio- 
graph measurements. For vibration stresses up to about 5000 
Ib./sq. in. the resonance factor is nearly constant at about 80, 
but decreases as the vibration stress is increased. 
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The expedients available for removing dangerous critical 
speeds from the working range are:— 

1. Altering the distribution of mass moment of inertia. 

2. Altering the order of firing. 

3. Altering the diameter of the shaft. 





When the working range is a wide one it may be impossible 
to avoid dangerous critical speeds, and in this case a vibration 
damper as, for example, that devised by Lanchester, may be used. 
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Critical Speed of Marine Tunnel Shafting—^As a second 
example suppose that the engine referred to in the previous 
section is coupled to a screw propeller 12 ft. dia. weighing 
2-8 tons by means of a thrust shaft 8 ft. long by 9^ in. dia., a 
tunnel shaft 60 ft. long (neglecting coupling widths) by 9 in. 
dia., and a propeller shaft 15 ft. long by 9f ip. diameter. 
B.H.P. 800 @ 120 R.P.M. (full speed). 

It is sufficiently accurate to regard the engine as a single 
mass of WK®=10« (33+6X'2-2) 

=10«x46-2in.Mb 

located the centre of mean position of the fly-wheel and 
crank-mass moments of inertia. 

The equivalent distance from the centre of the engine to the 
fly-wheel (see Fig. 77) is, 

35-5 (0-98-fl-f l-t-0-78)=133 in. 

The distance from the fly-wheel to the ix)sition of the 
equivalent mass is then :— 


133 X- 


6x2-2 


= 133 * L. 
15-1-6 


.38 in. 


33-0-|-(6x 2-2) 

We now reddee the shafting between the equivalent engine 
mass and the propeller to an equivalent uniform 9" shaft of 
equal flexibility as under:— 


Crank-shaft (part of) . 

• • ’*( 12 )* = ”• 

Thrust shaft 


Tunnel shaft 

. 60x12 =720 in. 

Propeller shaft . 



Total length of equivalent 9 in. shaft . 940 in. 


The radius of gyration of a solid propeller is usually about 
0-41 of the extreme radius. Experience shews that it is 
necessary to add about 25% .to the actual weight of the pro¬ 
peller to allow for the mass of water associated with the motion 
of the propeller ; hence:— 


WK* of propeller=1 -26 x 2-8 x 2240 


/0-41X 12x12 




xi2y 


=6-86xl0« in.* lb. 
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We have now a system consisting of two masses comtected 
by 940 in. of 9-in. shafting. The distance of the node from the 
propeller;— 


46-2-1-6-85 


;=820 in. 


By formula (1) the natural frequency is, 
204 XQg ,,, , . 

V6-85x820'“^^^ 


Since the 6 cylinder four stroke engine gives three main 
impulses per minute the principal critical speed will occiir at 
221^-3=74 R.P.M. 


i.e. at about 60% of full revolutions. 

This is quite a usual and safe position for the critical speed of 
a marine engine arranged amidships. 

Fig. 81 shews the approximate variation of torque in the 
tunnel shaft at various revolutions. The mean torque at full 
power:— 


80^x33.000x22 
2?: X120 


=420,000 lb. in. 


The mean torque at other revolutions varies rotr<<hly as the 
/R.P.M.y 

V 120 ; 

The cyclical fluctuation of engine torque requii’es separate 
investigation but will be of the order = ±400,000 in. lb. At 
slow speeds a fraction of this, viz. 6*86-4-(6-85±46-2), i.e. 
12-9% or =52,000 in. lb. only will be transmitted to the 
propeller, the remainder being absorbed in accelerating and 
decelerating the engine masses, the fly-wheel in particular. At 
speeds not too close to the critical, the fluctuation of torque in 
the tunnel shafting will be given approximately by the formula. 



At the critical speed itself, the fluctuation of torque in the 
tunnel shaft is limited by propeller damping and in circum¬ 
stances similar to those postulated in this example, torsiograph 
measurements indicate that it may amount to about ±600,000 
in. lb. 
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There is usually no special inconvenience involved in avoiding 
the critical speed in normal running. 

It is easy to see that with long shafting as in this example, 
the propeller has little influence on the frequency or magnitude 
of the crank-shaft vibration considered in the previous article. 
It will be recalled that the frequency of these vibrations is 



Fio. 81. 


876~/min. The vibration form for the complete system will be 
as shewn in Fig. 82. Let 1 = .distance of the second node from 
the propeller; then approximately, 


876= 


204 x 9* 
V6-86X1 


from which 1=62-6 ipches, less than 6% of the total shaft 
length. With these proportions a severe yibration stress in 
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the crank-shaft is associated with a negligible str^ in the tunnel 
shaft. 

When Marine Diesel Engines are arranged aft as in tankers 
it is generally not satisfactory to deal separately with the 
crank-shaft and tunnel shaft vibration; it is desirable to 



consider the system as a whole with respect to one and two 
noded vibrations. It is usually necessary to make the inter¬ 
mediate shafting above the requirements of Lloyd’s rules in 
order to raise the chief critical speed above the working range. 

Reduction of Shafting .—We proceed to consider in greater 
detail some of the problems of torsional vibration' calculations. 
As indicated above it is convenient to reduce all length of 
shafting to an equivalent uniform shaft of same standard 
diameter. If a stepped shaft consists of lengths li, Ij, I 3 .... 

having diameters dj, dj, dj_then the equivalent length 4 

of uniform shaft of diameter d® is given by :— 

I.=A,('tV.W 

since a shaft of length 1 ® and diameter d® will twist through 
the same angle under a given torque as the stepped shaft. K 
at the end of the calculation it is desired to calci^te the stress 
at any section of the shaft fix>m the calculated torque at that 
section, the modulus of the actual shaft section most be used. 

A shaft with a straight taper from smaller diameter dj, to 
larger diameter dj is equivalent to a uniform shaft of the same 
length having a diameter d® given by the following table:— 

J 

~=1 M 1-2 i 3 1-4 1-6 10 1-7 1-8 1-9 2 0 

di 

~=1 0-96 0-91 0-87 0-84 0*81 0-78 0-76 0-73 0-70 0-68 

dj 
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With regard to bolted flange couplings the writer’s practice 
is to ignore the flanges (i.e. treat them as infinitely rigid) and 
to ignore the fillets measuring the plain shaft diameter as 
though it extended to the rear face of the coupling. Any errors 
so involved are usually small and act in contrary directions. 

Cases of uncertainty arise in connection with shafts keyed 
or shrunk into relatively rigid bosses. The only general rule 
which can l)e given is to split the difference between the limits 
of greatest and least rigidity which appear possible in the cir¬ 
cumstances. The equivalent length of a crank-shaft from one 
cylinder centre to the next is a fundamental quantity in calculat¬ 
ing the torsional vibration of crank-shafts. If the journal and 
crank-pins are of the same diameter and the webs conform to 
Lloyd’s rules for built up shafts the writer finds that the 
equivalent length may be taken as the actual length minus 
30% of the length occupied by the webs. This simple rule 
has given excellent results in a large number of instances of 
marine main and auxiliary engines and stationary engines. 
Flange couplings and radii are ignored. Axial holes for forced 
lubrication if less than one-third the shaft diameter also ignored 
except in so far as they affect the mass of the crank-pin. 
Several formulae have been given by different writers* for 
calculating the equivalent length of a solid forged crank and 
sometimes the result is in excess of the actual length in contrast 
with the above. Such cases appear to arise when the webs 
are relatively weak compared with the journals and pins. If 
the webs are in accordance with Lloyd’s rules for built up 
shafts, but journals and pins have been increased beyond 
Lloyd’s requirements for the sake of torsional stiffness or 
otherwise, the above rule can be applied after first reducing 
the lengths of crank-pins and journals to their equivalents of 
Lloyd’s diameter and finally reducing to the actual diameter 
again. 

For example: if the crank-shaft referred to on page 190 
is increased in diameter from 12^ to IS"" (the webs being un¬ 
changed) the equivalent length of one crank-pin and jouma^ 
reduced from 16"" to 12^ is 

(40'-16*) =10-2' 

to which add 70% of 16''=10'4'' 
making total 20'6'' 

* Geiger, Constant, Carter, Jackson and others. 
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Reduced to 16" dia. again this becomes :— 

20-6(J|)*=49-5 

which is 1 *24 times the actual centres. 

Calculation of Mass Moments of Inertia.—graphical 
method has already been given (p. 184) for finding the moment 
of inertia of a solid of revolution. A convenient formula for 
cast iron or cast steel disc wheels is given in Fig. 83. 



Momont _0*0255 (cast-iron) S x> t\ 4 _ iX 

of inertia''0*0276 (steel) \ ^ ^ ® j 


Fio. 83. 


Screw propellers with elliptical blades may be calculated 
approximately for the following data :— 

Radius of Gyration 

Ratio of- 

External Radius. 

Built propellers. 0-36 to 0*37 

Solid propelle]rs. 0-41 to 0*43 

Add 26% to actual weight to allow for effect of water. 
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For convenience in calculating crank-pins, crank-webs, 
balance weights, etc., the radii of g 3 ^ation^ and moments of 
inertia of a number of useful shapes are tabulated in Fig. 84. 

Connecting rods are dealt with by dividing into the conven¬ 
tional revolving and reciprocating parts as in balancing 
problems. The contribution of the revolving part to the 
moment of inertia is taken as the revolving mass x (crank 
radius)The contribution of the total reciprocating mass, 


Fi^uae. 

M£H fl. 

K^/lftOOTO. 







JTab 




q\> 

,z 



5* 








Fio. 84. 


consisting of piston, piston rod and crosshead (if any) -f the 
reciprocating part of the connecting rod, is taken as ludf the 
total reciprocating mass X (crank radius)This takes account 
of the fact that at the top and bottom dead points, the recipro¬ 
cating parts contribute nothing to the moment of inertia, 
whereas in the neighbourhood of half-stooke, up or down, the 
whole reciprocating mass is equivalent to an equal mass 
concentrate at the crank-pin. The actual moment of inertia 
at each crank fluctuates to this extent. 

Any revolving masses connected to the main shaft by 
gearing so as to revolve “ N ” times as fwt as the main shaft, 
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axe to be multiplied by the factor N® to reduce them to equiva¬ 
lent masses revolving with the main shaft. Likewise any 
masses reciprocating with amplitude (semi-range) m times the 
crank radius and frequency ‘‘ n cycles per revolution of the 
main shaft are to be multiplied by i n^m® to give the equivalent 
average moment of inertia referred to the main shaft. 

Vibration Forms.—An arithmetical method of finding the 
relative displacements of the elements of a system oscillating 



about a single node has already been given. A graphical 
construction valid for one or more nodes and known as Gumpels 
method is shewn in Fig. 86. The pole o is found by trial; 
heights ab, bo, cd, etc., are proportional res^ctively to I^ai, 
I^ 2 f with due regard to + and — signs of a^, aj, etc. 

Lines oa, ob, oc, etc., are parallel to lines ABC, etc. The pole is 
correctly chosen when the construction concludes with a 
horizontal line (shewn dotted). It is preferable to start the 
construction with ai=unity to same convenient scale and to 
work with relative values for Ii, etc. 
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The vibration form for two masses is a straight line, the 
defleotions of the end points being inversely as the corre¬ 
sponding masses. 

The two noded vibration form for 3 masses is easily found 
by trial from the relations (see Fig. 86), 



Fro. 86. 


in which Ii=WiKi*, L=W 2 K* 2 , Ij^WsKs* 
guess li then l 3 =li ^ ; evaluate, 

and compare with IiL; repeat with new value 

of Ij until equality is obtained. 

Systems with equal and equally space masses are readily 
calculated and some results are collected in Fig. 87. These 
results refer in each case to systems anchored at one end, but 
they apply equally to symmetrical systems having double the 
number of masses or systems in which the masses shewn are 
balanced by another system having the same value of iTa. 
For example, the two mass aystem shewn is immediately 
applicable to the 10 mass system with 2 nodes indicated in 
Fig. 88. Against each system is written : 

(A) The fraction of the total mass (i7I) which if concentrated 
as a single mass at the C.G. of the given masses will give a single 
mass system of the same frequency. 
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(B) The relative frequency of the systems shewn. 

(C) The reciprocal of B, i.e. the relative periodic time. 

It will be noted that C tends ultimately to be directly pro¬ 
portional to the number of masses. Also that for 3 or more 
masses (A) differs little from 0-82. 



Applying this result to the data of page 191 we replace 
the crank masses by a single mass, 

0-82 X 6 X 2-2 X 10«=10-8 X 10* in.* lb. 

The fly-wheel moment of inertia is 33 x 10* in.* lb., and the 
distance from the engine centre to the fly-wheel =0*98 -(-2 -|-0*78 
=3-76 units of 36-6*. 
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The distance of engine centi'e to node is therefore 


3-76 


33 \ 

33+10-8/ 


=2-83 units. 


According to Fig. 78 this distance is 

0-98+1 +0-83=2-81 units, 
in close agreement. 

The frequency is found to be 


204x12* 

V'2-83X 35-6x10-8 


893^/min. 


within 2% of the previous result. 



The Natural Frequency.—Having determined the vibration 
form by one or other of the methods described the natural 
frequency is readily determined by a formulas for the natural 
frequency of a part system to one side of a node. 

One such formula (formula 2, with reference to Fig. 78) 
has already been given and follows immediately from considera¬ 
tion of the magnitude and deflection of a mass on the other 
side of the node capable of equilibrating the given masses. 
The formula suffers from the defect that the quantities l^ and 
ax are frequently small and therefore not determined to a high 
degree of accuracy. 

An equivalent formula is as follows :— 

204 d* 

1'= +W,k,*aJ,.WAXln 

Applying this to the previous data we obtain:— 

204x12* 

F= /2-2 X 35-5/6-79 X 1-00+4-79x0-93+3-79 x0-79'\ 

V i +1-83x0-416+0-83x0-192 ) 

=889'v/min. 
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The Harmonic Components of Torque.—^Each cylinder gives 
rise to a variable applied torque which repeats itself for every 
cycle of operations, i.e. once per revolution with 2 cycle engines, 
and once every two revolutions for 4 cycle engines. In order to 
eliminate all reference to any partici^r bore and stroke it is 
convenient to express the torque variation as a pressure per 
sq. in. of piston area, tangential to the crank circle. To convert 
this to torque it is only necessary in any specific instance to 
multiply by the piston area and the crank radius. 

For application to vibration problems it is necessary to 
analyse the variable tangential pressure (as given by a table 
or graph) into its harmonics of various orders, in accordance 
with the principles laid down by Fourier. A point of nomen¬ 
clature arises here. In this book we take the order number of an 
harmonic to be the number of times the harmonic repeats 
itself in an engine cycle, whether two stroke or four stroke cycle. 
Some writers adopt the revolution and not the cycle as the 
basis and call, for example, a 4ith harmonic (in a 4 cycle 
engine) that which we call a 9th harmonic. 

For most purposes it is not necessary to know the epochs 
and the separate sine and cosine terms ; all that is necessary 
is in general, the resultant amplitude c=V®'*+l>'* where “ a ” 
and “ b ” are the amplitudes of the sine and cosine com¬ 
ponents. 

We need not describe the numerous graphical, mechanical and 
tabular methods of harmonic analysis; sufiice it to say that 
if a tangential pressure curve is cut into N sections by N+l 
equally spaced ordinates (including the two end ordinates) 
and the N sections are superimposed and added algebraically, 
the result is an ap^iroximation to a sine curve the amplitude 
(semi-range) of which is N times the Nth harmonic, provided 

the 2Nth, SNth.etc., harmonics (which are also present) 

can be neglected. This method has the merit of requiring no 
special apparatus or formules. 

Harmonics of orders 1, 2 and 3 (2 cycle), 2, 4 and 6 (4 cycle) 
are very seriously affect^ by the inertia pressure due to the 
reciprocating parts. This explains why the resultant twist¬ 
ing moment curves of 2 and 3 cylinder 2 cycle engines and 2, 4 
and 6 cylinder 4 cycle engines depend greatly on revolutions 
even if the indicator diagrams remain the same. Harmonics 
of 4 and upwards (2 cycle), and 3,5,7 and upwards (4 cycle) are 
practically unaffected by inertia forces; the resultant turning 
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moment diagrams of engines having these numbers of cylinders 
(with equally spaced ignitions) are practically independent of 
revolutions if the indicator cards remain the same. In vibration 
problems harmonics of these low orders seldom come in question 
as resonance with them must be avoided at all cost. The values 
of the above harmonics due to inertia only are tabulated under 
expressed as firactions of the pressure obtained by multiplying 
the mass of the reciprocating parts (weight/g) by the accelera¬ 
tion in the crank-circle and dividing by the piston area. We 
may call this the mean inertia pressure. 


Amplitude of Harmonic 

Order of Harmonic as 

(inertia only). fra ction of mean inertia pres sure. 


2 Cycle 

4 Cycle 

4*0 

Length of Con. Rod-^ 
4*5 60 

crank radius 
6*6 

Epoch 

1. 

2 . 

0*062 

0055 

0*050 

0*045 

0° 

2 . 

, 4. 

0*50 

0*50 

0*60 

0*60 

90° 

3. 

, 6. 

0*186 

0*165 

0*150 

0*135 

60° 

4. 

. 8. 

0*016 

0*012 

0010 

0008 

45° 


The “ epoch ” is the crank angle reckoned from top dead 
centre at which the harmonic is zero passing from — to +. 

As a slight digression it is worth mention that the 2nd, 3rd 
and 4th harmonics (2 cycle) and 4th, 6th and 8th (4 cycle) due 
to cylinder gas pressure are nearly in opposition as regards 
phase to the above harmonics due to inertia. Now the residtant 
turning moment curve of say a 6 cylinder engine with equally 
spaced ignitions consists of the 6th, 12th, 18th, etc., harmonics 
of which the 6th predominates. Accordingly the fluctuation in 
turning moment and excess energy are a'minimum at about 
those revolutions which make the 6th harmonic due to gas 
pressure equal and opposite to that due to inertia. The 6th 
harmonic in a 4 cycle engine doe to gas pressure has a value of 
about 26 Ib./in.* ; if the connecting rod is, say, 4*5 cranks long 
the mean inertia pressure giving minimum torque fluctuation 
is about 26-7-0*166=150 Ib./in.*- 

The 4th harmonic in a four stroke engine due to gas pressure 
is about 33 lb. and the inertia pressure for minimum fluctuation 
is about 33-7-0*6=66 Ib./in.* 

The value of the harmonics of gas pressure depends on the 
cominnssion pressure, maximum pressure, mean pressure and 
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the shape of the diagram in other respects ; if li is the value of 
any harmonic the following may be suggested, viz.:— 



where Po=compres8ion pressure and q defines in some way the 
degree of flatness or sharpness of the top of the diagram. 

Wydler has worked out the values of H for Pc=p max= 
482 Ib./in.* and square top four stroke diagrams for mean 
pressures from 0 to 128 Ib./in.^ 

Lewis has given graphs of the sine and cosine components 
and resultants for similar shapes of diagram. Values for two 
stroke S.A. engines have been given by Sulzer. Series of values 
for S.A. four stroke as well as S.A. and D.A. two stroke har¬ 
monic coefficients are given on page 182 for orders up to 12. 
For higher orders the values appear to have a tendency to 
decrease aa the cube of tha order and in the absence of more 
exact information this rule may be used to extend the lists, by 
plotting on log. paper. 

The harmonics of double-acting engines are complicated by 
the reduction of area of the underside of the piston due to the 
presence of a piston rod and the reversed effect of connecting 
rod obliquity. Apart from these two effects there is a tendency 
for the odd harmonics 1, 3, 5, etc., of a 2 cycle engine to cancel 
out and the even harmonics 2, 4, 6, etc., to be doubled as com¬ 
pared with a single-acting two stroke engine, but the actual 
facts are not so simple and the only sound procedure is to draw 
a combined tangential pressure diagram and analyse it. The 
case of a four stroke D.A. engine is further complicated by the 
two alternative firing order, viz. top-bottom or bottom-top. 

Damping.—If there were no damping, the amplitude of 
oscillations at a critical speed would theoretically incream 
indefinitely. In practice the amplitude is limited, even in 
severe instances by at least two circumstances:— 

(1) The restraints of the bearings which introduce reactions 
tending to limit the scope of the vibrations. 

(2) Marked deviations from Hookes’ Law when the skin 
stress in the shaft exceeds the fatigue limit. 

Vibrations wliich bring into action the second of those 
limitations are too severe to be tolerated as they are accom¬ 
panied by noise, loss of power, generation of heat and eventual 
iracture. 


p 
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It remains to ezplam the origin of the damping forces which 
limit the vibrations (due to relatively weak harmonics) which 
can be tolerated. 

The earlier investigators assumed the existence of frictional 
forces proportional to the piston area and the vibration 
velocity referred to each crank circle. This assumption was 
no doubt prompted by the form of the classical equations of 
damped vibration of systems of single or multiple freedom. 
Unfortunately the damping constant was found to be different 
for different engines and for the same engine in different 
circumstances. Furthermore if the system consists of an engine 
with a heavy fly-wheel coupled by a relatively flexible shaft to a 
dynamo, then the cylinders contribute very little damping and 
if the shaft stresses are calculated with a damping coefficient 
determined in different circumstances, the stresses so calculated 
may be enormous, whereas the actual stress may be quite 
moderate. A further objection is that the damping factor which 
gives correct results for a single noded vibration, gives calculated 
stress for a two noded vibration which are much higher than 
those observed. 

It has been suggested that the most important cause of 
limitation is the departure from imiform velocity of rotation, 
i.e. the degree of irregularity, particularly that due to the 
cyclical fluctuation of equivalent moment of inertia. A strict 
mathematical treatment of this problem is difficult. Approxi¬ 
mate considerations appear to indicate that inequality of 
rotation is effective in limiting vibrations of which the 
frequencies are high in comparison with the frequency of fluctu¬ 
ation of speed, but is not of primary importance in most 
practically interesting cases. 

Other investigators following Lewis have assumed that 
elastic hysteresis of the shaft material is the most important 
source of damping. Thia assumption can be shewn to lead 
to the simple result that vibration stress is proportional to 
equilibrium stress whatever the shape of the vibration form 
provided the hysteresis work varies as the square of the stress. 
This is roughly correct for low stresses only. A natural 
generalisation consists in assuming that vibration stress is a 
function of equilibrium stress (see Fig. 80 ) and this in the 
author’s experience is the most successful working hypothesis 
so far advanced. The chief objection to it is that experiments 
by Dorey on specimens of crank-shaft steel do not exhibit 
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enough elastic hysteresis to accoimt for the observed limitations 
of critical vibrations. The discrepancy may be cleared up 
later ; meanwhile the hysteresis theory whether right or .wrong 
seems to give the form of solution which accord best with 
experience without involving special coefficients for different 
classes of vibration form. 

Damping due to propellers, fluid fly-wheels, etc., requires 
special treatment and when strongly in evidence other sources 
of damping may be neglected in comparison. 

Damping due to Marine Propeller.—The limitation of the 
torsional vibrations of a marine shafting system due to pro¬ 
peller damping may be calculated approximately from the 
following considerations. 

Under constant conditions of draft, weather, etc., the mean 
propeller torque varies a« the (R.P.M.)*, and the speed of the 
vessel as the R.P.M. directly. With a constant speed of 
advance of the vessel against variable resistance the propeller 
torque varies approximately as the (R.P.M.)’. These state¬ 
ments may be taken as roughly correct for ordinary mercantile 
vessels. 

Let Tmc=mean propeller torque at the critical speed. 

±Te=“ Equilibrium ” fluctuation of torque' at the pro¬ 
peller, i.e. the total fluctuation of engine torque 
multiplied by the moment of inertia of the propeller 
and divided by the sum of the moments of inertia of 
engine and propeller. 
n=R.P.M. @ critical speed. 

F=Vibration frequency per minute. 

:l:^=Angular swing in radians of the propeller at resonance. 

Ip—Polar moment of inertia of the section of the shafting. 
1 =length of shafting from propeller to the node. 
C=:Modulus of rigidity of shaft material=12x 10* Ib./in.* 

At resonance B increases until the variation of propeller 
torque due to the fluctuation of angular speed of the propeller 
just balances the “ equilibrium ” torque fluctuation Te. 

B may be found as follows:— 

The fluctuation of angular speed of propeller is ; the 

mean angular speed is 2im .‘. the percentage speed fluctuation is 
.±100 BFjn. Sinoethespeedoftheshipremainssensiblyconstant 
the percentage fluctuation of propeller torque=±300 flF/n. 

Applying this to the data of page 198, the mean torque at 




214 


DIESEL ENGINE DESIGN 


full speed is 420,000 lb. in. and since the critical speed occurs at 
74 R.P.M., the mean torque at the critical speed is :— 

420,000^—^ =160,000 lb. in. 

Te (see p. 199) is ±62,000 lb., so the fluctuation of propeller 
torque is 32’6%. Substituting above with F/n=3. 

ff_ 32-5 _1 

300X3-27-7 

The corresponding fluctuation of torque in the shafting is :— 


ice M 


^•9<xl2xl0« 


= ±340,000 lb. in. 


^ 1 27-7x820' 

This should' be compounded with T, in quadrature giving, 
V'34d;^* ±52,000*=±345,000 lb. in. 


Torsional Vibration Dampers.—^With relatively slow speed 
engines it is generally possible to avoid dangerous critical 
speeds by making the crank-shaft diameter sufficiently large. 
Large journal diameter is more useful than large crank-pin 
diameter since the latter involves increased weight of revolving 
parts thus partially defeating the object in view, i.e. to increase 
the natmral frequency. As speeds are increased it becomes 
impossible to avoid serious criticals within the working range 
and dampers are used to keep the vibration within safe limits. 
Several types are in use. 

The original Lanchester type consists of a light fly-wheel 
attached % means of a multi-plate clutch to the end of the 
crank-shaft remote from the fly-wheel. When vibration begins, 
vibratory relative moment takes place at the clutch and 
frictional foo'ces are brought into existence which act in opposi¬ 
tion to the forces exciting vibration. The plate clutch works in 
oil and the friction between the plates is supposed to be of the 
viscous fluid t 3 r{)e. Variations of this scheme include dry plate or 
cone clutches either metal to metal or with brake lining material. 

Li another class of damper the light fly-wheel is connected 
to the crank-shaft hydrauUcally by means of pump elements 
filled with lubricating oil. 'At resonance relative motion 
between the fly-wheel and crank-shaft sets up a pumping 
action through narrow openings resulting in forces in opposition 
to the forces causing vibration. 

AH these forms of damper result in the dissipation of energy 
to a greater or less extent.- Other forms of damper have been 
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suggested in which the light fly-wheel is connectQd to the crank¬ 
shaft by flexible members of periodically varying stiffness, or in 
which the virtual mass of the fly-wheel is varied periodically. 

Dampers of the frictional t 3 rpe have been made in which 
the light fly-wheel is connected to the crank-shaft by a sjnring 
connection of such stiffness that the natural frequency of 
vibration of the damper wheel relative to the crank-shaft is 
the same as that of the crank-shaft system without damper. 
At resonance the damper vibrates somewhat violently and 
the inertia forces so brought into play practically annul the 
forces which would otherwise cause the crank-shaft to vibrate. 

Some finction damping appears to be desirable in this case 
also. A similar scheme has been proposed by Inglis for pre¬ 
venting transverse vibration of ship members. 

The theory of torsional vibration dampers has been discussed 
by Carter. 

Literature.—^Bauer and Robertson, “ Marine Engines and 
Boilers,” Chapter III.—Griffin. 

Carter, B. C., “ Torsional Vibration in Engines.”—^Aero 
Research Committee, R. and M. 1063. Also, ” An Empirical 
Formula for Crank-shaft stiffness in Torsion.”— Engineering, 
July 13th, 1928. 

Geiger, J., “ Mechanische Schwingungen.”—Springer. 

Hopkinson, B., “Vibrations of Systems having one degree 
of Freedom.”—Camb. Univ, Press. 

Lewis, F. M., “ Torsional Vibrations in the Diesel Engine.” 
—Soc. N.A. and M.E., New York, November 12/13, 1926. 

Kjaer, V. A., “ Torsional Vibration in Crank-shafts.”— The 
Motor Ship, August, 1930. 

Jackson, P.', “ The Vibrations of Oil Engines.”—^Diesel Users 
Assoc., April 26th, 1933. 

Thorne, A. T., and Calderwood, J., “ Torsional Oscillations 
in Propeller Shafts.”—^N.E. Coast Inst. Engs, and Shipbuilders, 
November 17th, 1922, 

Sulzer, R., “ Causes and Prevention of Vibration in Motor 
Ships.”—I.N.A., April 11th, 1930. 

Dorey, S. F., “ limits of Torsional Vibration Stress in Marine 
Oil Engine Shafting.”—^I.N.A., March 27th, 1947. 

Wilson, W. Ker, “ Practical Solution of Torsional Vibration 
Problems.”—Chapman and Hall. 

Tuplin, W. A., “ Torsional Vibration.”—Chapman and Hall. 



CHAPTER XI 


FBAHEWORK 

A iiABOE number of different types of framework have been 
employed in Diesel Engine construction, and a complete 
classification will not be attempted here. The outsfrinding 
types in successful practice may, however, be broadly divided 
into a few well-defined classes, as under:— 




“A” Frame Type.—This is the earliest type of Diesel 
Engine construction, and for slow speed engines is still very 
occasionally used. Referring to the diagrammatic drawing 
Fig. 89, it will be seen that a-stiff bedplate of box section is 
povided, and that each cylinder stands on its own legs without 
support firom its neighbours. The legs of the column are oast 
int^paUy with the cylinder jacket, into which a liner is fitted. 
The breech end of the cylinder is closed by means of a deep 
(^finder cover of box section. 
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The main tensile load due to the cylinder pressure is trans' 



mitted from the cover through the jacket 
and legs to the bedplf^. ^e reaction 
corresponding to this load occurs, of 
course, at the main bearings, and con¬ 
sequently that part of the bedplate be¬ 
tween the column feet and the. main 
bearing housings must be designed to 
deal with the bending moment occa¬ 
sioned by the fact that the tensile load 
in the columns and the reaction at the 
bearings are not in the same plane. 
Casting the cylinder jacket and column 
in one piece reduces fitting and machin¬ 
ing operations to a minimum and the 
independence of the individual cylinders 
would appear to have no disadvantages 
so far as slow speed engines are concerned. 

Fig. 90 shews the same type of con¬ 


struction applied to a two stroke land engine and Fig. 93 to 


a four stroke marine cylinder. 
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Slightly lengthening the column legs enables crosshead and 
guides to be fitted-(see Fig. 94, which represents a large two 
cyde land engine). Occasionally one of the column 1^ takes 
the form of a steel tie rod, with a view to giving greater accessi¬ 
bility to the running gear and to enable the crank-shaft to be 
replaced, if necessary, without dismantling the whole engine. 
Unfortunately this arrangement nullifies many advantages of 
the “ A ” frame construction, as special splash guards must 
now be fitted to retain the lubricating oil, which office they do 
not always perform very efficiently, and also additional 




machining and fitting operations are introduced which add to 
the cost of production without increasing the efficiency of 
working. Figs. 91 and 92 shew this construction applied to 
trunk and crosshead engines respectively. 

Grank'case Type.—^The crank-case type of Diesel Engine 
was introduced when a desire was felt for higher speeds, 
necessitating forced lubrication. The crank-case b^ms external 
resemblance to that of a high speed steam engine (see Fig. 96). 
On the other hand, the high pressures dealt with in the cylinder 
of a Diesel Engine necessitate the crank-case being strengthened 
intomally to an extent which is not found necessary in steam 
ptaetioe. Sometimes the box or girder oonstruotion of the 
oraak-osse is rdied upon to transmit the tensile stresses from 
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the cover to the bedplate; more frequently, however, steel 
staybolts are provided for this purpose (see Fig. 96). The 
latter procedure, however, does not justify flimsy construction 





Fio. 96. 


Fio. 07. 


The (flinders being separate are secured either by a round, 
studded flange or by passing the staybolts through each coiner 
of a deep, square flange of hollow section oast at the lower end 
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of the cylinder jacket for this purpose. The latter arrangement 
requires four staybolts for each cylinder, whereas with the 
fmrmer it is usual to.arrange a pair of staybolts only at each 
main bearing girder. With the crank-case construction it is 
not necessary to make the side girders of the bedplate so strong 
as for an “ A ” frame type of engine, as the landing action 
referred to above is avoided and the bedplate and crank-case 
when bolted together form a girder construction of great 
rigidity. On the other hand, the upper part of the crank-case 
is clearly subject to bending actions similar to those which 




occur in the bedplate of an “ A ” frame engine and must be 
designed with this fact in view. Fig. 97 shews a section through 
a two stroke trunk engine of the crank-case type. Figs. 98 
and 99 shew the crank-case construction applied to crosshead 
engines. The suitability of this type of fiumework for marine 
service has bemi amply proved in practice. Li some cases the 
crank-case is common to two or more cylinders, and in others 
the case for each cylinder is a separate casting, the individual 
cases being bolted together to form a virtually continuous box 
of great strength and rigidity. 

Trestle Type.~rWith this ctmstruotion, the frames over the 
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main bearings and midway between the cylinder centres are 
each cast separately, macliined on two parallel athwartship 
faces, and connected together at the top by distance pieces. 
This plan has several advantages for large engines. The 
separate trestle frames being only about 12' in depth, even fora 
marine engine developing about 1000 B.H.P. per cylinder, lend 
themselves to easy and c.Kjieditious moulding operations in the 
foundry, take up less space in the machine shop than the crank¬ 
case type, and are conveniently handled during erection. 

The frames imist lie sufficiently still in a transverse direction 
to avoid resonance with the forces of guide reaction (see 
Chapter XII); this consideration may determine both the outline 
and the metal thickness, quite apart from considerations of 
tensile stress diie to gas pressure or compression due to tie bolt 
tension. 

Fig. 8 gives a side view of such a trestle frame for a double 
acting engine. Above the main frames are arranged upper 
frames for supporting the cylinders. The frames may be of 
oast iron or fabricated steel. The spaces between the main 
frames are closed by oil-tight removable doors of sheet steel 
vdth reinforced edges and leather jointing stri])s. Fig. 8 also 
shows the guide for the orosshead. The guide in t’lis engine is 
of the single type with astern plates secured by fitted bolts. 
The guide plate also serves as a distance plate between frames. 

Fig. 152 shows an engine fitted with double guides located in 
the frames for the accommodation of double crosshead shoes 
similar to those fitted to paddle steam engines. With either 
type abundant pressure lubrication renders water cooling of 
guides unnecessary. 

Tlie crosshead slipper surfaces are usually whitemetallcd and 
the guide surfaces made of cast iron. 

Framework of the trestle type is frequently but not neces¬ 
sarily associated with the use of vertical tie bolts. It opposed 
pistons of equal diameter are used, the vertical components of 
gas pressure loads are balanced, and tie bolts would appear to 
be superfluous. 

Design of Bedplates.—^The design of a suitable bedplate 
involves consideration of the following points, which wffi be 
dealt with in order, viz.:— 

(1) The provision of a suitable main bearing. 

(2) A giMer constructitm under each main bearing, capable 

of supporting the full bearing, load without central 
support. 
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(3) A sufficiently strong and stiff connection between the 

main bearing girders, forming at the same time an oil* 
tight tray (unless a sheet steel tray la fitted). 

(4) Suitable studding or staybolt arrangements for carrying 

the tensile pull of the columns. 

(6) Adequate bearing surface on, and correction to, the 
foundation. 

(6) Means for collecting drainage of lubricating oil to soine 

convenient sump, whence it can readily be drawn off 
with a view to filtration and repeated use. 

(7) Facings for barring gear, auxiliary pumps, etc. 

Main Bearings.—^The earlier t}rpes of Diesel Engines were 
fitted with ring lubricated main tarings having a projected 
area of 50 to 76% of the piston area and the peripheral speed 
was limited to about 600 or 600 ft./mih. This meth(^ is 
suitable for simple types of slow speed engine, for example, 
certain types of horizontal engines and vertical crank-case 
compression engines. For most classes of Diesel Engines 
forced lubrication is preferred and the cylinders are plac^ as 
close together as the design wiU allow, with the result that 
main barings having a ratio of length to diameter as low as 
about 0*6 are not uncommon. In such cases the end bearings 
and the bearing between two symmetrical groups of say 3 or 4 
cranks are mf^e about 60 to 100% wider. The projected 
area of the narrower bearings may be as little as 25% of the 
piston area in the case of small high speed engines; 35% to 
46% is more usual in larger engines. Peripheral speeds range 
up to 1600 ft./min. or over. 

Ring Lubricated Main Bearings.—^These are similar to the 
bearings fitted to electrical machinery and need not be described 
in detail. The arrangements for catching the oil squeezed out 
of the bearings and conveying it back to the oil well merit 
careiiil attention, as inefficiency in this direction leads to im- 
necessary waste of oil. In particular, the oil spaces and holes 
should be as large as possible, .to avoid congestion. Fig. 100 
shews a very usual form. 

Forced Lubricated Bearings.—^Figs. 101* and 102 show 
typical designs. The shells are usually of low carbon steel with 
manganese not exceeding about 0*9% and free of nickel and 
chromium which are detrimefttal to a^esion of white metal. 

The bearing cap should be designed as a beam capable of 
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carrying a central load equivalent to the full inertia and centri¬ 
fugal load due to one set of running gear. This is possibly a 
little on the safe side, but reference to Chapter VIII will shew 
that the margin is not large in the ease investigated there. 

Main Bearing Girder.—^Where forced lubrication is used, 
the main bearing girder may conveniently be of I section, the 
bottom flange being formed by the oil tray ; for ring lubrication 
a box section lends itself more conveniently to the foliation 
of the oil reservoir. The depth of the girder is determined by 

that of the oil tray required 



to give an inch clearance or so 
to the connecting rod big end 
at the bottom of its path. 
Referring to Chapter VIII, it 
will be seen that the maximum 
reaction at a bearing for the 
case considered is equal to 0*8 
of the resultant load due to 
pressure, inertia and centrifugal 
force, and this is the load for 
which the girder must be de¬ 
signed. In other cases the load 
may be less than this, but it 
is doubtful if in any case it 
approximates to the conven¬ 
tional load frequently assumed, 
viz. one-half the resultant 
cylinder load. 

A very debatable point is 
the extent to which the oil 
tray can legitimately be re¬ 
garded as a part of the tensile 
flange of the girder. The 
author’s practice in this re¬ 
spect is to ignore the middle 
half of that part of the tray 
lying between two bearing 
girders (see Fig. 103). The 
span of the girder is the dis¬ 
tance between the two points 
at which it meets the side 
girders. 
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If W =Load on girder in lb. 
l=Span in in. 

M=Bending moment in in. lb. 

Then M=0;2 W1—approximately. 

The assumption being that the fixing moments at the ends are 
negligible (which if not correct is on the safe side) and that the 
loi^ is distributed over the journal. Allowable stress 1500- 
2500 lb. per sq. in. for cast iron. 

Side Girders.—^With “ A ** frame engines the bending 
moment on each side girder may be taken as :— 

Half pressure load x Distance between centres of bearings 

6 

The usual stress allowance being about 1500 lb. per sq. in. 
Where the trestle or crank-case type of frame is used the side 
girders may be of lighter section. 

Arrangements for Carrying Tensile Pull of Columns.— 
With the “ A ” frame construction the foot of each column is 
secured by a row of studs, the stress in which when referred to 
the normal maximum working pressure of 500 lb. per sq. in. in 
the cylinder amounts to about 5000 to 10,000 lb. per sq. in., 
according to the size of the stud. It is very conven’ent to have 
a list of the loads which studs and bolts of different sizes can 
conveniently carry, and such a list is given below :— 


Size of Bolt 
or Stud 
(Whitworth). 

Stress (Core) 
allowed, 
Ib./in.* 

Working Load, 
lb. 

i” 

2000 

240 

f' 

2850 

560 

r 

3560 

1080 

r 

4250 

1800 

1' 

6000 

2750 

ir 

6260 

3650 

U' 

6600 

5000 

ir 

6000 

6300 

ir 

7100 

0300 

ij. 

8500 

16,000 

2* 

1 

20,000 



24,000 

2*' 

>» 

32,000 

2}' 

$* 

37,000 

8' 


46,000 
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The table (p. 226} refers to mild steel bolts for large or medium 
sized engines in which the smaller bolts and studs are liable 
to rough handling. The design of small engines would be 
seriously hampered by such lowly stressed bolts and higher 
stresses are therefore adopted. For example, cylinder studs 
for a small engine might well be used with nominal stresses 
of about 6000 lbs./in.* for well specified and tested mild steel, 
8000 Ib./in.* for 3% nickel steel and 12,000 Ibs./in.* for heat 
treated nickel chrome steel. 

Care must be taken that none of the studs are at any consider¬ 
able distance from adequate supporting ribs. T^ is best 
obtained by judicioiis spacing of the studs rather than the 
provision of special ribs for the purpose. 

With the crank-case and trestle types staybolts are usuaUy 
fitted, and in land work at any rate these should terminate 
within the bedplate and not penetrate to the underside of the 
latter for fear of oil leakage, which would destroy the concrete. 
The studs or bolts used to secure the crank-case to the bed¬ 
plate may be disposed more with a view to making an oil-tight 
joint than to carry any definite load. If staybolts are not 
fitted, then a sufficiency of effective bolt or stud area must be 
arranged in the neighborhood of each column foot, and some 
of the bolts or studs miist be inside the crank-case. 

Cam-shaft Driving Gear.—^The motion required by the 
valve gear is derived from the crank-shaft by spiral or spur 
gearing or by a roller chain drive. Fig. 104 shews a very 
common arrangement of spiral drive, with the driving-wheel 
between the two sections of a divided main bearing. It is good 
practice to make the combined length of the two sections about 
60% greater than the length of a normal bearing. There would 
appear to be nothing-against having the spiral wheel outside 
the bearing altogether, provided the gear is at the fly-wheel 
end. This position for the valve gear drive is preferable to the 
opposite end as the weight of the fly-wheel tends to keep 
the journal in contact with its lower bearing shell, whereas the 
forward journal has freedom of motion to the extent of the run¬ 
ning clearance, and is subject'to greater torsional irregularity. 

In six cylinder engines the spiral gear is frequently arranged 
at the centre of the engkie, where it is very easily accommo¬ 
dated. There seems to be some feeling that the cam-shaft 
would whip unduly if driven from the end. This difficulty (if 
any difficulty can be said to exist) is easily overcome by making 
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the cam-shaft about 10% larger in diameter than would be 
considered sufficient for a four cylinder engine. 

Where spur gearing is used for the valve gear drive, facings 
must be provided for the support of the first motion shaft. 

Oil Drainage.—^With land engines of the non-forced 
lubricated type the oil which drips down from the cylinders 
and is thrown from the big ends is drained periodically ^m the 



forward end of the bedplate and holes are cored through the 
main bearings girders to give the oil free passage. Perhaps 
the best arrangement is a rectangular duct about four inches 
square running down the centre of the oil tray. Small holes 
are useless as they are easily choked. With forced lubricated 
engines the same arrangements are made witii the addition of 
a collecting sump of go^ capacity, a pump for forcing the oil 
into the bearings and filters in duplicate. Ihese features beh^ 
familiar in steam engine practice need not be described in 
detafi. It must be borne in mind, however, that where trunk 
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engines are being considered the oil is contaminated with carbon, 
BO that the filtering arrangements require to be on a more liberal 
scale than is necessary with engines in which the cylinder is 

isolated from the crank- 

y- ,— ^_ nSri ■ -v 

4 h I V.L/ I Proportions of Bedplate 

■ ■■*1 Jl- - Sections.—^Fig. 106 pves 

^ approximate proportions 

for various types of bed¬ 
plate sections, Type “A” 
is usually associated with 

m the “A” frame construc¬ 
tion. Type “ B ” is a useful 
one for main or auxiliary 
marine, engines as it enables 
the engine to be bolted 
direct to a tank top or to 
a deck without building up 
_ _ special seating, 

a—“ C ” is preferable 

ni T /n ^ for .land 

^ I U I I generating sets as the extra 

If \ J* u depth of bedplate enables 

PS ^'*. ^ the generator to be flush 

with the engine room floor 


.-i-A 



Fio. 106. 


without the necessity of 
building the engine on an 
unsightly plinth. A deep 
bedplate is also very desir¬ 
able with six cylinder 
engines as the cancellation 
at the centre of the engine 
of the inertia and oentri- 


fngal couples gives rise to vibrations, the amplitudes of which 
are reduc^ by increasing the stiffness of the framework. 

The genend thickness of metal may be about 6% of the 
cylinder bore increased to atout 8% or 10% on machined 
smflMies. These figures are usually exceeded on small engines 
on account of foundry considerations. 


Bora of Ojrliuder, in. . . . 10 12 16 18 21 24 27 SO 

QooMallUolaMraoflieuarorBadplato. { i II if 1^ lA U >1 
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Design of Crank-cases. —Sometimes the xsrank-case is cast 
in one pidoe with the bedplate as in Fig. 106, in which case some 
provision must be made for inserting the crankshaft: 

(а) through vertical gaps ijn the transverse frames as in 

Fig. 106, 

(б) through side gaps in the frames, 

(c) or endways; in which case circular housings of large 
diameter may be bored for the accommodation of 
bearings. 
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More uautJly the orank-case is a separate casting as in Fig. 107, 
which shows a typical crank*case with accommodation for 
circular camshaft bearings and supporting individually cast 
cylinders. In the example illustrated the crank*case legs or 
columns carry the tensile load due to the firing pressures without 
the aid of tie bolts and must be given a sectional area suitable 
for this duty ; also the studs which secure the cylinders to the 
crank'case must be suitably connected by bosses and possibly 
ribs to enable the tensile loads to be transferred from the studs 
to the column without setting up excessive local bending 
stresses. The feet of the columns are secured to the bedplate 
by a number of studs and the same precaution applies here also. 

If vertical tie bolts are used between the bedplate and the 
top of the crank-case, as in Fig. 96, or from the bedplate to'the 
cylinders, the studded connections need not be so strong and 
the crank-case casting may be somewhat lighter, but the saving 
in weight is small since a certain stiffness is required to keep 
transverse vibration within a tolerable limit. 

The legs or columns of a cast crank-case are usually made of 
H section to facilitate coring. Good fillet radii and transition 
tapers between walls of different thickness are in general to be 
preferred to ribs and bosses. The table below is a rough guide 
to average practice :— 


Bore of Cylinder. 

General Thickness 
of Crank-case Metal 
(no Tie Bolts) 

Same 

(with Tie Bolts) 

Diameter of 

Tie Bolts. 

10' 

V 


ir 

12' 

r 

V 

2' 

16' 

r 

VSt* 

2J' 

18' 

r 

r 

3' 

21' 

1*' 

r 

3i' 

24' 


1' 

4' 

27' 

If 

1*' 

4|' 

80' 

ir 
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Fzo. 108b. 

This diagram and figure 108a illustrate sections of Harland and 
Wolff 2 cycle engine with poppet exhaust valves* showing fabri¬ 
cated steel bedplate and oast iron oranhoase* 














FRAMEWORK 


235 


Pot cylinders up to, say, 12* diameter, the cranjt-case may be 
cast in one piece for as many as eight cylinders ; alternatively 
cases for eight or even six cylinders may be cast in two pieces 
and bolted together at the middle of the engine. It is largely 
a matter of convenience in the foundry and machine shop. 
The end of the case next the flywheel may include a compart¬ 
ment for the chain or gear drive for the camshaft; or this 
compartment may take the form of a special casting or welding 
of different outline and thinner metal (see Figs. 318, 319). 
Other points to be considered in designing a crank-case are :— 

(1) The provision of oil-tight access doors of ample size for 

overhauling the bottom ends. 

(2) End casings provided with oil flingers, stuffing boxes, or 

other means of preventing the escape of oil. 

(3) Facings, and other necessary accommodation for valve 

gear, etc. 

(4) Bosses to carry lubrication oil connections to the main 

bearings. 

(5) Facings for platform brackets. 

(6) A vent pipe or valve of large area, to relieve pressure in 

the event of an explosion in the crank-case without loss 

of lubricating oil during normal working.' 

(7) Steady pins to each section of the case, to flx correct 

location. 

Machining the Framework generally.—In designing all parts 
of an engine the designer will keep in mind the capabilities and 
limitations of the manufacturing plant and the operatives. 
This is especially necessary in the case of the framework, on 
account of the relatively large size of the parts. Where the 
most modem type of face milling plant is available the element 
of size offers no difficulties, and l^plates of 60 feet in length 
may be faced in one operation. Where planing must be resorted 
to the capacity of the machines must be studied in the early 
stages of the design. Machined faces should be arranged in as 
few difilra^nt planes as possible, and ribs or flanges projecting 
beyond those planes are to be avoided as much for convenieuce 
in machining as for the sake of appearances. The simpler forms 
of girder or box-girder construction are to be preferred to those 
designs in which alternate perforation by lightening holes and 
reinforcement ribbing mutually defeat each other’s object. 
The lightest, strongest and cheapest forms are to be attained 
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with a minimnin of holes and ribs when cast iron is used. Large 
steel castings, however, are preferably lightened out almost to 
the extent of lattice-work, in order to facilitate rapid stripping 
of the cores after solidification and to minimise initial stresses. 

Monobtock Grank-caaes .—A very rigid firamework is ob¬ 
tained by casting the crank-case and cylinder jackets of a group 
of cylinders in one piece. This construction facilitates complete 
enclosure of the valve gear which is in many cases desirable 
in the interests of cleanliness and suppression of noise; it 
also leads to a neat external appearance and economical 
manufacture. Petrol engine designers have led the way in 
this class of design which is now applied to Diesel Engines 
developing 200 B.H.P. or more per cylinder. 

Typicid examples are shewn in Figs. 7 and 10 (ante). The 
first refers to a four stroke stationary engine of substantial 
build, the latter to a light high speed engine. With small 
engines anything up to 8 cylinders may be accommodated in a 
single block. Larger engines may be divided into groups of 
3 or 4 cylinders, to facilitate casting, the two or more blocks 
being bolted together. The design of such monoblocks requires 
car^il scheming to reconcile the claims of, 

(a) Strength and rigidity. 

(b) Accessibility of working parts. 

(c) Economical foundry work and machining. 

(d) Tightness of enclosure plates and covers. 

When cost is more important than weight the material 
used is grey cast iron. In l^ter designs alloy cast irons can be 
used to advantage. Further weight reduction is possible by 
the use of cast steel or bronze; yet further by alloys of 
aluminium and magnesium. 

Welded Steel Framework.—The rapid advance in the tech¬ 
nique of electric welding has opened up new possibilities for 
the lightening of Diesel Engine framework without the use 
of costly materials. The designs which result from the use of 
this method do not differ greatly in external appearance from 
good examples of monoblook castings; plane surfaces pre¬ 
dominate in both, but in designing a weldii^ careful considera¬ 
tion must be given to the ordra of assembling and wdding 
the various components and the inddenoe of stress' on the 
lines of wdding. In some designs it is daimed that the main 
stressea are carried in shear of interpenetrating membeiiB 
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independently of the welding. In others the main tensions 
are carried by tie bars of sufficient section to relieve the 
welded structure of all but subsidiary stresses. 

The restrictions which the use of welded plates as compared 
with the use of castings, places on the designer’s fancy are in 
the main beneficial, and effectually rule Out extravagances 
which all too often spoil the design of castings. 

Framework of Large Engines.—^Examples of framework suit¬ 
able for large engines have been shown diagrammatically in 
Figs. 98 and 99; see also Figs. 8 and 162, showing sections of 
large marine engines, for further detail. 

In very large engines it is possible with some advantage to 
effect a subdivision which would be uneconomical in smaller 
sizes; for example, the bedplate cross girders may be cast 
separately from the side girders and secured thereto by fitted 
bolts. This diminishes foundry risks and may enable the parts 
to be machined with smaller and quicker tools than would other¬ 
wise be possible. Similarly the columns or trestles may be 
divided horizontally or vertically as may be convenient firom 
the points of view of machining or erection. 

The use of steel castings in place of iron castings holds out 
the inducement of reduced weight and increased safety. The 
higher cost per ton of steel castings as compared with iron is 
partly offset by the reduced weight. 

A further alternative is the use of weldings instead of cast¬ 
ings. 

Literature.—Jackson, P., “ Design ’ of Diesel Engine 
Castings in Relation to Foundry Practice .”—Qas and Oil 
Power. 

” Applications of Aluminium in Diesel Engines .”—Oil 
Bngine, Nov., 1940. 

Strub, R. E., “ Influences of Production on Design.”— 
N.E. Coast Inst, of Engineers, and Shipbuilders. 
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VIBRATION OF FRAMEWORK AND SUPPORTS 

Types of Vibration considered.— A. four cylinder four 
stroke engine mounted in the frame of a road vehicle vibrates 
vertically under the influence of unbalanced secondary forces 
with a frequency equal to twice the R.P.M. If the number 
of B.P.M. equals half the natural frequency of the engine 
on its supports, the vibrations have a very appreciable 
amplitude. The flexibility of front springs, tyres, etc., is 
such that this critical speed occurs at very low revolutions 
and over the normal range of R.P.M. the vibrations are small 
in amplitude. Another critical speed occurs when the main 
component of torque reaction synchronises with the natural 
frequency in respect of transverse vibration. The engine 
mounting and springs, etc., are so designed that this critical 
speed also is passed through at low revolutions below the normal 
running range. 

Other examples may be taken from marine practice. Engines 
having 6, 8 or 10 cyhnders are frequently arranged in such a 
way that equal and opposite primary and secondary couples 
in a vertical phtne mutually cancel. The effect of these pairs 
of couples is to cause a vertical vibration of the centre of the 
engine room floor. 

In such cases if the natmal frequency of the double bottom 
including the mass of the engine is equal to the R.P.M. or 
twice the B.P.M., such vibrations are liable to be magnified 
by resonance. The calculation of such natural frequencies is 
complicated by questions of the degree of fixation of the double 
bottom at the sides of the ‘ship and the bulkheads and tdso 
to what extent the vibrating mass is increased by water under 
the ship’s bottom. 

Hi a twin screw vessel, unless the engines are tied together 
by athwartship stays, the natural frequency may be lowered 
by transverse bencUng of the engine ^mes resulting in the 
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cylinder tops vibrating symmetrically to and from each other 
when the engines come into step. The same type of vibration 
can occur when the natural ^quency for .this type agrees 
with that of the main component of torque reaction. 

Twin engines tied togetW or single screw engines are also 
liable to transverse vibrations under the influence of torque 
reaction. The gravest natural frequency is something less 
than the natural frequency in respect of transverse vibration 
of the engine on a rigid bed. 

In yet another type of vibration the end cylinder tops 



Fig. 109. 


oscillate in opposite phase. For example, suppose the flring 
order of an 8 cylinder two cyo)e engine is 18347256, then the 
phase relations of the 6th harmonics of the several cylinders 
are given by the order 4123678 6, and if these are plotted 
round a circle it is found that the resultant of 1 2 3 is nearly 
opp<^te that of 6 7 8. If the natural frequency for this type 
of vibration is 6 times the R.P.M. vibration of this type will 
be magnified by resonance. 

Thrw and 6 cylinder engines usually have imbalanced 
pitching couples which in un&vourable circumstances may 
cause vibratiim of the supporting structure. 

Transverse Vibration on Rigid Bed.—The first step in 
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the approximate method to be described is to divide the 
total weight W of the engine into the equivalent masses 




VIBRATION OF FRAMEWORK AND SUPPORTS 241 


done as in Fig. 109. The full line graph to the left represents 
the weight “ w ” per inch of height and its area is a measure of 
W. The curve to the right represents an assumed deflection 
curve during vibration with y=l at the position of Wi and 
yoc h’ elsewhere. The dotted curve to the left represents 
wy* and its area is a measure of Wi. 

Next treat the engine as a cantilever of varying section 
and find graphically or otherwise the deflection d (inches) of 
Wi due to a force applied horizontally (including deflection 
due to shear). 

The frequency F in vibrations per minute is then given by :— 


F 


60 /386 

~2jrV IT 


( 1 ) 


The element of arbitrariness in the assumed deflection curve 
can be minimised by finding the deflection curve due to a 
distributed load wy per inch of height and repeating the process 
until agreement is obtained. Verification by direct experiment, 
though very desirable, is not easy as test beds are usually far 
from rigid. 

A single cylinder two cycle engine with a transverse natural 
firequency of 1200<^/min. will exhibit transverse ^ ibrations due 
to the various harmonics of torque reaction at the following 
critical speeds, viz.:— 

Order of harmonic . 10 11 12 13 14 15 16 etc. 

Critical R.P.M. . 120 109 100 93 86 80 75 etc. 


A well braced group of six such cylinders with cranks at 
equal angles will have transverse criticals (all cylinders vibrating 
in phase) at 100 R.P.M. (12th harmonic), 67 R.P.M. (18th), 
50 R.P.M. (24th), etc. Harmonics of orders not divisible by 
6 cancel out, in the vector diagram (Fig. 110), since the dis> 
placements of all cylinders are equal. 

If the cylinders are arranged in two groups of three with firing 
order 1 6 2 4 3 5 the vector diagrams for cylinders 1, 2 and 3 
take the form shewn in Fig. 110 and criticals occur as follows :— 


Order of harmonic 

11 
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Other numbers and groupings of cyUnders may be invest!* 
gated similarly. 

Transverse Vibrations on Yielding Supports .—A typical 
example is afforded by a single screw marine engine bolt^ to 
a ship’s tank top. The method already described can be 
extended to this case also by drawing the deflected form of 
engine and tank top on a single diagram and extending the 
curve of w to include the weight per inch of double bottom 
plus water, etc. 

The weight Wi so obtained is the equivalent total mass 
referred to the position of Wj. 

The various types of vibration of which twin screw engines 
(whether tied together or not) are capable, can be dealt with 
on similar lines. 

In each case the natural frequency of the engine on a rigid 
bed is the upper limit of the possible frequency of the gravest 
mode of vibration. In addition to the gravest modes of 
vibration there are other modes of higher ^quency in which 
the engine or engines vibrate in opposition to the double 
bottom, that is the engine is bent by inertia in the opposite 
direction to that in which it is tilted by the deformation of the 
double bottom. 

Literature.—^Lewis, F. M., “ Vibration and Engine Balance 
in Diesel Ships.”—Soc. N.A. and M.E. New York, November, 
1927. 



CHAPTER XIII 


BALANCING 

Preliminary Notes.—^The whole subject of the Balancing of 
Internal Combustion Engines contains groups of ideas which 
may be summarised somewhat as follows:— 

(a) Balance of revolving masses; primary and secondary 

balance of reciprocating masses; balance of torque 
reaction. 

(b) Influence of number of cylinders, spacing of cylinders, 

grouping of cylinders and angular spacing of cranks. 

(c) Influence of the cycle whether four stroke or two stroke, 

single acting or double acting, on suitable crank 
arrangements. 

(d) Influence of considerations of regularity of turning 

moment and torsional resonance on stitable crank 
and cyhnder spacings. 

(e) Special arrangements of revolving and reciprocating 

masses for counteracting the effects of lack of balance. 

(f) Influence of the nature of the supporting structure on 

the types of lack of balance, if any, which are tolerable 
in various circumstances. 

For a full discussion the reader is referred to complete 
treatises on Balancing, some of which are mentioned in the 
bibliography. The simplest procedure in the following brief 
survey, appears to be to deal first with a few essential pre¬ 
liminaries and then to deal in order with straight-in-line engines 
of 1 2 3.12 cylinders. 

Revolving Masses .—A system of masses Mx, M|, Ms... .Mg, 
see Fig. Ill, revolving as a rigid body about a.common axis 
can be completely balanced by two masses Bx snd Bg rigidly 
attached to the system and revolving in two flon-coinddent 
planes. For purposes of calculation it is convenient to take 
these two planes as the planes of rotation of Mx and Mg respec¬ 
tively. If the centre of gravity of the original system lies on 
R 243 
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the axis of rotation then and if equally distant from the 
axis, are equal in magnitude and 180” apart with respect to 

the axis. D p^, pf, p, ./>a are the radii vectores of Mi, 

M|.Mb, then the condition for the C.G. to lie on the 

r[M,ft]=o...(1) 

If this condition is fulfilled the system is said to be in static 
balance and the reactions on the bearings during rotation (apart 



from dead weight) reduces at most to a couple. The further 
condition for dynamic balance is:— 

.( 2 ) 

The square brackets in (1) and (2) represent vector addition; 
1 and a have the significance indicated in Fig. 111. For pur¬ 
poses of calculation it is convenient to reduce Mi, etc., to a 
constant numerical value of p by simple proportion, since the 
centrifugal force varies as the ladius directly. In any given 
case the n;tass required at either reference plane (both as regards 
magnitude and angular position) to balance the given system 
is found by performing graphically or numerically the operation 
indicated by the left-hand ride of (2) and turning the vector 
so found through 180°. 

Primary Glance of Reciprocating Masses.—^Primary 
balance deals with the frmdamental harmonic component of 
the inertia forces due to the motion of the reciprocating parts. 
The forces so dealt with are such as would exist if the con- 
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necting rod were infinitely long; The prknaxy forces have 
the same period of alternation as the engine revolutions and 
vary in simple harmonic manner; accoi^ingly they may be 
regarded as the vertical projections of centrifugal forces 
brought about by the revolution of ideal masses equal to the 
reciprocating masses, about an axis parallel to the crank-shaft. 
The conditions of balance are therefore the same as for revolving 
masses and Equations (1) and (2) are therefore applied, bearing 
in mind when interpreting the results that the horizontal 
components have no real existence. 

Secondary Balance of Reciprocating Masses.—Secondary 
balance deals with the second harmonic components of the 
inertia forces. The third and higher harmonics are small and 
usually considered to be of no practical importance. The 
secondary inertia forces having double the frequency of the 
crank-shaft rotation and being simple harmonic functions may 
conveniently be visualised as vertical components of the 
centrifugal forces of masses rotating at double the crank-shaft 
speed. The angular relationship of the corresponding vectors 
for use in equations (1) and (2) are very simply determined by 
taking any one crank vector as a standard of reference and 
doubling the angles (in either direction) of the reriaining vectors 
with respect to the standard. The maximvim value of the secon¬ 
dary inertia is r/1 times the value of the corresponding primary 
inertia where r=crank radius and l=length of connecting rod. 

Primary inertia has maximum value upwards at top dead 
centre, downwards at bottom dead centre and zero value at 
crank angle 90°, and 1/V2'=*702xmakximum value at 45° to 
either dead centre. Secondary inertia has maximum value 
upwards at top and bottom dead centre, maximiun value 
downwards at crank angle 90°, and zero at 45° to either dead 
centre and 0-702 x maximum value at odd multiples of 22}° 
from top or bottom dead centre. 

Torque Reaction.—The nett effect of the mechanical actions 
between the parts of a reciprocating engine consists in general 
of a fluctuating periodic torque superimposed on a steady 
torque. Whilst the use of fly-wheels or balance weights may 
prevent the fluctuating part from being transmitted (for the 
most part) to the drive, the full effect of the fluctuating torque 
is applied to the engiue foundation. The only way of com¬ 
pletely eliminating the fluctuating torque reaction appears to Inb 
to design the engine in the form of a pair of equal and oppositdy 
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xotatmg engmes ranning in step, as in an early motor oar 
engine due to Lanchester. In this case the elimination of torque 
reaction was independent of the behaviour of individual 
< 7 linderB, since the opposed cylinders had combustion chambers 
in common. Practically effective measures against the con¬ 
sequences of variable torque reaction are sometimes carried 
out in the form of rotating or reciprocating mass systems 
which at any one speed may be arranged to neutralise the 
greater part of the objectionable effect. 

Angular Spacing of Cranks.—^Two stroke engines fire at 
every top dead centre if single acting and at every top and 
bottom dead centre if double acting, consequently the spacing 
of cranks determines the firing sequence. 

I/nth four stroke engines alternative firing orders are possible 
with the same angular spacing of cranks. Some orders of firing' 
are more favourable than others from the point of view of 
torsional vibration of the crank-shaft and the selection of a 
suitable spacing of cranks and ignition sequence to give the 
best results from all points of view may offer many alternatives. 

In the interests of good balance it is sometimes necessary to 
adopt simultaneouB firing of cylinders or unequal spacing of 
ignitions in circumstances in which considerations of uniformity 
of turning moment would suggest equal spacing of ignitions or 
non-simultaneous firing. 

The angular spacing of the cranks and the sequence of firing 
have an important infiuence on the possibilities of torsional 
resonance. The usual procedure in developing a new design is 
first to fix upon a spacing of cranks which gives a good balance 
and then to investigate the system with respect to torsional 
vibration, trying one after another all the orders of firing to 
which the system is susceptible. If none of these orders ate 
satisfactory the spacing of cranks must be altered unless it is 
found possible to alter .the natural frequency of the system or 
introduce.a damping device. The problem is thus essentially 
one of trial and error. 

Single Cylinder Engine. 

Let W,=weight in lbs. of revolving parts referred tp crank 
radius. 

Wa=weight of reciprocating parts in lbs. 
rsradius of ora^ in inohef. 
l=dength of connecting rod in inches, 
nss'revolutions ^ minute. 
g=s386 in./sec.*. 




BALANCING 


247 


The centrifugal force of the revolving pai^ 

w. 

g 

The maximum value of the primary inertia force is:— 


.(3) 


F, 


Cl‘ 


Wen*r,, 
" 3630 


•( 4 ) 


The maximum value of the secondary inertia force is :— 

. 

The revolving parts may be completely balanced by a pair 
of weights, one attached to each crank web, each balance 
weight being equal to when referred to crank radius. 
(In future the words “ referred to crank radius ” will be 
assumed to be understood.) 

The primary and secondary forces can only be balanced 
either by arrangements of masses reciprocating at engine 
speed and double engine speed respectively or by pairs of 
masses revolving at these speeds. Such arrangements, are 
usually prohibitive on single cylinder engines^ on account of 
cost. 

By fitting additional balance weights equivalent tp Wg the 
primary inertia forces may be eliminated, but horizontal forces 
equal to the pre-existing vertical forces are thweby introduced. 
The choice of evils wiU depend upon whether vertical or 
horizontal forces are likely to be more objectionable. A 
compromise is sometimes made by fitting l^lance weights 
equivalent to the revolving masses plus i to | the reciprocating 
masses. 

Two Cylinder Engine.—(a) Cranks on the same centre. 

This arrangement gives equal spacing of ignitions in a four 
stroke engine and simultaneous firing in a two stroke. As 
regards balance it is similar to a single cylinder engine. Equal 
balance weights on all four crank webs are indioa^. 

(h) Cranks at 180°. 

Equal spacing of options in two stroke engine but vtxy 
unequal in four stroke. Secondary forces are fully out of 
balance as in (a) or a single pylindira engine.' The revolving 
forces and primary reciprocating forces produce oouplM 
Ft L and F,| L where L—cylinder centres. The reviving 
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couple can be balanced by a pair of weights each equal to 


W,L 

2 (L+ 2 a) 


( 6 ) 


attached to the outer crank webs only, where (a) is the distance 
firom a balance wt. C.G. to the nearest cylinder centre line. 
This arrangement has the advantage of relieving the centrifugal 
loading of the outside bearings. The centre be&ring is already 
relieved by opposing forces. 

The reciprocating couple can be balanced wholly or in part 
by a suitable increase of the above balance weights at the 
expense of introducing a horizontal couple. Whether this is 
worth while depends on whether a vertical or horizontal couple 
is likely to be the more objectionable. This remark applies 
in all similar cases and need not be iterated. 

Three Cylinder Engine.—^The usual arrangement of cranks 
at 120 ° gives equally spaced impulses both for two stroke 
and four stroke engines. Primary and secondary forces are 
balanced but there then are primary and secondary unbalanced 
couples. Referring the revolving (or primary reciprocating) 
masses to reference plane passing through the axis of No. 1 
cylinder, the referred masses are in the ratio 2 , 1 , 0 or 1 , 0 

for Nos. 1 , 2 and 3 respectively. Combining these with 
respect to their direc tion by a vector polygon the resultant 
has a magnitude=Vl*—(i)®= 0'866 lying in a plane X tO 
crank No. 2 . The appropriate balance weights for balancing 
the revolving masses therefore lie in this plane and make 
angles of 120 ° with cranks 1 and 3 as shewn in Fig. 112 . If a 
balance weight is fixed to each web of cranks 1 and 3 their 
magnitudes are each 0-433 W^. These are indicated by BiBi 
and B 3 B 3 in diagram I. The state of balance is not disturbed 
by adding the self balanced system of opposed pairs of equal 
balance weights indicated in diagram II. If each of these 
weights are given a magnitude 0-25 and combined with 
the above, the result is a system indicated in diagram III. 
The inner balance weights of cranks 1 and 3 remain as before ; 
the outer balance weights of 1 and 3 are now at 180° to these 
cranks and each have a magnitude of 0-5 M,. Both weights 
attached to No. 2 crank are at 180° thereto and are of magnitude 
0*26 Wy. This arrangement has advantages from the point of 
view of local balance and relief of inertia loadmg of bearings. 

An obvious alternative consists of fixing a balance weight 
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0*6 Wy to every orank web at 180” to the otank-pm, but tiiis 
mvolves a greater total weight of halauce weights and decreases 
the natural vibration fi«quency of the system .which is usually 
disadvantageous from the point of view of .torsional vibration. 


ltd 




z 



Via. 112. 


Four Cylinder Engine. 

(a) Cranks @ 180°. 

The arrangement of four cranks in one plane with the 
outer cranks @ 180° to the inner is a common one for four 
stroke engines, since it gives equal spacing of ignitions. It is 
balanced for primary forces as well as for couples both primary 
and secondary, but the secondary fnroes are fhUy unbalanced. 




250 


DIESEL ENGINE DESIGN 


The secondary forces may be balanced by an arrangement 
consisting of a pair of masses revolving at double engine speed 
in opposite directions, disposed symmetrically on either side 
of the engine at the centre. The magnitude of each such mass 
referred to crank radius is, w . 

-w . 

These weights should be on top dead centre when the 
engine cranks are horizontal and on bottom dead centre when 
the engine cranks are in a vertical plane. 

The local balance of revolving parts may be improved by 
balance weights on the outer webs of Nos. 1 and 4 and the 
inner webs of Nos. 2 and 3 at 180° to their respective crank- 
pins, the magnitude of each being i or ^ There 

appears to be no object in attaching balance weights to the 
inner webs of Nos. 1 and 4, and the outer webs of 2 and 3 as 
such weights would practically cancel out so far as their 
effect on adjacent bearings is concerned. 

(b), (c), (d) Cranks @ 90°. 

Four cylinder two stroke engines usually and four stroke 
engines sometimes, have their cranks arranged at 90°. Three 
arrangements denoted by (b), (c) and (d) in Fig. 113, are 
possible. In all these there is balance of primary and secondary 
forces, but all three involve unbalanced primary couples and 
arrangement (c) is the only one free from an imbalanced 
secondary couple. 

The revolving masses referred to the plane of No. 1 crank 
are in the ratio, 1,2/3,1/3,0 for cranks 1,2,3, and 4 respectively. 
Their resultants in the tluree cases are as foUows ;— 


m'fw. 


=0-471 


(C) Via+(i)*W,=l-062 

(D) ^W, =0-942 


The diagram for secondaries is given at the foot of the 
figure, from which it results'that the secondary force in the 
rrferenoe plane bears the following ratio to that of a single 
(ylinder in the three cases, viz.:— 

(B) 4/3. 

(C) 0. 

(D) 2/3. 
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Local balance in respect of revolving nwsses may be im¬ 
proved, as in the case of three cylinder engines, by the addition 
of equal and opposite pairs of balance weights forming a self- 
balanced system. 

d £ 3 4 

ri M ri >. 


HeHnn 






£ 

SrcONOAI^I^S. 

C. 

Fio. 113. 

a 

3>. 
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By “ overbalanoing ” arrangement C it is possible to make 
tibe nnbalanoed* couple whoUy horizontal and obtaining 
oomplete balance vertically. 

The possible orders of firing of a 4 cylinder four stroke engine 
urith cranks at right angles are numerous and all involve rather 
irr^^uhur turning effort diagrams, which necessitate a rather 
heavy fly-wheel if a fine degree of r^pilarity is required. If 
a, b, 0, d represents the sequence of cranks the best sequence 



of firing firom the point of view of regularity is ab—d-c— 

where the dashes represent non-firing dead centres. 

live Cylinder Engines.—^The usual arrangement of cranks 
at 72° gives uniform spacing of ignitions both with two and 
four stroke engines. Primary and secondary forces are balanced > 
but there are unbalanced couples of both kinds. There are 
12 possible numbered crank sequences and the best.of these 
from, the point of view of reducing the unbalanced primary 
eoupie to a miTiinniTw is 16 2 3 4. With this sequence the 
unba^ced revolving masses referred to No. 1 and No. 6 
crank planes are DdlW, at the angle indicated in Fig. 114, 
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and can be balanced by quite small counter weights. The 
corresponding unbalanced primary reciprocating couple is not 
usually serious, but it can of course be eliminated by over¬ 
balancing at the expense of introducing an equal unbalanced 
horizontal couple. The unbalanced secondaries referred to 
planes Nos. 1 and 5 have a value equal to 1'245 that due to a 
single cylinder. 

The alternative sequence 13 5 4 2 interchanges the above 
two values for the primary and secondary unbalanced recipro¬ 
cating masses respectively. 

Six Cylinder Engines.—^The almost universal arrangement 
for 6 cylinder four stroke engines consists of two symmetrically 
placed arrangements of 3 cranks at 120°. Cranks 1 and 6 are 
on the same dead centre, and likewise with cranks 2 and 5, 3 
and 4. Each system of 3 cranks is balanced for forces both 
primary and secondary, and the symmetry of the arrangement 
cancels opposing couples. There are 4 orders of firing, giving 
equal spacing of ignitions, viz.:— 

16362 4, 16462 3, 12366 4, 12466 3. 

The first of these has been commonly used, but the last gives 
a wider region of speed free from serious torsioq;>.l vibration in 
the neighbourhood of resonance with the 9th harmonic if a heavy 
fly-wheel is fitted, and is sometimes preferred on that account. 

Local refinement of balancing can be used, as described, 
under 3 cylinder engines. 

The above symmetrical arrangement of 6 cylinder crank¬ 
shaft can also be used with two stroke engines if no exception 
is taken to the cylinders firing in pairs. 

The more usual arrangement of 6 cylinder crank-shaft for 
two stroke engines consists of cranks arranged at 60°, giving 
equal spacing of ignitions without simultaneous firing. With 
all such arrangements primary and secondary forces are 
balanced, but the couples depend on the crqtnk sequence. 
The sequence 16 3 2 6 4 was at one time in common use ; it 
will be noted that this arrangement consists of three pairs of 
adjacent cranks at 180°, so that the crank-shaft can be built 
up of three interchangeable sections of simple form from a 
manufacturing viewpoint. Primary couples are balanced, but 
the secondary force referred to a reference plane at No. 1 or 6 
crank amounts to 4/6.\/S=l'38 times that of a single cylinder. 
The separate halves of the engine are not in goojl balance. 
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A sequence now preferred is 16 2 4 3 5. Primary couples 
are balraced and the secondary force referred to a reference 
plane at No. 1 or 6 amounts only to 2/6.'\/3—0*69 times that 
of a single cylinder. Each half of the engine is self balanced 
for primary and secondary forces and the local balance of 
each half may be improved as described for a 3 cylinder 
engine. 

Seven Cylinder Engines.—Cranks spaced at 360-r 7=61°—26' 
give equally spaced ignitions both for two and four stroke 
engines with balance of primary and secondary forces. There 
are 360 possible crank sequences and the best of these appears 
tobel65327 4, giving complete balance of primary couples. 
The secondary inertia force referred to a reference plane at 
No. 1 or 7 crank amounts to 1*53 times that of a single cylinder. 

Eight Cylinder Engines. 

(a) Cranks at right angles. 

Symmetrical duplications about the centre plane of the 
4 cylinder arrangements, shewn in Fig. 113 give complete 
balance of primary and secondary forces and couples. Ignitions 
are equally spaced with four stroke engines, and may be so 
with two stroke engines if simultaneous foring of symmetripally 
placed cylinders is allowed. 

With four stroke engines the crank sequence 18, 46, 27, 36 
giving'the smallest primary couple (but the greatest secondary 
couple) in each half of the crank-shaft is commonly preferred. 
With this sequence there are eight possible firing orders, the 
choice between which may be influenced by considerations of 
torsional vibration. The two following appear to be favourable 
in typical instances, viz.: 14738526 and 8473162 6. 

(b) Cranks at 46°. 

The customary arrangement for two stroke engines is for 
the cranks to be spaced at 46°, giving equal spacing of ignitions 
without simultaneous firing and balance of primary and 
secondary forces^ Eighteen crank sequences have been 
investigated in detail by Mr. P. Cormac (see p. 256). The 
sequence 18264637 gives balance of secondary couples, 
but there is a primary unbalanced couple corresponding to 
referred forces at the pkmes of cranks 1 and 8 amounting to 
0*064 limes that due to one cylinder. This cam be eliminated 
by increasing the spacing between cylinders 2 and 3, and 6 
and 7 by the factor 1*414. The sequence 18624673 gives 
balance of both primary and secondary couples if the pitoh 




BALANCING 


265, 


between cylinders 4 and 6 is 1*828 times the pitch of the 
remaining cylinders, which is a very convenient allowance of 
space for the accommodation of the crank-shaft couplings and 
valve driving gear. 

Nine Cylinder Engines.—^An arrangement of cranks at 40** 
gives equal spacing of ignitions both for two and four stroke 
engines. The crank sequence 1927456 3,8 results in 
unbalanced primary and secondary couples, the effects of 
which when referred to the planes of cranks 1 and 9 amount 
to 0*024 and 0*068 times the effect due to one cylinder. 

Ten Cylinder Engines.—^A symmetrical arrangement con¬ 
sisting of two groups of five cranks at 72° gives complete 
primary and secondary balance and equal spacing of ignitions 
for a four stroke engine. Each half crank-shaft is preferably 
arranged in the sequence 16 2 3 4, giving a minimum primary 
couple. There are numerous alternative orders of firing and 
the choice is determined by considerations of torsional vibra¬ 
tion. If the node is at the centre the best orders of firing 
appear to be:— 

12453 10 9768 

orl 2463 10 9758 

For equal spacing of ignitions of a two stroke engine (exclud¬ 
ing sim^taneous firing) the cranks must be arranged at 36° ; 
the possibilities are very numerous. One way of arriving at 
possible arrangements is to combine a five cylinder unit with 
cranks at 72° with another such unit tiimed through 180°. 
This cancels out any primary couples but leaves the secondary 
couples imbalanced. With, this procedure it is evidently 
desirable to select the type of 6 cylinder unit which has the 
smallest unbalanced secondary couple. 

Twelve Cylinder Engines.—^For equally spaced ignitions of 
four stroke engines the cranks are at 60°. Two 6 cylinder 
balanced engines end to end with the cranks of one engine 
60° or 180° in advance of, or behind, the coiresponding crtmks 
of the other provide possible solutions. Simultaneous firing of 
symmetrically placed cylinders (cranks at 120°) has l^n 
a^pted on engines without fiy-wheels in order to avoid 
torsional resonance. For two stroke engines with equal 
spacing of ignition and no simultaneous firing the cranks are 
at 30°. A 6'cylinder unit with cranks at 60° combined with 
another such unit turned through 90° provides a ^tossible solution 
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which automatically conceals any secondary couples existing 
in the two imits separately. Mr. P. Cormac {Engineering, 
October 11th, 1929, p. 460) has enumerated 36 firing orders 
(counting both ways) which give complete primary and second* 
ary balance. It is a matter for trial in any given instance to 
ascertain which order is most favourable firom the point of 
view of avoiding torsional resonance. 

Flat Opposed Engines.—^If two equal cylinders are arranged 
coaxially mouth to mouth with their connecting rods connected 
to the same crank-pin, then clearly one piston will arrive at 
top dead centre when the other arrives at bottom dekd centre. 
The primary inertia forces due to the two pistons are additive 
but the secondary inertia forces mutually cancel out. The 
conditions for complete balance of fiat opposed engines are 
therefore the same as that for primary balance of straight fine 
engines having the same number of cranks. In particular the 
2, 4 and 6 cylinder flat opposed engines are subject to an 
unbalanced primary force or couple, but the 8 cylinder is in 
complete balance. 

Vee Engines.—^If two equal cylinders are arranged with 
axes in a plane and intersecting at 90° and with connecting 
rods connected to a common crank-pin, the primary inertia 
forces due to the two pistons combine to form a rotating vector 
which can be balanced by a counter weight opposite the cnmk- 
pin. Secondary forces remain out of balance. This principle 
may be used to build up completely balanced arrangements 
from a pair of straight line units which separately are imbalanced 
ill respect of primary couples, but balanced in respect of 
secondaries. For example, 4 cranks @ 90° with sequence 
12 4 3 give balance of secondaries in a straight line engine, 
but there is an unbalanced primary couple which can be 
eliminated by combining with another block of four cylinders 
in a plane at 90° to the plane of the first block and adding 
a balance weight opposite each crank. Two cylinders arrive 
at T.D.C. every 90°, so that ignitions are equally spaced in a 
four stroke engine, but there would be simultaneous firing in ai 
two stroke engine. 

As another example a Vee 12 two stroke engine could be 
arranged with two banks of 6 cylinders at an angle of 90°, the 
oran^ being arranged at 60° with sequence 1 3 6 6 4 2 or 
1 3 2 6 4 6. 

If the number of cylinders in each bank is such that complete 
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balance is possible for a straight line en^e having that 
number of cylinders then the angle of the V may have any 
value which may be convenient from considerations other 
than those of balance, e.g. torsional resonance or space 
considerations. 

Literature.—^Wilson, W. K., “ The Balancing of Oil 
Engines ”—Griffin. 

' Cormac, P., " The Design of Dynamically Balanced Crank¬ 
shafts for Two Stroke Cycle Engines ”— Engineering, Oct. 11, 
1929 . 




CHAPTER XIV 


CYLINDERS AND COVERS 

General Types.—^The great majority of Diesel Engines are 
provided with cylinder liner, jacket and cover as separate 
pieces, as in Fig. 116, which refers to a four cycle trunk engine. 
Different arrangements have, however, been used successfolly, 
and deserve mention. With small engines, simplification is 
achieved by casting the jacket and liner in one piece, as in 
Fig. 116. Remembering that the bulk of the jacket wall remains 
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a^tone oold, it will be appreciated that this construction involyea 
increased tensile stresses on the jacket, due to the tendency of 
the liner to expand, and jackets of this kind have been known 
to crack circumferentially. In cases where staybolts have been 
fitt^ to carry the tensile stresses from the cover downwards 
little damage has resulted. On the other hand, when the jacket 
has been relied on for this function, rupture during w) *: i' 
may easily occur, and has sometimes resulted 
in the cylinder being projected towards the 
roof. These considerations would appear to 
indicate that the use of this construction, 
without staybolts or other safeguards, is not 
lightly to be attempted without serious con¬ 
sideration of the capabilities of the foundry. 

In Fig. 117 is shewn a construction in which 
the cover is incorporated with the cylinder 
casting in motor-car style. In this case the 
tensUe stresses are mainly carried by the liner,, 
and the jacket is made relatively thin and 
flexible. This design, though probably safer 
than that of Fig. 116, also makes some demand 
on the skill and care of the foundry people. 

In this connection it is worth while bearing in 
mind that many failures might possibly have 
been avoided if it had bwn realised that 
certain special designs, in which lightness has 
been the primary consideration, were only 
practicable if the greatest care were exercised 
in the selection of material and in making the 
castings. There are other types of cylinder in 
successful use, notably those in which the liner 
and cover are cast together apart fix>m the 
jacket, but this chapter will be very largely 
devoted to the consideration of tne details of 
the more common construction, in wiiich the liner jacket and 
cover are separate pieces; Unless the contrary is stated, oast 
iron is undmstood to be the material in each case. 

Linera.—Spedal oast iron is used for liners, but th^ is Uttie 
unanimity of ojunum as to the most desirable properties bey<md 
the obvious requiremmitB of soundness and homogeneity. The 
greatest difficulty to be overcome is atHtaskm by the ^icrtion 
rings. At present it seems open to question whether the 

s 
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problem is most influenced by the material of the liner or the 
piston rings themselves. Four stroke liners very , seldom crack 
except on the occasion of the seizure of an uncooled piston. 
This immunity is traceable to the very moderate heat flux to 
which four stroke cylinders are genera^ subject. Two stroke 
liners of large size are liable to crack in course of time at the 
breech end if the flange is unduly heavy. The subject of the 



oonduotion of heat through the walls of the combustion space 
and the stresses induced thereby, is of great importance in 
connection with large engines particularly and will be con¬ 
sidered later. 

laical liners for fotir stroke engines of the trunk and cross- 
head types respectively are shewn in Figs. 118 and 116 . With 
the latter the piston is only of sufficient length to carry the 
lings, and the length of the liner is determined by tire position 
ofthe bottom ring at the bottom of the stroke. With the trunk 
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engine the liner must be long enough to embrace a sufficient 
length (about equal to the bore) of the parallel part of the piston 
when at the bottom of its stroke, in order to avoid a piston 
knock at the bottom dead centre. I^oi^'therefore necessary 
to determine the clearance volume and complete the design of 
the piston before the length of the liner can be fixed finaUy. 

The bore is usually parallel with four stroke engines and 
slightly barrelled in way of the ports in two stroke engines to 
allow for the restraints which are inevitably placed at that 
position against free expansion of the liner. Probably the best 
bore is produced by finishing with a reamer in a vertical 
machine. Grinding is frequently adopted, but there is a 
question if this process doffi not to some extent destroy those 
properties of cast iron whi^ facilitate good lubrication. The 
outside surface is sometime^left unmachined in competitive 
work, and there is probably no serious objection to .this practice 
for four cycle work. For two cycle engines it seems reasonable 
to take advantage of the increased heat conductivity obtain¬ 
able by removing the skin. 

Strength of Liners.—^The upper end of the liner is subject to 
a working pressure of about 600 to 700 lb./in.‘ and the thick¬ 
ness at this part measured under the heavy trp flange may be 
found by the following formula, which represents average 
practice for substantial engines :— 

Thicknes8=B/12*6 to B/11 

The working stress being about 3000 lb. per sq. in. in the 
case of a 30 in. cylinder, and less in smaller sizes ; explosions 
at starting, etc., may nearly double this stress occasionally. 
Unfortunately the available information on the effects of 
repeated stress is not sufficiently complete at present to enable 
one to say definitely whether or not these excesses of stress 
have any influence on ultimate failure by fatigue, but the 
writer is inclined to believe (on the strength of such evidence 
as has come before his notice) that the elimination of these 
occasional excess pressures would not enable any substantial 
reduction of thickness to be effected with the same mai^ of 
safety. 

On account of the diminution of pressure on expansion the 
liner may be tapered to a thickness of about 0*04 bore at the 
open end. 

The breech end of the liner requires to be reinforced by a 
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heavy flange, to avoid distortion due to the pressure of the 
cover on the spigot joint. Proportions are given in Fig. 118. 

Points of Detail.—^The difficulty of accommodating the 
valves in the limited space available in the cover of a four 
stroke engine usually renders it necessary to make recesses in 
the top of the liner to clear the air and exhaust valve heads 
(see Fig. 118).* Two or more tapped holes are provided in a 
circumferential line round the Ihier to accommodate the 
lubricating fittings, these being drilled when the liner is in 
position in the jacket. The holes are located at about the level 
of the second piston ring (counting from the top), when the 
piston is at the bottom decMl centre. The fittings themselves 
will be desmbed later. The water-joint between liner and 
jacket at the lower end may be made by one or more rubber 
rings. The joint between cover and liner may be of copper or 
ground metal to metal. 

Two stroke liners are complicated by exhaust, and some¬ 
times air ports (see Fig. 122). In the earlier designs the bars 
between the latter were always provided with water passages, 
which introduced difficulties in manufacture, and the value of 
which seems doubtful, and these are now frequently omitted. 

Cylinder Jackets.—simple and efiective form of jacket for 
a four cycle engine is shewn in Fig. 115, and in this example the 
jacket takes the pressure pull without the assistance of stay- 
bolts. The chief points to be observed are:— 

(1) A heavy flange at the top to carry the liner and to enable 

the tensile forces concentrated at the studs to dis¬ 
tribute themselves uniformly round the jacket without 
producing high local stresses. 

(2) A nearly plain cylindrical barrel, as nearly as possible in 

line with the pitch circle of the cover stu^ and provided 
with sludge doors, bosses for lubricating fittings, and a 
bracket for supporting the cam-shaft bearings. 

(3) A circular flange at the bottom for securing to the crank¬ 

case. 

The remarks re tensile fotces under heading (1) apply here 
also, but to a less degree, as the studs are pitched closer to¬ 
gether than would be feasible on the cover. On these considera¬ 
tions the thickness of the jacket for equal strength should 

* This statement applion to flat-bottomed cylinder covem t with dished 
covers (see Fi^. 129) recesses iii the cylinder liner may be avoided. 
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toper gently towarde the middle, and the form shewn in the 
figure is the practical compromise. Some of these points will 
be considered in greater detail. 

Top Flange of Cylinder Jacket.—In small engines this may 
be solid, but with larger sizes, say from 16 in. bore and upwards, 
difficulty is sometimes.experienced in obtaining sound metal 
at this point, and coring of the flange between the studs is 
resorted to in order to accelerate cooling in the mould. 
Different constructions are shewn in Fig. 120. Schemes A and 





B. A 

Fig. 120. 


B have the additional advantage of increasing the cooling 
surface. Where four cycle engines are concerned the im¬ 
portance of this consideration is probably negligible. Scheme 
B requires a water outlet connection between each stud if air 
pockets aro to be avoided. On the other hand, the expense of 
coring is less than with scheme C. 

Barrel of Cylinder Jacket.—This is sometimes conical, 
instead of cylin^cal, and in this case it is reasonable to provide 
a vertical internal rib under each stod to discount the addi¬ 
tional stress involved. Consideration .of manufacturing costs, 
and of the good appeanmce of the engine, rule out of court any 
form of external ribbing. The brackets supporting the valve 
gear take many forms in different designs. That shewn in 
Fig. 115 is a simple form, and considered in conjunction witii 
the gear it supports appears to combine most advantages, 
including that of el^noe. 



264 


DIESEL ENGINE DESIGN 


Bottom Flange of Jacket.—If four staybolts are provided for 
each cylinder, these may conveniently be used to secure the 
latter to the crank-case. The concentration of the tensile load 
at four points necessitates a heavy flange, preferably of box 
form, as shewn in Fig. 121. The comers of this flange being 
I ^ each subject to a load 

s-ifsStuds^^ j.—of one-quarter of the 

I I maximum working pres- 

{ sure load, deserve atten- 

_/ tion in the form of a 

LI JJIm _ calculation of the bending 

I stress involved. A plain, 

^ j square shape would appear 

\ f to be preferable to some of 

^ f the more elaborate shapes 

^ ^ which have occasionally 

I ^ been used, the flat sides 

7^ I '] lending themselves well to 

I I provision of facings 

^-—— fQj. various purposes. 

^ I Frequently the flange 

is spigoted into the top 
^ I of the crank-case, but as 

^ I this involves an unneces- 

^- H sary machining operation 

! I / latter and makes 

7^5^ cylinder alignment more 
difficult, the better prac- 
/tice is to core the aj^erture 
/ crank-case suffi- 

ciently large to allow for 

_. _ ^ H _ adjustment of the position 

I ^ of the cylinder and to 

Fio. 121. locate the latter by means 

of two steady pins. 

Strength of Four Stroke Cylinder Jackets.—^The considera¬ 
tions of strength which entfer into the design of a cylinder 
jacket are illustrated by the following check calculations 
relating to the cylinder shewn in Fig. 121. 

Bursting stress in liner 

= '^(lbl«^g-i°)><°’-^ =3M0 lb. por m. 


Fio. 121. 


=3600 lb. per sq. in. 
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XT • 1 II- 1 - i. j 800 x 0-t84xl4* „ 
Nominal pull m each cover stud=- 5 -=11,800 lb. 

O 

Permissible nominal load for If in. stud, according to table 
on page 225, 15,000 lb. 

Maximum working pull in jacket=0-784x 13*5*x800= 
88,000 lb. 

86 000 

Tensile stress in jacket = - , —=2000 lb. per sq. in. 

TT X Xo'aO X U*70 


Owing to the peculiar shape of the bottom flange the calcu¬ 
lation of its strength presents a difficulty which is easfly evaded 
by substituting for the actual section a simpler one of obviously 
inferior strength. 

Nominal load at each comer, 88,000 lb.-r4=~21,000 lb. 

Moment from centre of bolt to jacket wall=21,000x 9 in. lb. 

Modulus of hypothetical section :— 




10-5x5® 9-5X3-5®' 


Stress < 


12 12 
21,000x9 . 


•5»\ 

—j-i-2-5=30-2 in.® 


30-2 


i.e. <8300 lb. per sq. in. 


In view of the unfavourable assumptions this is probably 
not excessive for first-class cast iron. 

Jackets for Two Stroke Engines.—The necessity for provid¬ 
ing exhaust passages or belts, and in some cases passages for 
scavenge air as well, introduces considerable compUoation into 
the design, renders the stresses in certain parts more or less in¬ 
determinate, and makes greater demand on the skill of the 
manufacturing departments, in comparison with that required 
by four cycle construction. 

Referring to Fig. 122, it will be seen that the exhaust belt 
interrupts the vertical line of the jacket wall, and if the latter 
has .to carry the main tensile stresses internal ribbing becomes 
a necessity. The arrangement shewn is perhaps as go^ as any, 
but the attachment of ribs to the exhaust belt has a restraining 
influence on the temperature expansion of the latter which 
can only result in mutual stresses. It appears, however, that 
these are not very serious, as cylinders which have failed in 
other respects have remained intact at this point. Fig. 123 
shews a construction in which a good aitempt is made to 
secure continuity of the vertical wall of the jacket. Either 
of these systems is probably satisfactory for cylinders of 
medium size. Large cylinders, however (and ihis applies to 
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other parts as well), are known to be subject io greater temper¬ 
ature differences than smaller ones (though not to the extent 
sometimes suggested), and the lea^ng designers hAve had 
recourse to other exp^ents when faced with the problem of 
constructing cylinders of large size. 

In Fig. 124 the jacket waU may be described as similar to a 
honey-pot in shape and of abnormal thickness, to allow for the 
bending stresses caused by the curvatme of the walls and the 
fact that the tensile supporting forces are localised at two feet. 



Fia. 12 Sa. 


The exhaust belt is of relatively thin metal, with comparatively 
small support from the walls. It will be evident that the 
strength of the jacket is very'slightly influenced by the exhaust 
belt, and that the latter is free of all but temperature stresses. 
This construction, therefore, attains a good approximation to 
the correct aUooation of the respective duties of jacket and 
exhaust belt. 

A further example (Sulzer crosshead t 3 rpe engine) is shown in 
Fig. 124 a. See also sectional drawing Fig. 9 and page 285 
et segr. 

Another and perhaps better way out of the difiioulty is 
to oooneot the cylinder cover to the bedplate by memiB of 
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stay-bolts, thus relieving the jacket of all stressOS except those 
induced by temperature differences. The jacket in this case 
virtually hangs from the cylinder cover, and only requires to 
be attached thereto by studs proportioned to a loi^ based 
on the cylinder pressure and the annular area lying between 
the cylinder bore and the spigot at which the cover joint 
, is mi^e. The upper flange is preferably made fairly sub¬ 
stantial, but other thicknesses may be made a practical 

mmiiniim . 



WAKEFIELD‘DPTYPE MECHANICAL LUBRICATOB 


Fio. 126 b. 

Cylinder Lubrication.—^The problem of cylinder lubrication 
in IMesel Engines consists in effecting uniform distribution of 
minute quantities of oil. The quantity of oil admitted must 
be the minimnin necessary'to effect satisfactory lubrication, m 
the oil “ cracks ” in service, leaving a gummy deposit, which in 
course of time causes the piston rings to stick. Under favour¬ 
able conditions this may take several months, even two years. 
Every drop of superfluous oil reduces this period, hence the 
impcfftance of unifo rm distribution so that every part inay 
have sufficient, but none a superfluity. These conditions are 
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best secured by a forced feed lubricator discharging at two to 
eight points round the circumference of the cylinder. A 
typical lubricating fitting is shewn in Fig. 126 (pages 267-269), 
and the point to be observed is that the fitting must adapt itself 
to slight relative movement between the liner and jacket. The 
small hole at the end which leads to the surface of the liner 
reduces to a minimum the chances of the fitting becoming 
choked with carbon. With forced lubricated engines, in which 
the cylinder is not isolated from the crankpit, it frequently 
happens that more than sufficient oil reaches the cylinder, apart 
iiom any arrangements made for the purpose. In this case the 
problem may be to devise scraper rings, vent holes, or other 
devices, to remove the superfluous oil. 


Liner ^Jacket 



Cylinder Covers.—Owing to a considerable number of 
failures in service and difficulties experienced in manufacture, 
cylinder covers for both four and two cycle Diesel Engines 
have come to be regarded as difiicult pieces of design, and it 
may ^rhaps be instructive to review the subject in a more or 
less historical manner. 

The earlier type of four cycle cover is shewn in Fig. 126, 
from which it will be seen that the internal coring is compli¬ 
cated and that a few core-holes of small diameter only are 
provided to vent the core in the mould. In spite of these dis¬ 
advantages, such covers have given good service when made 
by the most skilful and experienced manu&cturers. Dismissing 
for the moment the question of manu&oturing costs, these 
covers have the following shortcomings :— 
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(1) The thin walls of oncooled metal betwten the leoesses for 

fuel and exhaust valves are liable to crack on over* 
loaded engines. 

(2) The hot ex^ust passage is too rigid to permit of much 

expansion and leads to cracking of the bottom plate. 

(3) The small core-holes give poor access to the interior for 

purposes of cleaning away accumulated scale. 

Assuming first-class foundry work, the two latter considera¬ 
tions are perhaps the most important. Modern development is 
on the following lines :— 

(1) The provision of large doors, which serve the double 

purpose of providing good access for cleaning and 
affording better support and venting for the core when 
casting. 

(2) Elimination of all internal ribs, as experience seems to 

shew that the tubular walls provided to accommodate 
the valve casings provide all requisite support betwem 
the top and bottom plates. 

(3) The use of square instead of conical seats for the valve 

casings. 



A cover designed on these lines is shewn in Fig. 127. Some 
makers have simplified the question of casting at the expense 
of introducing extra machining and fitting operations by 
making the top plate a separate piece (see Fig. 128). 

Anothw innovation which is becoming in<«etgnngly common 
is to place the fuel valve off centre. This airangemmit enables 
the cooling space around the fuel ^^ve to be increased, but too 
great a displacement of the fuel valve from the centre position 
necessitatM a special shape of combustion space. 
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Some modem developments in ibur stroke cylinder cover 
construction are shewn dia^ammatically in Figs. 129 to 132. 

That of Fig. 129 follows closely on traditional linea with the 
exception that the lower plate is dished upwards to allow 



Fro. 128. 


more freedom for expansion and to give more room for the 
valves. Fig. 130 represents a combined cover and liner as 
used by the Werkspoor Co. Fig. 131 shews the kind of con¬ 
struction adopted in large numbers of Burmeister & Wain 
engines. In this case the liner is secured to the cover by a 



flange and setscrews. Fig. 132 shews a cover fitted with a 
water cooled pad to receive the heat which would otherwise 
teach the cover proper. 

Progress in metallurgy and foundry technique during the 
past decade has greatly improved the quality of iron castings 
for the vital parts of Diesel engines. 
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Points of Detail.—Owing to the large recesses for the Valve 
chges, a four cycle cover is relatively weah, considering the 
amount of metal in it, and on this account all stud holes should 
be well bossed under and all inspection openings well reinforced 
by compensating rings like a boiler. 

The under face of the cover is machined all over, but on the 



top face machining is sometimes restricted to those parts which 
are occupied by valves, etc. This enables the comers to be 
given a liberal radius, which in addition to improving the 
appearance facilitates moulding (see Fig. 127). From all 
considerations, all internal angles should be well radiused. 



Water is led to the cover by one of two methods:— 

(1) By one or more tubular fittings screwed into the top of 

cylinder jacket and passing through holes in the imder 
face of the cover (see Fig. 133). With the type of 
jacket shewn in Fig. 120 b it is desirable to fit one such 
fitting between each pair of cover studs. 

(2) By means of an opening in the side of the cover (see 

Fig. 134). 
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Whatever means be adopted, it is advantageous to fit 
internal pipes or baffles to encourage flow towards the fuel 
vidve, as accumulation of deposit at this point is to be avoided 
at all cost. It is usual to arrange the outlet above the exhaust 
branch, as stagnation at this point is also undesirable. 

Propordona of Cylinder Covers.—The depth of a four stroke 
cover generally works out to about 0*7 of the cylinder bore, 
the limiting factors being the size of the exhaust passage and 
the water space around it. The former should be at least 
equal in area to the exhaust valve at full lift. The passage 
starts by being rectangular in shape at the valve end, and 
gradually becomes circvto at the outlet where the diameter is 




about 0'21 of the cylinder bore. The same applies to the air 
inlet passage. The thicknesses of metal vary considerably in 
difierent designs, and the proportions shewn on the sketches 
repres^t average practice. The bottom plate should either 
be fairly thick as shewn (small engines), or well supported 
internally round the spigot in larger sizes to prevent caving in. 

Strength of Four Stroke Cylinder Covers.—^The system of 
loads acting on the cover comprises the tightening stresses of 
the studs, the reaction at the spigot joint and the gas pressure 
on tile lower plate. The effect of such a system is to produce 
tensile stress in the top plate and compression on the bottom. 
Considering the relative weakncm of cast iron in tension and 
the fact that cracks in the top plate axe of very rare occurrence, 
it would appear that covers proportioned in accordance with 
average practice have a good mai^ of safety so for as pressure 
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iStxeBses ate concehied. In view of a few isolated failores, or 
rather as a matter of principle, the strength should be subject 
to calculation. Owing to the uncertainty as to actual condi¬ 
tions the method of calculation detailed below must be con¬ 
sidered comparative rather than absolute. 

The assumptions underlying the method are as follows:— 

(1) That the severest conditions of stress are due to a cylinder 

pressure of 1000 lb. per sq. in., due to pre-ignition, 
careless starting or otherwise, and that this pressure 
causes the cover to lift to such an extent that the 
reaction at the joint*is eliminated. 

(2) That the stress is uniform across a diametrical section in 

the case of a cover of constant depth and proportional 
to the distance from the neutral axis of the section in 
the case of a cover of varying depth. This is not correct, 
but probably involvp approximately equal percentage 
of errdr in cUfferent cases. 



Example : Referring to Fig. 135, shewing the wesdcest section 
passing through the recesses for the air and exhaust valves, 
the seotiommodulus is 160 in.^ 

Considering the forces to the right or left of this section, 
we have:— 

(1) A downward force at the stud circle equivalent to a 
pressure of 1000 lb. per sq. in. over half the circular area, 
extending to the joint spigot, viz.: •784xl3*26*x 
1000-;'2«69,000 lb. This may be considered to act at 
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the centre of gravity of the pitch semicircle, that is at 
a distance of 9-6x2-^9r=6*02 ih. from the section 
under consideration. 

(2) An equal and opposite force on the under side of the 
cover acting at the centre of gravity of the semicircular 
area extending to the joint spigot, i.e. at a distance of 

—5 -=2-8 m. from the centre. 

OTT 



The stress is therefore :— 


69,000 (6-02—2-8) 
160 


=1600 lb. per sq. in. 


Putting the above into the form of a rule :— 

^ 1000Bi«(R,-$ Bi) 

* • % 

Where 1000=A8sumed maximum pressure. 
f=StteBS in lb. per sq. in. 
B,=BadiuB of stud pitch circle in in. 
Bi=Inside radius of joint ring in in. 
z=Section modulus in in.* 
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Two Stroke Cylinder Covers.—^Wheie. port scavenge is 
adopted the cover has only .to accommodate the following 
fittings:— 

(1) Fuel valve. (3) Relief valve (if fitted). 

(2) Starting valve. (4) Indicator tube fitting. 

As all the above are relatively small the casting of the 
cover is much simpler than that for a four stroke engine. 
Fig. 136 shews a cover of tliis type arranged for four staybolts. 



Fio. 137. 


When valves in the cover are employed for scavenging 
purposes the construction depends on the number of valves. 
If two scavenge valves are used the cover may be similar to 
that of a four stroke engine. This arrangement seems to have 
fallen into disuse, no doubt on account of the difficulty of 
securing adequate valve area and efficient scavenging. 

Fig. 137 iffiews a cover designed to accommodate four 
scavenge valves. It will be notic^ that the intwior is divided 
by a horizontal diaphragm separating the air space and the 
water-jacket. It appears that this diaphragm and the tubular 




278 


DIESEL ENGINE DESIGN 


oonneotionB to the bottom plate impose too great festriotions 
on the expansion of the latter, and firaotuies have been fre¬ 
quent (with both oast iron and cast steel), so that this type 
of cover, as hitherto designed, must be considered a frtilure. 



Fra. 138. 


The writer understands that a modification of this design 
(patented by Mr. P. H. Smith), shewn in Fig. 138, has proved 
satisfactory, and failures have been greatly reduced in fre¬ 
quency. Apparently the additional depth of the water-jacket, 
and correspondingly increased freedom of expansion, minimise 



Fio. ISO. 



temperature stresses, and the support afforded by the external 
shell keeps the bending stresses to a moderate figure. 

Some other types of two stroke (ylinder covers are shewn 
diag^Kunmatioally in Figs. 139 to 141. 

^Die first represents a Sulzer construction in which the 
fad, starting and relief valves are accommodated in a central 
water-jaekei^ cage. The bottom plate is comparativdy 
thin and ceases at the spigot. The synunetry of the casting 
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Mid the flexibility of the walls are favourable conditions fimm 
tlM point of view of immunity from heat stresses. -Fig. 140 
shews a scheme used on a,Vi^te two stroke engine. This 
appears to aim at freedom of expansion and easy replacement 
of the bottmn plate should fracture occur. Fig. 141 shews 
another application of the cooled pad idea. These examples 
iUnitrste t^ diversity of the designs which have uisen very 
htfgtty with e Tiew to reducing the liability to faflure on account 
of temperature stresses which are considered in the next 
chapter. 

llie Shape of the Combustion Space.—^It has often been 
said that the ideal shape for the combustion space of an 



intnnal-combustion engine is that of a sphere, sinoe for a 
given volume this shape offers the smallest surface for the 
dissipation of heat. Such an ideal cannot be realised in 
practice, as a combustion space which is spherical when the 
piston is on top dead centre is no longer so when the piston 
has moved outwards on tiie expansion stroke. 

This oonsideration applies particulariy to the Diesel Engine, 
since tiie nni.Tininm temperature of the Diesel c^de is only 
attained after a certain fraction of the expansion stroke has 
bm pexfbnned. For this reason the spherical combustion 
space shewn in Fig. 142,1, would probabty shew little, if any, 
advantage over the flat shape of ]^. 2, so fiur as heat loss is 
conowned, though the distribution of fuel and resulting effi- 
ohnu^ of combustion would probably bo better with Fig. 1. 

So ftr as the writw h aware, no sudi shape as that indicated 
in Fig. 1 Im been used, but the ap|ffoximstk>n shewn in 
Fig. 8 has been adopted in several makes of small and 
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moderate-sized engines. One advantage claimed for this shape 
is the turbulence caused by the expulsion of air from the 
annular space between the piston and the cylinder head on the 
compression stroke. The reverse flow on the expansion stroke 
is probably responsible for an increased rate of heat flow to 
the walls of the cover. 

The first essential in a Diesel Engine is good combustion, 
and this can only be secured if the foel is well distributed in 
the flrst instance. The combustion space should, therefore. 



Fia. 142. 


be fairly compact at the dead centre. The shape shewn in 
Fig. 4, for example, would render impossible good combustion 
at full load on account of the dead air at A to which the fuel 
could not find access. On the other hand, the peculiar shape 
shewn in Fig. 5 is capable of excellent results provided the 
fuel blast is properly directed as shewn. A similar shape 
(Fig. 6) sometimes gives inferior results if the fuel valve is 
offset too far from the centre. Moderate offsetting of the fuel 
valve seems to have little, if any, effect with large cylinders. 

The earliest four stroke engines were provide with flat 
clearance ^ces, as in Fig. 2. Better results are obtained 
with the pkmo-convex shape (Fig. 7) or the convexo-convex 
shape of llg. 8. The flat shape is, however, well suited to 
opposed-piston engines, and perhaps to smgle-piston engines 
























CYLINDERS AND COVERS 


281 


having a stroke to bore ratio of about 2 :1 and upwards, since 
the combustion space is then fairly deep. 

Sometimes the maximum diameter of the combustion spas 
is made in excess of the cylinder bore in order to obtain more 
room for the valves, as in Fig. 9. In these oases care must be 
exercised to avoid pockets of dead air. Some designers aim 
at providing a considerable depth of air in the direction of the 
fuel blast, as in Figs. 3 and 10. The maximum temperature of 
the piston is probably reduced by this construction. Some 
forms of the pocket t 3 rpe of combustion space for doaUe 
acting engines are shewn in Figs. 11 and 12. 

The requirements of the combustion space in relation to 
good combustion may now be summarised as follows:— 

(1) Compact shape of space at top dead centre.* 

(2) Direction of fuel blast approximately through the C.G. 

jof the combustion space ; if two fuel valves are fitted, 
each fuel blast should directed at the C.G. of a 
sjmimetrically placed half space. 

(3) Either (a) normal impingement of fuel blast (air injection), 

or (6) injection into a considerable depth of air. 

Double>acting Engines.—^The principle of employing both 
sides of a Diesel Engine piston for power purposes has been 
applied with varying degrees of success at intervals during the 
past two decades or more, but in recent years double-acting 
Diesels have definitely emerged from the experimental stage and 
taken their place in commercial fields, particularly in connection 
with marine propulsion. 

With a few exceptions double-acting Diesel Engines have 
followed the development of reciprocating steam engines, in¬ 
asmuch as the pistons are connected to the crossheads by 
single piston ro^ which pass through stuffing-boxes in the 
bottom cylinder covers. In most of these engines the top 
cylinder cover and its equipment of valves differ in no essential 
respect firom those of single-acting engines and therefore 
require no further mention. The main problems in the design 
of double-acting Diesel Engines are :— 

1. The design of a bottom cylinder cover combining the 
requisites of a good shape of combustion space, suitable 
accommodation of valves, and durability of the casting from 
the heat stress point of view. The provision of a piston rod 
stuffing-box may be regarded as a subsidiary problem long 

* Sm Chspter XXVII.—CompiwiioB Space. 
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since solved in prior gas engines experience, but it is worthy of 
note that recent Diesel Engine designs shew advance in this 
respect on the score of simpUcity. 

2. Provision for expansion of the cylinder liner. 

3. Provision for an adequate system of piston and piston 
rod cooling. 

In addition, there are a number of questions in connection 
with the design of the running gear, the order of firing, etc., 
which differ somewhat from the analogous questions relating 
to single-acting engines. 

Some of the problems enumerated above will be discussed 
with the help of diagrams representing examples firom practice. 
These diagrams have been redrawn from published Sawings 


I 



Fio. 143. 

of well-known designs with a view to exemplifying a few ideas 
at a time and should be regarded as dia^mmatio only as 
omissbns of detail and exaggerations of tUckness have bear 
made finely wherever these appeared conducive to dearness. 

The Bottom Cylinder- Cover.—^Various schemes for this 
part are illustrated in Figs. 143 to 148. The first three refer 
to four stroke engines, cmd in each case the combustion qMtce 
takes the form of a single compact ohamb«r provided with a 
single fuel valve. The latter three figures refer to two stroke 
engines wd in each case the combustion space takes a mote 
or less umular form and is provided with two fuel valves. In. 
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th68e two stroke engines the bottom ends of the pistons seem 
to have been designed primarily with regard to their functions 
as deflectors of the scavenge and exhaust streams, and pockets 



Fia. 144. 



i 

Via. 145. 


in the cover have been avoided. The resulting annular form 
of combustion space can hardly be adequately penetrated by 
8pra3r8 directed firom one point, hence the duplication of fdd 
valves. 
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Returning to Fig. 143, which represents the type of bottom 
cover used by Burmeister & Wain, Harland & WoIfF, and 
other B. & W. licencees, it will be noticed that the cover is a 
single piece casting of cubpidal shape externally and well 



Fig. 146. 


Fig. 147. 


rounded internally to accommodate expansions. The liner is 
secured to the cover by a ring of set screws. The inlet, exhaust, 
fuel and starting valves are disposed approximately radially 
I around the nearly spherical combustion 



space. 

Fig. 144 represents the Beardmore- 
Tosi design, in which the cover is held 
against the liner by a clamping ring. A 
single valve is enabled to function as 
inlet and exhaust alternately by virtue 
of a deflector valve (not shewn) which 
puts the valve into communication with 
the inlet and exhaust manifolds respec* 
tively as the occasion demands. Fig. 146 
represents the North-Eastern Werkspoor 
d^ign, consisting of three main parts, 
viz.: the cover proper, the combustion 
chamber accommodating the inlet and 
exhaust valves and the combustion 
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chamber door accommodating the fuel valve. In this Haaign 
the compression ratio is lower than usual at the bottom of the 
cylinder with a coiTespondingly larger compression space. 
Turning now to the two stroke designs, Pig. 146 represents a 



Worthington design, in which the main pull due to gas pressure 
is transmitted by an alloy steel shell of projectile shape, the 
parallel part being lined with a cast iron liner to the extent 
of the piston ring travel and the conical part forming the 
envelope of the combiution space. Twin fuel valves inclined 
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at about 46° are employed. Pig. 147 repres^nts an M.A.N. 
design, in which the cylinder cover takes the form of a sort 
of water-cooled breech block held in position by an annular 
member provided with projections which abut against corres¬ 
ponding projections in a surrounding entablature. By twisting 
the annular member through an angle the projections are 



disengaged and the breech block can be lowered. Fig. 148 
represents a Richardson-WeStgarth design. The cover is 
secured by a ring of studs to the water-jacket' which takes 
the gas pull. Other designs of bottom cylinder cover ate shewn 
on the ^grams illustrating the next section. 

Expansion of the Cylinder Liner.—^Inadequate provision for 
the expansion of the cylinder liner has been resjwnsible for the 
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failure of many gas engines and some oil engines. Profiting by 
this experience designers of double-acting Diesel Engines have 
paid particular attention to this point. In the Burmeister & 
Wain four stroke engine (Fig. 149) the cylinder liner is sand¬ 
wiched between the top and bottom covers which are drawn 
together by long through bolts extending from the top of the 
upper cover to the bottom of the bedplate. The intermediate 
nuts are so adjusted that the whole length of the bolts is 
available for stretching on account of the expansion of the 
liner. The latter is so small in relation to the length of the bolts 
that the increase in the tension of these bolts is quite small. 

The same principle is used in the B. & W. D.A. two cycle 
engine cylinder shewn in Fig. 150. 

In the M.A.N. and Sulzer designs shewn in .Figs. 161 and 152 
the water jacket forms the principal supporting member into 
which cylinder liners are inserted from above and beneath and 
secured by spigoted cylinder covers in the conventional way. 
The two half liners are separated at the centre by a narrow gap 
to allow for expansion. 

In the Worthington design shewn in Fig. 163 the opporate 
arrangement is adopted. The liners are anchored at their 
inner extremities being pressed by .‘tudded ring members 
against a central abutment in a single entablature which 
accommodates the exhaust and scavenge in passages. 



CHAPTER XV 


TEMPERATURE STRESSES 

Introductory.—It is fairly generally recognised that the 
stresses in the cylinders of internal combustion engines due 
to temperature differences are, at least, as important as those 
due to pressure, at any rate in the larger sizes of engine, and 
that the magnitude of these stresses sets an upper limit to the 
size of cylinder which is possible with any given method of 
construction. 

Such considerations apply with even greater force to 
cylinder covers and pistons, but it is not necessary to agree 
with those who maintain that the maximum size of cylinder 
possible or the maximum power which can safely be developed 
in a cylinder of given bore and stroke is necessarily limited by 
the materials available. 

It is true that every substantial advance in size and power 
rating accentuates the heat stress problem, but there is no 
reason to suppose that such problems cannot be solved satis¬ 
factorily. Some of the newer constructions which have been 
developed to overcome temperature difficulties have already 
been noticed, and it can hardly be doubted that demand will 
be met by supply. 

In the present chapter the general heat flow problem as it 
affects Diesel Engine Design will be considered in detail with 
a view to throwing some light on the principles involved. 

Temperature difficulties in Diesel Engines may be classified 
in three categories :— 

(1) Local overheating, as for example of exhaust valve 

heads, piston crowns, rings and liner surfaces. 

(2) Local temperature differences, as for example the 

temperature difference between the gas and water 
sides of a liner or cylinder cover plate. 

(3) Extensive temperature differences, as for example the 

temperature difference between the centre and the 
edge of an uncooled piston crown, 
u 291 
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The troubles coining under the first category are avoided 
or minimised by either avoiding uncooled surfaces altogether or 
by making the uncooled part of a special material capable of 
performing its function at a high temperature. 

The stresses which arise on account of the second category 
can only be kept within safe limits by either limiting the heat 
flux to which the sui^ace is subject or else limiting the thick¬ 
ness of metal through which the flux penetrates. 

Extensive temperature differences (3) are, in general, only 
productive of temperature stresses in so far as the temperature 
difierences refer to different parts of the same casting. In 
these cases the stresses are to be kept within safe limits by 
adopting forms which admit of free expansion. A study of 
the problems which arise out of these considerations must 
clearly start with an estimate of the distribution of heat flux 
to the various members which constitute the walls of the 
cylinder volume. 

Heat Flow to the Jackets.—^The heat received by the 
cylinder walls may be regarded as transferred thereto by 
convection and radiation. Any element of pure conduction 
may presumably be neglected except in so far as the process 
of convection culminates in the conduction of the convected 
heat through a thin layer of stagnant gas in contact with-the 
walls. The relative importance of the two processes of radia¬ 
tion and convection in transferring the heat lost to the jacket 
is not known with any certainty, but a number of important 
facts have emerged as a result of the investigations, some of 
whidi are referred to at the end of this chapter ; among these 
may be mentioned the following :— 

(1) The heat lost by convection is increased by increasing 
the state of turbulence before and during ignition (Hopkinson 
and Clerk). This fact helps to account for the observed fact 
that increasing the piston speed beyond very moderate values 
does not very materially reduce the percentage of heat rejected 
to the jacket. Apparently the increased air speed through 
the inlet valve resets in iflcreased turbulence, which tends to 
speed up the loss of heat. 

(2) A mass of flaming gas is semi-opaque, semi-transparent 
to its own radiations. That is to say, of the total radiation 
emanating from a small element of flame, a certain j^t 
(usually a small fraction in cylinder volumes of ordinary size) 
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is absorbed in passing through the outer layers (Callendar). 
The practical bearing of this fact is open to different inter¬ 
pretations in the present state of knowledge. According to 
one school of thought the semi-transparency of flame is fatal 
to large cylinders on account of the augmented radiation flux 
which results from increasing the depth of the flame. On the 
other hand, it may be argued that the partial opacity of 
flaming gas must lead to the rejection by radiation of smaller 
percentages of the heat liberated by combustion, in cases 
of large cylinders as compared with small ones. Both aigu- 
ments are unsound, since both ignore the duration of the 
combustion period and the question whether the total radia¬ 
tion is simply a function of temperature and time, or whether 
it depends primarily on the amount of heat evolved by com¬ 
bustion. Fortunately the heat flow question does not depend 
on the solution of these problems. The total heat receiv^ in 
all ways by the various elements of the cyUnder walls can be 
measured approximately by various more or less direct means. 
These measurements indicate that the jacket loss expressed 
as a percentage of the total heat supplied is nearly independent 
of the absolute size. 

(3) The intensity of radiation is proportional to some power 
(3 to 4) of the absolute temperature. This fact helps to account 
for the fact that indicated efficiencies tend to fall off after a 
certain critical maximum temperature is exceeded. In what 
foDows we shall only be concerned with the Diesel Cycle (four 
stroke or two stroke) employing a normal full load M.I.P. of 
about 86 to 105 lb. per inch (unsupercharged). 

The water-jacketed parts of a Diesel Engine comprise some 
or all of the following:— 

(1) Cylinder liner. (6) Intercoolers. 

(2) Cylinder cover. (7) Exhaust manifold. 

(3) Exhaust valves and cages. (8) Crosshead guides. 

(4) Piston (frequently oil cooled). (9) Oil coolers. 

(5) Air compressor. 

Here we are only concerned with items (1) to (4) inclusive, 
which, on the average, may be taken to account for about 
26% of the total heat supplied, reckoned on the lower calorific 
value of the fuel consumed, at about full load. This will be 
referred to below as the “ total jacket heat.” 

Whilst water-cooled valves and cages absorb quite an 
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appreciable percentage of the jacket heat, it is doubtful if the 
cooling of these parts materially affects the total jacket heat, 
since the exhaust gases are cooled thereby, and are consequently 
in a condition to give less heat to the exhaust port in the 
cylinder head or cover. The same argument applies to the 
piston. Heat received by an uncooled piston is mainly con¬ 
ducted to the cylinder liner, which therefore receives-more 
heat than it would otherwise if the piston were cooled. Before 
considering the distribution of the jacket heat it may be 
remarked that the latter under approximately full load con¬ 
ditions, when expressed as a percentage of the total heat 
supplied, shews remarkably little variation with such variables 
as piston speed, mean indicated pressure, stroke bore ratio, 
absolute size, etc., within the limits of ordinary Diesel Engine 
practice. 

Cylinder Cover.—^The heat received by the cover of a four 
stroke engine consists of two parts :— 

(a) That which passes through the bottom plate. 

(b) That which passes through the exhaust valve port. 

For simplicity we suppose that the cover is of the traditional 
flat-bottomed type. Gibson and Walker have attempted to 
measure “ b ** in the case of a gas engine, and found an exhaust 
valve and port loss of 8 to 11% of the total heat supplied, or 
rather less than one-third of the “ total jacket loss ” as here 
tmderstood. From the conditions of the experiment these 
flgures must be over-estimated. Dugald Clerk arrived at a 
similar estimate based on Biu^tall’s gas engine trials, but this 
estimate is vitiated by the assumption that the heat passing 
through the cylinder cover faoe was equal to that received by 
the piston, an assumption which Hopkinson has shewn to be 
very improbable in a gas engine. Hopkinson’s estimate of thh 
exhaust port heat is about 6% of the total heat supplied in 
the case of a gas engine. For Diesel Engines the writer is 
inclined to adopt the figure of 4|% of the total heat supplied 
or about 18% of the total jacket loss, for reasons which appear 
below. 

In the first place items “ a ” and “ h ” together only account 
for about 36% of the jacket loss in the case of a four stroke 
Diesel Engine having a stroke bore ratio of about 1 *6. Further¬ 
more, recent temperature gradient measurements in the cover 
plate of a four stroke Diesel Engine having a stroke bore ratio 
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of 1, indicate that the bottom plate in this case receives about 
28% of the total jacket heat. If the stroke bore ratio were 
increased to 1*5 the cover plate loss expressed as a percentage 
of the jacket loss would certainly be reduced and would 
probably be about 17% (see Fig. 166), leaving 36—17=18% 
for the port loss. As a first approximation we therefore adopt 
the following figures :— 


Percentage of Total 

Jacket Heat 


Stroke bore ratio 

. 10 

1-6 

Cover plate 

. 28 

17 

Exhaust port 

. 18 

18 

Total for cover . 

. 46 

36 


It will be noticed that it is here assumed that the exhaust 
port loss is independent of the stroke bore ratio. 

In the case of two stroke engines where there is no exhaust 
port in the cover we are only concerned with the bottom 
plate. 

Pistons.—Even with uncooled pistons the maximum crown 
temperature is low compared with that of the gases during 
the combustion and exhaust periods, and it has been shewn 
that the heat taken up from the piston by the charge is small. 
The net heat received by the piston crown Is not therefore 
greatly influenced by the cooling means adopted. Hopkinson 
has shewn that the heat dissipated from the underside of the 
crown of an uncooled gas engine piston has very little effect 
on the temperature of the latter. He has also shewn how to 
calculate the amount of heat received by the piston from two 
temperature measurements at two different distances from 
the centre of the crown. On these assumptions the piston of 
his gas engine received about 12% of the total 

jacket heat. In Burstall’s trials of a 16''x24^ gas engine the 
water-cooled piston received about 16J% of the total jacket 
heat. 

With the four stroke Diesel Engine with “ square cylinder 
already referred to, the measur^ piston heat amounted to 
12% of the total jacket heat, but in this case it is probable 
that, owing to the relatively mild character of the oil cooling, 
a certain amount of heat received by the piston was conducted 
to the liner. The water-cooled piston of a 16*4''X15-75"' two 
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stroke Diesel Engine absorbed about 22% of the total jacket 
heat. 

The water-cooled piston of a 16-l"x lO-O' two stroke 
Diesel Engine received on the average about 36% of the total 
jacket heat. This abnormally high figure is probably due 
to:— 

(1) The use of a convex piston crown. 

(2) The liberal extent of the piston jacket which extended 

half-way down the skirt. 

(3) About a quarter of the total quantity of cooling water 

was passed through the pistons. 



In this case the piston was probably extracting heat from 
the liner. 

In a modem two stroke engine with concave piston crown 
and stroke bore ratio of 1*6, the cylinder jacket received about 
10% and the piston and cylinder cover about 6% each of the 
total heat supplied. 

The percentage of jacket heat absorbed by the pistons of 
two stroke engines may reasonably be expected to exceed 
that of four stroke engines on account of the exhaust taking 
place at the bottom of the cylinder with great velocity. 
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Comparing these figures and confining attention to the heat 
actually passing through the piston crown it would appear 
that in four stroke engines the piston heat is rather less than 
the cover plate heat, and that in two stroke engines those 
quantities are about equal, assuming concave piston crowns 
in both cases. 

Cylinder Liners.—In four stroke engines with stroke bore 
ratios of about 1*6 with uncooled pistons about 65% of the 



jacket heat is found in the cylinder jacket. Deducting 16% 
for the piston this leaves 49% for the liner heat proper. The 
thermal data given by Ghaloner {Motor-ahip, July, 1020) in 
connection with a four stroke cylinder, 20‘86''x20’86', enable 
the jacket loss to be estimated. The temperature gradients 
are shewn in Fig. 164, from which it appears that the mean 
temperature gradient is about 32° F. per inch, and the mean 
flux is therefore :— 

32 X 12x26=10,000 B.T.U. per ft. 2/hr. 

Since the conductivity of cast iron is about 26 in ft. deg. F. 
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hour units. The total area of the liner is about 19*2 ft.^, so 
the total heat flow is :— 

10,000x19*2 = 192,000 B.T.U. per hour. 

The power of the cylinder is 285 B.H.P., and reckoning on a 
fuel consumption of 0*42 lb. per B.H.P. hr. the total heat 
supplied works out at:— 

0*42 X 18,000x285=2,150,000 B.T.U./hr. 



The liner heat is therefore 8*9% of the total heat supplied, or 
about 35% of the total jacket heat. 

Heat Flow Diagrams.—On the basis of the foregoing figures 
and the consideration of limiting cases. Figs. 155 and 156 
have been drawn up for four and two stroke engines respec¬ 
tively.^ In each diagram the percentage of heat passing to the 
liner, piston, etc., is plotted on a base of stroke bore ratio. 
A few notes of explanation are desirable. 

(1) In each case the total jacket heat is assumed to be 25% 
of the total heat supplied. 

^ Fig. 165 would appear to be applicable to 2 cycle engines with exhaust 
valves in the cover. 
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(2) The exhaust port loss is regarded as being independent 

of the stroke bore ratio. ^ 

(3) The liner loss approaches zero as the stroke bore ratio 

approaches zero. 

(4) The cover plate loss and the piston loss are assumed to ap¬ 

proach equality as the stroke bore ratio approaches zero. 

(5) The cover plate loss and the piston less tend to 0 as the 

stroke bore ratio tends tooc. 

(6) For finite values of the stroke bore ratio the trends of 

the curves have been guided by the data given above, 

combined with a “ fairing ” up process. 

No great accuracy can be claimed for these diagrams, but 
they have been checked from time to time against published 
data relating mainly to marine engines, and the order of 
accuracy for individual items is probably round about ±20%. 

The Heat Flux through the Walls.—^The foregoing data 
enable the heat flux through the walls of the liner, cover plate 
and piston to be calculated approximately in any given case. 
The mean flux through the liner is found by dividing the liner 
heat in B.T.U. per hour by the area of the water-cooled surface 
in sq. ft. In the cylinder, for which Fig. 154 has been drawn, 
the cooled length of the liner is equal to the stroke plus about 
80% of the bore, and the maximum flux is 2-5 times the mean. 
In other eases the proportion of cooled length may be diflFerent, 
but this is hardly likely to have any appreciable effect on the 
maximum flux. Accordingly we shall assume that in all cases 
the maximum flux is 2*5 times the mean flux when the latter 
is calculated on an area equal to the product of the cylinder 
circumference X the stroke plus 0-8 times the bore. 

Let I=Indicated power per sq. ft. of piston area. 

B =Bore in feet. 

S =Stroke in feet. 

Consumption of fuel (18,000 B.T.U. per lb.) =0*3 lb. per 
I.H.P. hr. 

Z=Fraction of total heat supplied which passes through 
the liner (see Figs. 155 and 156). 

F=:Maximum flux in 1000 B.T.U./ft.® hr. 


Then :— 

IttBs 0-3x18,000 
4 ^ 7 1000 . 


x2-6i 



(1) 
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hour units. The total area of the liner is about 19-2 ft.*, so 
thO total heat flow is :— 

lO.OOOx 19-2=192,000 B.T.U. per hour. 

The power of the cylinder is 286 B.H.P., and reckoning on a 
fuel consumption of 0-42 lb. per B.H.P. hr. the total heat 
supplied works out at:— 

. 0-42 X 18,000 X 286 =2,160,000 B.T.U./hr. 



The liner heat is therefore 8-9% of the total heat supplied, or 
about 36% of the total jacket heat. 

Heat Flow Diagrams.—On the basis of the foregoing figures 
and the consideration of limiting cases. Figs. 166 and 166 
have been drawn up for four and two stroke engines respec¬ 
tively.^ In each diagram the percentage of heat passing to the 
liner, piston, etc., is plotted on a base of stroke bore ratio. 
A few notes of explanation are desirable. 

(1) In each case the total jacket heat is assumed to be 26% 
of the total heat supplied. 

^ Fig. 166 would appear to be applicable to 2 cycle engines with exhaust 
valves in the cover. 
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(2) The exhaust port loss is regarded as being independent 

of the stroke bore ratio. 

(3) The liner loss approaches zero as the stroke bore ratio 

approaches zero. 

(4) The cover plate loss and the piston loss are assumed to ap¬ 

proach equality as the stroke bore ratio approaches zero. 

(6) The cover plate loss and the piston less tend to 0 as the 
stroke bore ratio tends to oc. 

(6) For finite values of the stroke bore ratio the trends of 
the curves have been guided by the data given above, 
combined with a “ fairing ” up process. 

No great accuracy can be claimed for these diagrams, but 
they have been checked from time to time against published 
data relating mainly to marine engines, and the order of 
accuracy for individual items is probably round about ±20%. 

The Heat Flux through the Walls.—^The foregoing data 
enable the heat flux through the walls of the liner, cover plate 
and piston to be calculated approximately in any given case. 
The mean flux through the liner is found by dividing the liner 
heat in B.T.U. per hour by the area of the water-cooled surface 
in sq. ft. In the cylinder, for which Fig. 164 has been drawn, 
the cooled length of the liner is equal to the stroke plus about 
80% of the bore, and the maximum flux is 2-5 times the mean. 
In other eases the proportion of cooled length may be difiFerent, 
but this is hardly likely to have any appreciable effect on the 
maximum flux. Accordingly we shall assume that in all cases 
the maximum flux is 2*5 times the mean flux when the latter 
is calculated on an area equal to the product of the cylinder 
circumference X the stroke plus 0*8 times the bore. 

Let I=Indicated power per sq. ft. of piston area. 

B=Bore in feet. 

S =Stroke in feet. 

Consumption of fuel (18,000 B.T.U. per lb.) =0*3 lb. per 
I.H.P. hr. 

Z== Fraction of total heat supplied which passes through 
the liner (see Figs. 165 and 156). 

F=Maximum flux in 1000 B.T.U./ft.* hr. 


Then 


F= 


IttB^ 0-3x18,000 


7rB(S+0-8 B) 


3-4K 

( 1 , 0 . 8 ) 


( 1 ) 
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The heat received by the cylinder cover plate cannot be quite 
equally distributed, but must be somewhat more intense at 
the centre ; thermocouple readings given by Chaloner shewed 
a difference of only about 4% between the flux at the centre 
of the cover, and that at a point situated at a distance of about 
three-quarters of the cylinder radius from the centre. Also 
some of the heat received by the underside of the plate is 
conducted away radially beyond the cylinder radius before 
reaching the water-jacket. The heat received by the plate 
divided by the area of the latter must, therefore, be an over¬ 
estimate of the mean flux, though it is probably a good approxi¬ 
mation to the maximum flux. Similar considerations apply 
to the piston. We therefore estimate the maximum flux to 
the cover plate and to the piston respectively by dividing the 
heat received in each case by the piston area. 

Let c=Fraction of total heat supplied which passes through 
the cover plate. 

p=Fraction of total heat supplied which passes through 
the piston crown. 

(See Figs. 155 and 156.) 

Then:— 

^-1000— c (or p) =-5-4 I c (or p).(2) 

The values of c (or p) decrease as the stroke boro ratio increases. 
Examples:— 

F 



I 

8 

B 

3-4 

1+0-8 


p 

c 

1 

Piston. 

1 

4 Stroke Submarine Engine 

m 

10 

1-88 


•055 

•065 

27 

51 

60 

4 „ Marine „ 

75 

1-6 

1*48 

•115 




m 

20 

4 M Marine „ 

86 

20 

1-21 

•136 



12 

12 

18 

2 „ Naval „ 


1*2 

iTOl 


Biiiil 

gtlifll 

35 

78 

78 

2 „ Marine ,, 


1-5 

1-48 


•056 

•066 

21 

41 

41 

2 „ Stationary „ 


mi 

1*21 

0^ 

•045 

•045 

23 

30 

39 


These figures give an approximate guide to the values of 
the heat flux to be reckoned with in typical cases. 

Local Temperature Stresses .—A knowledge of the heat flux 
enables the local temperatiu^ difference, and consequently the 
local temperature stress, to be estimated. 
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Let t=Thickness of wall in inches. 

(T,—Tj) =Teniperature drop through the wall in deg. P. 

k=Conductivity of cast iron in ft. B.T.U. hr. units 
—about 25. 

E=Modulu8 of elasticity of cast iron=about 12x10* 
Ib./in.* 

A=Coefficient of expansion of cast iron=6x lO"*. 

Then the maximum local difference of temperature from the 
mean=J (T^—^T*) 


1000 F 


t 600 Ft 
^12“25xl2 


=1-67 Ft 


And the temperature stress f^ is given by :— 

Tj).E.A= 1-67 Ftxl0«xl2xl0-«x6=120 Ft.(3) 

The important point is that for a given value of the heat 
flux F, the temperature stress is proportional to the wall 
thickness. Consider, for instance, the two stroke Naval engine 
referred to in the above table. For the cover and piston 
F=78, and the local temperature stres8=120x78=9360 lb./ 
in.® per inch of thickness. It is evident, therefore, that with 
ordinary materials the available range of safe thicknesses is 
limited, whatever the bore of the cylinder may be. The 
problem of the large highly rated cylinder is, therefore, reduced 
to finding methods of construction whereby comparatively 
thin walls may be used with safety. The question as to what 
temperature stress can be considered safe is naturally an 
important one and a very difficult one to decide. Most heat 
failures of covers and pistons are traceable to extensive 
temperature differences giving rise to stresses which are very 
difficult to estimate. Cylinder liners and plain ribless covers 
and pistons afford better criteria, and calculations of known 
designs on the lines indicated above indicate that the safe 
limit of temperature stress lies somewhere between 10,000 and 
15,000 lb. per sq. inch. The ultimate tensile strength of good 
cylinder iron is about 40,000 lb. per sq. inch and a safe limit 
of i this value, viz. 13,000 Ib./in.®, may be suggested. 

The whole business is greatly complioated by the peculiar 
behaviour of cast iron at high temperatures. According to the 
theory outlined above, the hot side of the wall should be in a 
state of compression and the cold side in tension. Actually 
cracking, when it occurs, almost always takes place on the hot 
side, leaving when cold a gaping fissure which tends to close 
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up during running of the engine. From this fact it appears 
that the temperature stresses are annealed out during pro¬ 
longed running by rearrangement of the particles, and that 
cracking takes place on cooling by the reappearance of the 
temperature stresses with reversed sign. Nevertheless, it is 
to be expected (apart from the phenomenon of “ growth.”) 
that the stresses induced during cooling will be proportional, 
if not actually equal, to those induced by the initial heating 
before annealing has taken place. 

Local Temperature Stresses in Pistons and Covers.—It 
is interesting to see what results are yielded by formula (3) in 
representative cases. 

(1) Four stroke engine, 12''xl8'', 1=75, t=lj" for cover. 

ft=120x20xll26=2700lb./in.* 

I^cal temperature stress obviously negligible. 

(2) Four stroke engine, 30''x46'', 1=86, t=2" for cover. 

ft=120x20X;;^X2=6600 Ib./in.* 

70 

(3) Two stroke engine, 30''x46', 1=140, t=li'' for cover. 

ft=120x41 X 1-6=7400 lb./in.2 

(4) Two stroke engine, 20‘'x24*, 1=240, t=0-876 for cover. 

ft=120x78x0-875=8160 Ib./in.* 

(6) Four stroke engine, 30''x46'', 1=86, t=lf'' for piston. 

Qt* 

f.=120xl6x=-^x 1-76=3800 Ib./in.® 

76 

(6) Two stroke engine, 30'x46'', 1=140, t=l|'' for piston. 

ft=120x41 X 1-76=8600 Ib./in.* 

In the above all pressure stresses and extensive temperature 
stresses are left out of consideration. These figures shew that 
if undue thicknesses of metal are avoided the local temperature 
stresses can be kept below a moderate limit. 

Local Temperature Stresses in the Liner.—In the case of 
the liner the additional stress due to pressure is easily allowed 
for. Assuming a maximum working pressure of 600 Ib./in.* 
the pressure stress fp is given by :— 

fp=260B/t.(4) 

Where B=oylinder bore and t=liner thickness in inches. 
The combined pressure and temperature stress f« is the sum of 
fp as given above and f^ as given by (3). For example, in a 
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four stroke engine of 24' bore x 36' stroke with 1=76 we have 
(since P=13, see table p. 300):— 

fc=(260x24/t)+(120x 13‘Xt) 

=6000/t+1660t.(6) 

Values of fp, fj and f^ are plotted on a basis of “ t ” in Fig. 167, 
and fs has a minimum value of 6100 Ib./in.* when t=2', and 



Fio. 167. 


this value occurs when ft=fp. A similar diagram is shewn 
in Fig. 168 for a two stroke engine, 17'6' bore, 26' stroke 
with 1=140 developing the same I.H.P. as the four stroke 
engine. In this case the minimum value of is higher, viz. 
6600 Ib./in.*, and the optimum thickness is about !{'. 

Both these values of the thickness are in good agreement 
with average jmctioe with reference to the thickness under 
the top' flange of the liner. 
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The following features of these diagrams may be noticed. 

(a) There is a certain thickness of the liner for which the 

combined stress is a minimum. 

(b) The minimum stress is slightly higher for the two stroke 

cylinder than for the four stroke cylinder of the same 
I.H.P. at the specified rating. 



Fio. 1S8. 


(c) The minimum stress increases as the cylinder size is 

increased. 

(d) Considerable variations from the most favourable liner 

thickness are possible with small influence on the 
combined stress. 

The last consideration is interesting in view of the thickening 
of the liner at the flange end which occurs in most designs. An 
increase of about 30% increases the stress acpording to the 
diagram by about 4 or 6%. If, as in some designs, the thickness 
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at the flanged end is about double the nomal thickness, the 
increase of stress may be very considerable in highly rated 
engines. This point is illustrated by Fig. 169, which has been 
drawn up for a 30''x46'' two stroke engine rated at 1=166. 
In this case :— 

fe=(250x 30/t)+(120 X 25-51) 

=7500/t4-3060t.(6) 

The minimum combined stress is 0500 Ib./in.^ with a thick' 
ness of about IjV*. The more usual thickness of about 2^' 



increases the stress to about 10,600 Ib./in.*, and a 41* flange 
would involve a stress of over 16,000 Ib./in.^ This suggests 
the advisability of avoiding such heavy flanges in large 
cylinders subject to a high flux, and experience confirms this 
view. 

Extensive Temperature Stresses.—Extensive temperature 
di£ferences giving rise to high stress arise when the liner and 
jacket are cast in one piece. The jacket portion remains 
nearly stone cold, whilst the liner acquires a certain mean 
temperature which, under a constant load, slowly rises with 
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time on account of deposits of scale until such time as the 
latter be removed, so that a construction which may be safe 
when new tends to become imsafe in service, unless deposits 
are prevented. Numerous failures of gas engine cylinders with 
integral jackets and liners have deterred most Diesel Engine 
builders from using this construction except in small sizes. 

The traditional type of circular cylinder cover is liable to 
temperature stresses arising from the rigid connection of the 
hot bottom plate to the cool surrounding walls. An}rthing 
which tends to increase the mean temperature of the bottom 
plate tends to increase the temperature stress. Failures are, 
therefore, most frequent with highly rated engines using hard 
water. Tendency to failure is minimised by :— 

(1) Conservative rating. 

(2) Use of soft water. 

(3) Introducing the water at high velocity at the centre of 

the cover. 

(4) Using a low outlet temperature. 

In this respect marine engines are at an advantage in 
working for the greater part of the time under conditions 
which admit of effective cooling with a liberal supply of clean 
water. The use of closed circuit cooling with heat exchangers 
is gaining in favour both for marine and stationary service. 

With two stroke engines at normal ratings these extreme 
temperature differences are greatly accentuated and special 
constructions admittii^ of greater freedom for expansion 
become necessary. Some of these have already been referred 
to in Chapter XIV, together with some constructions adopted 
in ^e larger sizes of four stroke engines. 

Pistons.—^With water or oil cooled pistons the 
t^perature of the crown is probably fairly uniform over the 
greater part of the area, with a gradual faUing off at the edge 
and down the sides. With uncooled pistons, on the other 
hand, there is a steep temperature gradient towards the edge 
of the crown due to the conduction of the heat to the liner. 
The simplest ideal case for calculation purposes is that of a 
flat crown of diameter B (feet) and small thickness “ d ” (feet), 
subject to a uniform flux F (1000 B.T.U./ft.*hr.). If “ r ” is 
any radius less than B/2 the flow received inside this radius is 
wr*Fx 1000 B.T.U. per hour, 

and this must be equal to the temperature gradient—dT/drx 
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conductivity 
therefore:— 


“k 

dT 
dr ’ 


and the sectional area 2 ntd, we have 

- Trr^P xlOOO _ -rFxlOO O 
27rrdk 


2dk 


4dk 


andTc—Te = 


( 7 ) 


B^P XlOOO 
l^k 

where Tc =Temperature at the centre, 
and Te= „ „ edge. 

Converting to inch units (7) becomes :— 

B^F XlOOO 

Tc-Te-,^ =0-208 B*F/d.(8) 

16xl2dx26 ' ' ' 

Under the simple conditions postulated the stress due to the 

uneven distribution of temperature must be proportional to 

(Tc—Te), and temperature measurements made in cases where 

experience indicates that cracking is not to be anticipated 

indicate that a safe value of Tc—Te is about 400° F. 

Substituting this value in (8) we obtain the relation :— 

^ 0-208 B^F B^F 

^ .. ... 


400 


11)20 


The thicknesses of crown which result from this relation for two 
values of F, viz. 16 (four stroke engine rated at 1=75) and 
41 (two stroke engine rated at 1 = 140) are tabulated under:— 


Bore in ins. 

5 

10 

15 

20 

25 

d (F=16) . 

. -21 

•84 

1-87 

3-35 

5-20 

d (F=41) . 

. -53 

215 

4-80 

8-50 

13-40 


The small thickness (0-21") required by the d*" piston is 
characteristic of motor-car practice, and the other figures shew 
the hopelessness of trying to emulate the slender proportions 
of petrol engine practice, in the design of medium and large 
size uncooled pistons for internal combustion engines. The 
point to which attention is here drawn has sometimes been 
overlooked by critics of oil engine and gas engine designs. 

The table also shews the limitations of uncooled pistons 
subject to the assumed values of the flux. It is clear, for 
example, that at the higher rating (F=41) uncooled pistons 
of cast iron are impracticable for cylinders above about 12*' 
diameter or so. 

Assuming that the temperature difference is confined to 
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some limit such as that suggested, the safety against cracking 
will depend on the form of the crown, whether concave or 
convex, .the degree of curvature, the connection to the skirt, 
etc., and the physical and chemical properties of the material 
in relation to high temperatures. If the temperature difiference 
is constant in Afferent sizes the maximum temperature will 
be greatest (other things being equal) in the largest size„ on 
account of the increased length of the paths of heat flow from 
the edge of the crown to the jacket. It can hardly be doubted 
that too high a maximum temperature tends towards cracking 
on account of the material becoming locally plastic when hot 
and developing high tensile stress when cooled. 

The considerations advanced in this section do not enable 
the temperature stresses to be calculated, but they throw some 
light on necessary limitations and afford a basis of comparison 
on which proposed designs may be compared with known 
successful ones of similar form, but of different size and 
differently rated. 
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CHAPTER XVI 


TRUNK PISTONS 

History.—^The earliest Diesel Engines (about 1900) were of the 
crosshead type, but trunk pistons were very soon adopted in 
accordance with current gas engine practice and were almost 
universally used on Diesel Engines until about 1910, when 
Marine Diesel Engines were beginning to be considered seriously 
for ocean going vessels. For this service crossheads were 
considered practically essential and were adopted on most 
large Marine Diesel Engines (and many large stationary 
engines) built dming the next decade. JMor to 1910 trunk 
pistons of the uncooled type of about 15' to 25' diameter 
had given an amount of trouble which could hardly be tolerated 
at sea. The chief of these troubles were pkjon seizure and 
cracking of crowns ; both of these are reducible to negligible 
factors by oil or water cooling of the crown. As early as 1912 
(or thereabouts) experimental single cylinder units developing 
1000 B.H.P. were run with tounk pistons (cooled), but general 
confidence in large trunk pistons was not reached until many 
years later. The largest trunk pistons to-day are about 25' 
dia., developing about 500 B.H.P. per cylinder and operate 
with entire reliability. Thero appears to be no necessary 
limitation of size or power. 

Materials.—^Most large and medium size Diesel trunk pistons 
are made of pearlitic cMt iron, sometimes with the addition of 
small percentages of alloying metals, e.g. nickel and chromium. 
Many small high speed Diesel Engines for road traction, etc., 
as well as some larger ones for ^way traction, submarine 
service or even stationaiy work, are fitted with pistons of 
light alloys of aluminium or magnesium. Some of the alu¬ 
minium woys give the best result in a forged condition; in 
other cases heat treated castings are used. A desirable feature 
in a light alloy is resistance to wear of the ring grooves; this 
has sometimes been excessive. 
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Pirton sealing rings are of cast iron frequently centrifugal cast. 
Scraper rings are of cast iron or spring steel. 

Gudgeon pins are commonly of mild or alloy steel case- 
hardened. Nitrided steel is also used. 

For loose piston crowns forged or cast carbon and alloy 
steels (including stainless irons) have been used successfully. 

Troubles to be avoided.—^Before considering typical designs 
of trunk piston it is well to bear in mind possible troubles which 
can be minimised by suitable design. 

(1) Piston Seizure .—^Assuming correct clearances and lubrica¬ 
tion piston seizure arises from distortion of piston body or 
cylinder liner. The surest safeguard against seizure is oil or 
water cooling of the piston crown ; this minimises distortion 
of the piston body by heat from the combustion chamber and 
reduces the liability to hot gudgeon pin bearings. Quite apti,rt 
from heat conducted from the piston crown, the frictional heat 
generated at the small end can in unfavomable instances cause 
piston seizure. The preventives are adequate lubrication of the 
gudgeon pin uid relief of the piston surface around the gudgeon 
pin bosses where distortion is likely to be a maximum. Moating 
gudgeon pins are less liable to cause piston seizure than fixed 
ones, so long as they remain free in the bosses. This ficeedom 
may be lost if the top end bearing overheats for any reason. 

t\^ether oil cooling of the crown is or is not necessary is 
mainly a matter of size and rating. Four stroke pistons al^ut 
16* diameter developing 126 B.H.P. (per cylinder) can operate 
with uncooled crowns, but this is near the limit at which cooling 
is desirable unless there is some mitigating feature. For 
example, engines in which the shape of the combustion chamber 
is such that the piston crown is partially screened firom the 
flame can safely use uncooled pistons of somewhat larger 
diameter tl^n those with a more open combustion chamber. 

With 2 cycle engines working at mean pressures about the 
same as four stroke engines, the limit of diameter for uncooled 
pistons is less by about one-third part. Generally, a 16' four 
stroke piston and a 10' 2 cycle piston working at M.I.P. of 
say 90 and 80 Ib./in.* respectively are both the better for 
piston cooling. 

(2) Cracking of Piston Crowns .—^Blast air injection engines 
axe susceptible to star cracks in the centre of the piston crown. 
These are probably promoted or jntoDsified by the turbulent 
action of the air blast reducing the thickness of the protective 
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layer of stagnant gas adjacent to the surface of the piston 
crown. Engines with mechanical injection appear to less 
liable to this trouble than air blast engines. The smaller the 
cylinder the less prone are the pistons to develop heat cracks. 
The above indications with regard to oil or water cooling 
take this factor into consideration. On this point see also 
Chapter XV. 

(3) Piston Slap .—This is determined mainly by piston 
clearance and piston surface. Slap is decreased by adopting 
variable clearance tapering from a minimum at the bottom of 
the skirt to a maximum at the crown. Figures are given later. 
Generous bearing surface above the gudgeon pin, preferably 
continued into the lands between the sealing rings? helps to 
eliminate slap. A piston which slaps badly at slow speed may 
be relatively quiet at higher speeds. Other things being 
similar small pistons are less liable to slap than large ones and 
can run quietly with less proportional length of bearing surface. 
Relatively long skirts below the gudgeon pin probably assist 
quiet running but also increase frictional drag. 

(4) Hot Small End Bearing .—^Assuming adequate bearing 
surfaces, suitable materials, and suitable oil, this trouble if it 
arises may be due either to inadequate lubricatlug arrangements 
or an insufficient supply of oil to carry away heat. 

(6) Excessive Lubricating Oil Consumption .—Oil reaches the 
surface of the cylinder liner in the form of mist or splash and 
the piston sealing rings have a pumping action which tends to 
propel a certain amount of this oil towards the combustion 
chamber. This pumping action is reduced by minimising the 
clearance behind the rings. Most of the oil is scraped off the 
liner by the piston skirt and the scraper rings are required to 
deal with the remainder. The inside of the piston should be 
arranged to drain away the oil from the scraper rings and the 
oil which runs down the inside of the piston in such a way that 
as little as possible reaches the cylinder walls. 

Typical Heavy Piston.—Fig. 160 is typical of a relatively 
heavy cast iron piston up to say 26" diameter. The distances 
A and f from the gudgeon pin centre to the top and bottom may 
each be about equal to the diameter B. The distance D from 
the top to the first sealing ring may be about 0*2 B in large four 
stroke pistons. For 2 cycle pistons D is usually less say 0*1 
to 0*16 B in order to reduce leakage of the charge to the po^ 
during the early part of the compression stroke. The sealing 
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tings E ate commonly 3 to 5 in number and one or two scraper 
rings P are usually provided below the gudgeon pin bosses, 
^e or more sealing rings may also be provided at this point 
in the case of a 2 cycle engine with scavenge ports. The 
scraper ring grooves ate provided with horizontal vent holes. 
The surface of the piston is relieved at G to allow for distortion 
of the surface in way of the gudgeon pin bosses. The maximum 
thickness of metal K occurs at the crown and the minimum H 
at the bottom of the skirt. Thickness K may be about 0-1 B 
for a cooled crown or a small uncooled crown. Thickness H may 
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be about 0 03 B tapering to about M 0 06 B below the BAaiing 
rings. The thickness J may be about a mean between K and 
the wall thickness below the rings. 

Below the crown there is a diaphragm closed by a studded 
door; this serves to prevent oil mist fixim carbonising on the 
imder side of the crown if the piston is uncooled. If fluid cooling 
is provided the space between the diaphra gm and the cro^ 
oonstitutes the cooling jack^. 

The right-hand diagram shows the tapond snrfhoes much 
exaggerated and figures are given foe diameteioal (not radial) 
cleannoeS) when cold. Sometimes three tapms ate used to 
mitigate the jibnipt change between' the two gradients. The 
deanmots (hewn refer to four stroke engines. For two stroke 
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engines the clearances may be considerably greater to the 
extent of 60% or more (clearances in mils.). 

The mouth of the piston is shaped with a view to throwing oQ 
drainage clear of the liner. The skirt is sometimes extended to 
prevent the cylinder liner being uncovered at the top dead 
point. 

lypical Light Piston.—Fig. 161 shews the main features of a 
typical small aluminium aUoy piston. Compared with the 
previous example the axial dimensions are relatively shorter 
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and the gudgeon pin smaller in diameter. The smaller size of 
the gudgeon pin is justified by, 

(1) The use of high tensile alloy steel. 

(2) The high pressure which can safely be sustained by 

bearings of small absolute size. 

The diihensions of this particular example (aluminium alloy) 
are tabulated under;— 

A=:0-66 B K=0'08 B 

0=0-6 „ M=0 06 „ 

D«0-07 „ H=0 03 , 

L=0-27 „ 

With magnesium alloy the thicknesses are usually greater. 

For airoraft purposes dimensions A and C as BmaU as 0-6 B 
and 0-3 B respeotivdy, have been used. 
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Piston Crowns.—^Many different shapes of piston crown 
SIS in use and in each case the shape must be considered in 
rdation to the combustion space as a whole (see Chapters XIV 
and XX). If the cylinder cover is flat or gently arched on 



Via. 162. Fio. 163. 


the under side^the usual shape of the crown is concave of 
lenticular or hemispheroidal shape. The vertical edge at the 
rim of the crown (Pig. 160) tends to prevent fuel reaching 
the cylinder walls. 







i 

HI 

■ 



?xo. 

164. 



Sometimes the qiheroidal shape is modified by a conical 
elevation at the centre. 

If the combustion chamber takes the form of a cavity in 
the cylinder cover, the piston crown may be fiat, curved out¬ 
wards, or conical. Crowns curved inwards or outwards seem 
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to be the most desirable from the point of* view of the avoid¬ 
ance of heat cracking. 

In some designs of quite small engines, the piston crown 
contains one or more cavities playing the parts either of com¬ 
bustion chambers or vessels from which 
gases issue on the expansion stroke and 
promote turbulence in the remainder 
of the charge. 

To avoid replacing the whole piston 
in the event of a crown developing 
cracks, loose renewable crowns are 
sometimes fitted. Fig. 162 shews a 
design for an un<x)oled piston. Fig. 163 
shews a system of plugs and cones 
patented by Mr. P. H. Smith and applied 
by him to pistons in which cracks had 
already appeared. Fig. 164 shews three 
other designs of loose tops, two of which 
are suitable for fiuid cooling. Such 
loose tops are frequently made of 
special heat resisting material, for ex¬ 
ample, stainless iron. 

Piston Ckraling.—^Water, or lubricat¬ 
ing oil of the same quality as that 
used for the bearings may be used. Oil 
cooling is the simplest, as small.leakages 
are not important. Fig. 166 shews a 
t 3 rpioal system for conveying the oil 
to the jacket; the outlet is arranged 
similarly. K water is used, arrange¬ 
ments are made to trap leakage and 
convey it outside the crank-case. 

An alternative plan for cdnveying 
oil as a piston cooling medium consists 
of an arrangement oi swinging links 
used also as an indicator gear. It is 
not easy to design such a gear to operate successfully with 
water. 

If oil cooling is used the outlet temperature should prefw- 
ably not exceed about 140° F. if local cooling conditions permit. 
With marine engines working under tropical conditions it is 
usually possible to secure an oil inlet temperature of 120° F., 
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giving a teniperatur© ris© of 20^ F. Th© h©at ab8orb©(i by 
piston cooling oil is usually about 5% of th© total h©at supplied, 
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The flow required in tons per hour for' piston cooling is 
then :— 


1000 X 0 -37 X 18,000 X 005 
0*48 X 2240 X 20 


= 16 tons/hr. 


The total discharge of the lubricating oil pump allowing for 
bearing oil, overload and margin would be about double this 
quantity. 

Gudgeon Pins. —^Two alternative forms of fixed gudgeon pins 
are shewn in Figs. 166a and 166b. The diameter and length 
of bearing simface are about 0-4b and O-Sb respectively. If 
the resultant maximum pressure (gas pressure minus inertia 
pressure due to piston) is 500 lb. per sq. in., the maximum 
bearing pressure works out at 


0-786x500 

“()^4x()“5~ 


=2000 Ib./in. 


2 


The pins are usually bored hollow to the extent of about five 
eighths of the external diameter to reduce reciprocating weight. 
The above proportions refer to relatively heavy pistons of 
say 12" diameter and upwards. The gudgeon pins are of mild 
steel or alloy steel case-hardened or special st jel hardened by 
the nitrogen or other process giving a surface of intense hard¬ 
ness (sceleroscope No. about 80 and upwards). 

Suitable bearing metals are bronzes (including Delta metal), 
aluminium alloys and white metals. 

Fixed gudgeon pins have certain disadvantages, viz.;— 


(1) They cause distortion of the piston bearing surface on 

account of the force required to drive them in place 
and on account of expansion by heat. 

(2) They tend to become slack in the bosses after repeated 

removals and as a consequence develop knock. 


These circumstances have given rise to the widespread use 
of floating gudgeon pins referred to in the next section. Before 
considering these it may be remarked that the above-mentioned 
bearing pressure (2000 Ib./in.*) is greatly exceeded in small 
high speed engines. In such engines the gas pressure may be 
1000 Ib./in.* or more and relatively small gudgeon pins of high 
tensile material are used, resulting in bearing pressures of 
6(}flfljb./in.* or more. 

Floatiug Gudgeon Pins. —^Three types of floating gudgeon. 
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pins are shewn in Pig. 167 ; in one example the aides of the 
small end bush and the piston bosses are flush in .contrast to 
another example in which they are stepped with a view to 
giving greater surface in the direction of greater load. In the 



third example the gudgeon pin is fixed to the top end of the 
rod and is therefore not fully floating. There is great diversity 
of practice r^arding the lubrication of the piston bosses. In 



very small pistons lubrication by oil mist is sometimes relied 
on for lubrication of piston bosses and small end bearing, in 
which case holes may be drilled to facilitate access of oil to 
the rubbing surfaces^ In this case the action seems to be one 
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of alternate suction and discharge of oil from and to the mouth 
of the hole and the capillary film space respectively. In such 
oases there is usually no provision against oil leakage at the 
ends of the gudgeon pin. On larger pistons the small end is 
usually forced lubricated, in which case passages may be 
provided to feed oil to the piston bosses, via the hollow 
gudgeon pin. 

Fig. 168 shews two ways of preventing excessive side travel 


of the gudgeon pin without 
attempting to stop oil flow, 
and Fig. 169 some more 
elaborate means by which 
oil flow is prevented. 

Piston Rings, for Diesel 
Engines are usually of the 
Ramsbottom constant sec¬ 
tion type, the radial thickness 



being about 0*025 to 0-033 b. 


With four stroke engines of 
all sizes and large two stroke 
engine the axial depth is 
commonly a little less than 
the radial thickness. With 
small two stroke engines the 
axial depth is not infre¬ 



quently slightly greater than 
the radial thickness to give 
greater strength in view of 
running over ports. Increased 
gas tightness is obtainable 
by the use of composite 
rings with mutually sealed 
gaps.' These are particularly 
useful in connection with 



worn liners. 

With two stroke engines 
the rings are usually pegged 
to prevent the joints riding 
over ports (air or exhaust). 
With four stroke engines 
the rings are seldom pegged 
on small engines and opinion 



Fio. 169< 



320 


DIESEL ENGINE DESIGN 


is divided as to the advisability of pegging rings on large 
pistons. 

Scraper rings are made in a variety of shapes; the slotted 


_4U- -004 8. 



senAPCRft. 

Fig. 170. 


type is sometimes used as a sealing ring in conjunction with 
rings of the Ramsbottom or other type. 

Fig. 170 shews a number of details and proportions of piston 
rings to supplement these brief notes. 










CHAPTER XVn 


f’ROSSHEAl) PISTONS, RODS AND GUIDES 

Pistons for Four Stroke Crosshead Engines.—These are 
generally made of not much greater length than is necessary 
to accommodate the rings, eight to ten in number. The pro¬ 
vision of an extra number of rings above what is considered 
sufficient for a trunk piston may be attributed to;— 

(1) The throttling effect lost by discarding the piston skirt. 

(2) The lower speed of revolution usually associated with 

engines of the crosshead type. 

Cooling by means of a blast of air has been used (apparently 
successfully) in cylinders of medium size, but liquid cooling 
is now almost universal. Fig. 171 exhibits di^erent forms of 
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piston having one feature in common, viz. a self-supporting 
crown. There seems to be no doubt that internal ribs as 
used in the past are conducive to cracking both of cooled and 
uncooled pistons. They are therefore omitted in most modem 
designs. 

Two systems of admitting the water to and leading it 
' 321 
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away from the piston are shewn in Fig. 172, which is prac* 
ticaUy self-explanatory. In each case there is a tray or 
diap^agm separating the crank-case from the cylinder so that 
any small leakage cannot reach the former. 

With oil cooling a certain amount of leakage inside the 
crank-case does no harm. The usual arrangement consists of 
a pair of vertical tubes bolted to flanges on the piston body as 
shewn to the left of Fig. 171. Each tube passes through a 
gland in the top of the crank-case into a surrounding tubular 
vessel in the crank-case. An air vessel is usually provided to 
prevent oil hammer. 

Pistons for Two Stroke Crosshead Engines.—The existence 
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of ports leading to an air pipe or exhaust pipe at the lower 
end of a two stroke cylinder necessitates the provision of a 
skirt pr extension of the piston to prevent the uncovering of 
these ports when the piston is at the top dead centre. The 
skirt usually takes the form of a light drum secured to the 
piston by a number of well-locked studs. It is common 
practice to arrange one or two inwardly expanding rings at 



Fio. 173. 



Fig. 174. 


Fig. 176. 


the lower end of the cylinder to prevent leakage past the skirt 
(see Fig. 173). 

If the cylinder liner is of sufficient length these exhaust rings 
may be located in the skirt itself, as in Fig. 174. Such an 
arrangement involves a higher engine than that of Fig. 173, 
but facilitates conduction of heat from the piston and inci¬ 
dentally secures a lower mean temperature for the cylinder 
liner. The construction of the piston proper is generally 
similar to that of a 4 cycle engine, but it must be borne in 
mind that the conditions as to temperature are more severe 
than in a four stroke engine of the same size working at the 

Y 
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same mean indicated pressure, so that the remarks of the 
preceding article in reference to ribs under the crown apply 
with still greater force to two stroke engines. 

Fig. 176 shews a piston the walls of which are extended 
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downwards and attached to the crossliead pin, thus dispensing 
with a piston rod. 

Double-acting Pistons.—^Two designs are shewn in Figs. 176 
and 177 for four stroke and two stroke engines respectively. 
In the first (B. & W. Type) the piston is about as short as 
other features of the engine will allow. The piston body is in 
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two ]>arls, secured together by a row of studs which nip a 
flange forged on the upper end of the piston rod. The rings 
are divided between tlie top and bottom half. The piston rod 
is surrounded by a cast iron sleeve with an annular space be¬ 
tween the rod and the sleeve. 


The course of the cooling oil 
is indicated. In the second 
example (Fig. 177, Worthing¬ 
ton) the length of the piston 
is regulated by the stroke of 
the engine as the top end of 
the piston controls the com¬ 
pression of the top of the 
cylinder while the bottom 
end of the piston controls the 
scavenge and exhaust ports 
for the bottom end of the 
cylinder and vice versa; 
Two complete sets of rings 
are provided. The ends of 
the piston are shaped with 
regard to the exhaust and 
scavenge streams. 

Fig. 178 shews a piston for 
a double-acting two stroke 
engine of Burmeister & Wain 
design. The combustion ends 
are of heat resisting alloy 
cast steel fitted with cast 
iron ring bands inserted in 
halves. Oil cooling is used. 
The cooling oil enters through 
the annular space between the 
piston rod and a east iron 
sleeve which is free to expand 
at the lower end; it leaves 
by a hole bored through the 
middle of the piston rod. 

Fig. 179 shews a piston 
of Sulzer design also for a 
double acting two stroke 
engine. In this piston water 
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is used for cooling and the surfaces of the rod are sheathed to 
protect them against corrosion. 

Piston Rods.—^These are commonly made of forged Siemen 
Martin steel 28 to 32 tons/in.^ tensile strength, the diameter 
being about 0-3 B. The loading consists of gas pressure, the 
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inertia of the piston and tod, and piston friction. The latter 
is small and not worth consideration in stress calculations. 
Assuming a maximum cylinder pressure of 700 Ib./in.^ the 
stress in the rod at slow speed is about, 

700 


(0*3)2 


about 8000 lb ./in.* 
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If the engine is of the single acting four stroke type, the 
above stress is compressive and the effect of speed is to reduce 
the maximum compressive load to the extent of the inertia of 
the piston at firing dead centre. On the exhaust dead centre 
inertia contributes the only load of importance and the stress 
in the rod is tensile. At full speed, therefore, a t 3 rpical stress 
variation will be from say 6600 Ib./in.® compressive to 1600 
Ib./in.* tensile, the range being the same as at dead slow speed, 
assuming the maximum pressure unchanged. A range of 
stress of 8000 Ib./in.* is about one-quarter of the fatigue range 
of the above mentioned material. 

If the engine is of the single acting two stroke type the 
range is somewhat less, since inertia is cushioned by com¬ 
pression. 

With double acting engines the inertia load is relatively 
greater on account of the increased weight of the piston as 
compared with that of a single acting engine. The gas load 
on the underside of the piston is about 10% less than that 
on the top (assuming the pressures the same). At dead slow 
speed the stress range in a double acting two stroke piston 
rod of diameter=0'3 B, may be : 

8000 Ib./in.* compression to 7000 Ib./in ^ tension 
giving a stress range of 16,000 Ib./in.* 

At full speed the range may be reduced by inertia to about 
6000-f6600=ll,600 Ib./in.*. These figures refer to the body 
of the rod. 

At the threaded lower end of the rod the area at the 
bottom of the thread is about 20% less, giving a stress range 
of about 14,000 Ib./in.*, which is equal to the fatigue stress 
range divided by about 2*4. 

Even from these rough figures it is easy to appreciate 
the wisdom of precautions against corrosion fatigue, the 
desirability of avoiding “ stress raisers,” such as radial holes, 
particularly near the weakest section, and the importance of 
using fatigue resisting material. 

High tensile alloy steel is not necessarily precluded for 
such rods, but caution is advisable. Some alloy steels, admir¬ 
able for other purposes, have failed in this duty. Absolute size 
of the forging may be an important factor in relation to stresses 
induced by heat treatment and the quality of the material in 
large masses. 

In addition to the stresses already mentioned stresses may 
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arise through radial temperature gradients (see Dorey’s paper, 
loc. cit., p. 331). 

Since the length of a piston rod rarely exceeds about fifteen 
times the diameter, strength to resist 
buckling hardly arises as a serious 
■ consideration. 

”1 The top end of the piston rod is 

usually fianged and secured to the 
[ I piston by a circle of bolts or studs. It 

_ I _ is a safe rule to proportion these bolts 

' or studs to the gas pressure load in spite 

--of the fact that gas pressure tends to 

_ I _ close the joint. Inadequato bolting at 

* 1 * this point has resulted in trouble. 

The lower end of the piston rod of a 
I I single acting engine may be reduced to 

I—' form a bolt proportionate to the inertia 
load, the compression load being taken 

_A ' _ on the angular area of the shoulder. 

The nut being relatively small, the jaws 

-L_«4-J-of the connecting rod are relatively 

close and the forging relatively light as 
compared with that of a double acting 
engine. It is advantageous to run the 
Fig. 180. body of the rod with a 

, taper to avoid too sudden change of 

section. (Fig. 181.) 

In double acting engines the tele- 
scopical tubes for conveying water or 
oil to and from the pistons are attached 

_^ crosshead and connected by 

r ‘ ? means of pipes or passages to the piston 

--H'j-rod ; in other'respects the systems are 

_ ^ jyj _ similar to those used on single acting 

T engines. 

Crossheads and Guides. —^For marine 
Fio. 181. engines the slipper guide, shewn in 

Fig. 182, is the favourite. The bearing 
surface is usually made equal to the piston area,* and the 
maximum bearing pressure with a connecting rod 4-6 cranks long 
then has a value of about 55 lb. per sq. in. The slipper itself 

* t.e. the sectional area of the cylinder. 


Fio. 181. 
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is of cast steel, white-metalled on ahead and astern faces. The 
studs securing the slipper to the gudgeon block must be 
adequate to carry the maximum guide pressure when running 
astern. The area of the gudgeon bearing is based on a bearing 
pressure of about 1600 lb. per sq. in. The ahead guide face 
is of cast iron sometimes water cooled. The astern bars are 
frequently of forged steel, secured by fitting bolts. The stress 
in the latter is usually very moderate, as stifihess is the chief 
consideration. The proportions given in Fig. 182 are of course 


Width of crosshoad face 0*75 B. 
Depth „ „ 1*13 B. 

Thickness •» plate 0*10 B. 



Fig. 182. 



approximate only and subject to modification to suit different 
conditions. 

The type of guide block indicated on Fig. 176 is well known 
in connection with paddle-steamers and locomotives, and 
needs no further description here. For land engines double 
semicircular guides are sometimes used, particularly when the 
cylinder and frame are cast in one piece. In general, the cross- 
heads and guides used in Diesel Engine construction differ but 
little from those commonly fitted to steam engines and large 
gas engines, the most important point of difference being the 
gudgeon pin and its bearing, which require to be liberally 
dimensioned to withstand the high maximum pressures to 
which they are subject. It is also desirable to provide means 
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to prevent carbonised oil from the cylinder from reaching the 
guide surface. 

Guide Pressure Diagrams.—A diagram shewing approxi¬ 
mately the guide pressure at any crank angle is very simply 
obtained from the twisting moment curve in 
the manner described below, with reference 
to Fig. 183. 

P=Piston load in lb. 

R=Guide reaction in lb. 

T=Twisting moment in in. lb. 

S==Height of gudgeon pin centre above 
the centre of the crank-shaft. 

P k 

Now R= ^ 

But T=P k 
T 

Therefore R =3 

The rule is therefore: Divide the turning 
moment at any instant by the distance from 
the gudgeon pin centre to the crank-shaft 
centre, and the result is the guide reaction 
at the same instant. It would appear that the guide 
reaction and the twisting moment should change sign 
simultaneously. This is not quite the case, for the following 
reason:— 

The twisting moment curve contains an inertia element in 
which an approximation is obtained by dividing the mass of 
the connecting rod in a certain proportion between the revolving 
and reciprocating parts. This approximation, though good 
so far as vertical forces are concerned, gives very inaccurate 
values for horizontal forces. Also the centrifugal effect of the 
revolving parts of the rod influences the guide reaction but not 
the twisting moment. These discrepancies are of very small 
importance with the piston speeds at present obtaining. For 
a full discussion of the influence of the connecting rod inertia 
forces on the guide reaction, the reader is referred to Dalby’s 

S 

“ Balancing of Engines.” A table of values of j where “ 1 ” = 

the length of the connecting rod, is given below for various 
crank angles, assuming a rod 4:’d cranks long. 
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Crank angle 0° 20“ 40“ 60“ 80“ 100“.120“ 140“ 160“ 180“ 
Values of “ 1-22 1-21 M6 1 09 1 02 0-94 0-87 0-82 0-79 0-78 

Literature.—Dorey, S. F., “The Problem of the Water 
Cooled Piston Rod in Two Stroke Cycle Double Acting Oil 
Engines.”—I.N.A., 1933. 
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CONMECTING RORS 

Types of Connecting Rod.—Apart from details the connecting 
rods of Diesel Engines can be roughly classified as follows, viz. 
those suitable for;— 

(а) Moderate speed single acting engines. 

(б) Double acting engines. 

(c) High piston speed engines. 

Class A is intended to include most stationary and marine 
trunk and crosshead engines for ordinary commercial purposes 
running at speeds from 100 to 400 B.P.M. The material is 
usually Siemens Martin forged steel of the same quality as that 
used for crank-shafts. Since inertia forces are not excessive 
there is no object in cutting weight to a minimum. 

Class B is characterised by about equal duty in tension 
and compression, the need of strong bolts and caps, top and 
bottom. 

Typical instances of Class C are rods for bus and locomotive 
and aircraft engines. Lightness is obtained by the use of alloy 
steels capable of sustaining high stresses with safety.. 

The following sections (until further notice) are concerned 
with Class A. 

Connecting Rod Bodies.—^The section of the body or shaft 
of the rod is generally circular, or part circular, with flattened 
sides. The latter section is slightly lighter for a given strength, 
but involves an extra machining operation. 

The body is sometimes tapered gently from the big to the 
small end and this can be defended on logical grounds as will 
appear later. The amount of taper which can be justified is 
small and more usually the body is made parallel. 

A hole is usually d^ed up the rod for forced lubrication of 
the small end; the diameter of the hole may be an]rthing up 
to about five-eighths of the diameter of the rod. 
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Big Ends.—^Fig. 184 shews two forms of big end, type A 
being the cheapest and that most commonly used. Type B is 
the strongest, but suffers from the disadvantage of providing 
no facility for adjusting the compression by means of liners. 

Returning to type A, the “ brasses ” are usually of cast steel 
lined with white metal. With a stronger section, as shewn in 
Fig. 186, cast iron may be used instead of cast steel, with 
satisfactory results, but the practice is uncommon. The bolts 
are usually reduced to the core diameter between fitting 
lengths, as shewn in Fig. 184, A; but it is doubtful if full diameter 



bolts are weaker under the conditions to which they are 
subject in trunk piston engines. In addition to tensile stresses 
the big end bolts have to resist shearing forces between the two 
brasses and also between the crown brass and the palm end of 
the rod. Partial relief of this duty is afforded by the following 
means, one or more of which are generally used in good 
designs:— 

(1) Spigoting the two brasses into each other, as in Fig. 186. 

This is very rarely done. 

(2) Spigoting the crown brass into the palm of the rod, as 

in Fig. 184, type A. 

(3) Providing fitting rings, half in the palm and half in the 

crown brass at the bolt holes (Fig. 187). 
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Small Ends.—^Various types of small end for trunk engine 
rods are shewn in Fig. 188. 

With type A the chief difficulty is to find room for bolts of 
adequate strength. If a big end of type B, Fig. 184, be fitted, 
it is possible to make provision at the small end for adjusting 
the coitipression, as in Fig. 188, types B and D. Type C ' 
combines strength and adjustability of the bearing itself, but 
makes no provision for altering the eompi'ession. Type E 
contains a solid bush, which must be replaced when worn 
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(the life is usually several years with forced lubrication), and 
adequate section of metal round the bush must be provided 
to prevent the eye becoming enlarged (see approximate 
proportions on Fig. 188). The brasses are usually of phosphor 
bronze. 

The forked end of a marine connecting rod is shewn in 
Fig. 189, on which approximate proportions are noted in 
terms of the cylinder bore. It differs from the similar member 
of a marine steam engine chipfly in the following points :— 

(1) The cap brass is not provided with a steel keep. 

(2) The fork gap is relatively narrower, owing to the piston- 

rod nut having to deal with inertia only. 

(3) The brasses are of cast steel, instead of gun-metal. 
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Points of Detail.—^The lubrication of the big and small 
ends has been referred to elsewhere (see Chapters VIII and 
XXIV). In very small engine the lubrication of the small 
end is sometimes allowed to 


depend on oil mist from 
crank-case. 

An alternative method 
consists of a steel pipe clipped 
or welded to the rod and 
leading oil from the big to 
the small end. 

When air compressors, oil 
pumps, or other gear are 
worked by links from the 
connecting rod the connec¬ 
tion to the latter should be 
made near the top end, as 
in Fig. 190, so that the 
strength of the rod to resist 
buckling is not impaired. 

Strength of Connecting 
Rods.—The forces acting on 
the connecting rod are ;— 

(a) The Joint effect of 

(1) The pressure load 
on the piston. 

(2) The inertia of the 
piston and cross¬ 
head. 

(3) The' piston-ring 
friction. 

(4) The lubricated 
friction of piston 
and crosshead, all 
divided by the 
cosine of the angle of 
obliquity of the rod. 



(b) The longitudinal component of the inertia of the rod 


itself. 


(c) The transverse component of the inertia of the rod itself. 

(d) The friction of the top and bottom end besuings. 


'881 
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When considering the compressive stress of the rod on the 
expansion stroke one is on the safe side in neglecting item (4). 
The tensile forces attain their maximum at the top dead centre 
following the exhaust stroke, and the reciprocating parts being 
then at their position of minimum speed, item (4) may prob¬ 
ably be neglected with safety. 

Item (b) is estimated with sufficient accuracy by the usual 



Fio. 189. 


procedure of dividing the mass of the rod between the recipro¬ 
cating and revolving parts in that ratio in which the centre of 
gravity of the rod divides its line of centres. 

Item (c) gives rise to a bending moment, the maximum value 
of which is given approximately by the formula :— 



Where f=Bending stress. 

n=Bevolution8 per minute; 

B=Crank radius in inches. 

L=Length of connecting rod in inches. 
d=Diameter of rod in inches (mean). 
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The sign of the bending moment is such that the latter 
always tends to bend the rod outwards to the side on which 
the (aank stands. The variation in the magnitude of the stress 
over the length of the rod for various positions of the crank 
relative to the top dead centre is shewn in Fig. 191 for a rod 
live cranks long. The stress varies as sin {0+<f>), where 9=the 
crank angle relative to top dead centre and ^=the angle of 

obliquity of the rod, and as Lx—where L is the length of 

the rod and x is the distance from the small end of the section 
under consideration. 

The assumptions made use of in equation (1) are that the 



rod is of uniform section, and, as is usually assumed in books 
on applied mechanics and machine design, that the pifluence 
of the rod ends is small. 

Item (d) may be estimated on the assumption that the co¬ 
efficient of friction attains Morin’s value of 0-16 for slightly 
greasy metal at the top or bottom end or at both ends simul¬ 
taneously. The effect of journal friction is to divert the line 
of thrust from the centre line of the rod, and the amount of 
this deviation is found by the well-known graphical construc¬ 
tion shewn in Fig. 192, in which the line of thrust is shewn 
to be tangential to two very small circles whose radii are 
equal respectively to the radii of the crank-pin and gudgeon 
pin multiplied by the coefficient of friction. The deviation at 
any point of the rod of the line of thrust from the line of 
centres will be denoted “ d.” 
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The effect of this deviation is to bend the rod into an “ S ” 
shape, as shewn much exaggerated in Fig. 193. This form of 
failure is one consistent with the Eulerian theory of pure 
buckling, but usually regarded as an improbable solution. 
The author has actually seen one instance of a Diesel Engine 
rod failing in this way, and the effect was probably due to the 




causes indicated above, arising in acute form. To be on the 
safe side, it seems advisable to consider two cases :— 

(1) Coefficient of friction negligible at the gudgeon-pin and 

equal to 0*15 at the crank-pin. 

(2) Coefficient of friction negligible at the crank-pin and 

equal to 0-15 at the gud^[eon-pin. 

The weak sections are clearly those (cf. Fig. 196, KK and 
SS) where the big and small ends merge into the shaft with a 
radius, and incidentally those selected by the draftsman when 
giving dimensions for the diameters of the rod. The reason¬ 
ableness of making the rod tapered will now be apparent, as 
the bending effect is clearly greater at the large end of the rod 
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on account of the crank-pin being of greater'diameter than the 
gudgeon-pin. 

Returning to Fig. 192, it is evident that the deflection at 
any point of the rod should, to be strictly accurate, be added 
to the deviation of the line of thrust at that point, in order to 
find the bending moment, and further, this new bending 
moment involves the construction of a revised deflection curve, 
and so on. This evidently calls for some form of mathematical 
treatment, which with certain approximations can readily be 
applied. It will be found, however, that the deflections 




Fio. 194. 


Fig. 196. 




involved are small compared with the deviation of the line of 
thrust, and whatever error may be incurred can be considered 
to be covered by the factor of safety. 

On these assumptions, “ d ” for the weak sections KK and 


SS is given by the following :— 

Case (1), Fig. 194 . . d=015 R,. .(2) 

I -L 

Case (2), Fig. 195 . . d=015R,. .(8) 

z 
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^ Ks+I) . 

Where P=The thrust in the rod in lb. 

A=Sectional area of rod in sq. in. 

Z==Sectional modulus of rod in in.® 
f=Maximum compression stress in lb. per sq. in. 
Rc=Radius of crank-pin. 

» n gudgeon-pin. 

It will be noticed that the strut formulse of Euler, Gordon and 
Rankine and others have not been utilised above. It appears 
to the writer that these formulae are irrelevant to the ease of 
Diesel Engine connecting rods, for the following reasons :— 

(1) Euler’s fonrtula is based on the calculation of the load 

required to produce elastic insta¬ 
bility, and with short rods the 
stress commonly works out at a 
higher value than the ultimate 
strength. 

(2) The Gordon and Rankine formulas 
are based on experimental values 
of the buckling stress under static 
conditions, and give no indication 
of the strength under repetitions 
of stresses, which are generally 
only a fraction of the buckling 
load. 

5 It seems more rational, therefore, to 

calculate the maximum direct stresses 
as closely as possible and to apply to 
the approximately known fatigue sti'ess 
of steel a factor of safety of 2-5 to 3, 
— which is known to be satisfactory in 
other "cases. 

In view of occasional abnormal pres¬ 
sures of about 1000 lb. per sq. in., it is 
Fio. 196. interesting to see what foctor of safety 

a given rod has for meeting such con¬ 
tingencies, and the table of buckling stresses given on page 461 
may be used for this purpose. 
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Example of Stress Calculation for Connecting Rod.— 

Four Stroke Cycle. 


Bore of cylinder.24 in. 

Stroke.30 in. 

Revolutions per minute .... 200 

Weight of piston (trunk) .... 2200 lb. 

„ connecting rod complete . . 2500 lb. 


Main dimension-s of rod. a.s in Fig. 196 :— 

( 1 ) Calculation of stress due to tl trust 30° after firing centre. 

Piston pressure load=0-785 x 24® x 500=226,000 lb. 
Inertia load 30° after dead centre 
2200+0-35 + 2500, 




386 

=51,000 lb. 


- X (cos 30"^ cos 60"^) 


Resultant vertical force—226.000—51,000 —175,000 lb. 
At 30° after dead centre the obliquity of the rod is 6 °. 
Connecting rod thrust=175,000-rcos 6 ° = 176,000 lb.=P. 
At section KK :— Area=33-2 in.^^A 

Section modulus =27 0 in.®=Z 


Deviation of line of thrust—0*52 =d 


and the stress Ib./sq. i 

At section SS :— 


. in. 


Area=38*5 in.^-A 
Section modulus=33-7 in.®=Z 


Deviation of line of thrust 


0J5X6:25>^5^ 

75 


and the stress '*"^ 3 ^ 7 ) =f’^®> 00 bx 0-0464 

=8160 Ib./in.® 

( 2 ) Calculation of stress duo to inertia bending at 30° after 
> dead centre. 

Maximum inertia stress in rod, from equation (1), 


=2*Xl8><f=i920lb./in.« 

26x6-75 ' 

From Pig. I 91 the fraction of this maximum applying to 
position KX a!t 30° after dead centre is 0-37, 
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.‘.Inertia bending stress at section KK—0-37X 1920 
=710 Ib./in.* 

The fraction applying to .section SS at 30° after dead 
centre is 0-49. 

.•. Inertia bending stress at section SS=0-49x 1920 
=940 Ib./in.® 

(3) Resultant stress at KK=8970-710=8260 lb./in.» 

Since the bending actions due to inertia and eccentricity 

of thrust are of opposite sign, 

Resultant stress at 88=8160+940=9100 Ib./in.® 

Since the two bending actions are of the same sign. 

(4) Tensile stress at SS at beginning of suction stroke. 

Inertia 

V 60 y 386 

=63,200 lb. 

Stress at SS =63,200 =2930 Ib./in.** 

yOO*0 uO'o J 

The total range of stress is therefore 
9100+2930=12,030 Ib./in.® 

The range of stress required to produce fracture of mild steel 
by fatigue appears to be about 35,000 Ib./sq. in., so the factor 
of safety is about 3. 

Calculation on the above lines might with advantage be 
made for several different positions of the crank. 

It is evident that the results of the calculation depend very 
largely on the assumed conditions of journal friction, but it 
should be borne in mind that almost any possible combination 
of unfavourable conditions is a probable contingency in the 
combined lives of a number of similar engines. 

Proportions Found in Practice.—In the preceding example 
the mean diameter of the rod is approximately 0-28 of the 
diameter of the cylinder, a very favourite ratio in practice. 
In different designs this ratio varies from about 0-26 to 0*33. 

The maximum and minimum diameters are usually about 
6% more and less than the mean, if the rod is tapered. 

Connecting Rod Bolts.—In four stroke engines these are 
usually proportioned to the maximum inertia load with a 
nominal stress of 4000 to 6000 Ib./in.^ based on the inertia 
and centrifugal loads divided by the area of two bolts at the 
bottom of the threads. With trunk piston engines, failure 
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when it occurs is generally due to piston seizure, to which it 
would be difficult to apply definite rules of calculation. 
Danger of seizure is largely eliminated by the use of a cross¬ 
head. The strength of connecting rod bolts for four stroke 
Diesel Engines forms the subject-matter of a paper by Mr. 
P. H. Smith, read by him before the Diesel Users’ Association 
and containing the results of several years’ experience. For 
the big end it appears that the bolts seldom fail if made of a 
diameter 12 to 13% of the c ylinder bore. Mr. Smith also points 
out that the bolts, for both big and small ends, are not equally 
stressed, as may easily be seen by reference to Fig. 197. 



Owing to the deviation of the line of pull from the centre 
line of the rod, that bolt (No. 1 in the Fig.) which first passes 
the top dead centre at the beginning of the su tion stroke is 
nearer the line of pull than the other bolt, and consequently 
more highly stressed. 


If 


Then 


P=Resultant pull in lb. 

S—Centres of bolts in in. 
d—0-15 radius of crank-pin. 


Pull in bolt No. 1 


Pull in bolt No. 2 



With crosshead engines the small end bolts have to carry the 
inertia load due to piston, piston rod and crosshead, and also 
any frictional forces acting on the piston and crosshead. The 
latter being more or less indeterminate, it is customary to 
allow a nominal stress on these bolts about 30% less than that 
allowed for the big end bolts. The bolts or studs connecting 
the crosshead to the piston rod and the latter to the piston are 
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given a large margin of strength for the same reason. Connect¬ 
ing rods for two stroke engines are not as a rule distinguishable 
from those for four stroke engines, as the possibility of com¬ 
pression being lost has always to be kept in view. • 

Material for Connecting Rod Bolts.—Large bolts say V 
diameter and upwards are usually made of forged Siemens 
Martin steel of about 28 to 32 tons per sq. in. tensile strength. 
Small bolts for high speed engines are usually made of alloy 
steel for example heat treated nickel chrome steel having a 
tensile strength of about .'50 to CO tons per sq. in. and Izod value 
about 30 to 40 ft./lb. 

Bolts of medium size may be turned from heat treated bars 
of 3% nickel steel, 40 to 50 tons tensile. 

So long as bolts remain tight the fluctuation of stress is not 
great but there is always the possibility of overstrain on tighten¬ 
ing and the development of undetected slackness in service. 
Experience seems to shew that high tensile steels with good 
Izod value give the best service in small and moderate sizes. 

Large mild steel bolts of 3' or 4* and over seldom give any 
trouble. 

Double>acting Connecting Rods.—Double-acting pistons are 
very much heavier than single-acting ones of the same 
diameter, so that other things being equal the inertia loads are 
correspondingly heavier in double-acting engines. At slow 
speeds a double-acting piston rod is subject to alternate com¬ 
pressive and tensile loads of nearly equal amount. At full 
speed both these loads are reduced by inertia effects, the 
reduction being more at the top dead centre than the bottom 
on account of obliquity of the rod. Under normal running 
conditions, therefore, the total range of load may be little if 
any more than that of a single-acting cylinder of the same size. 
In practice the diameters of piston rods and connecting rods 
expressed as fractions of the cylinder diameter are nearly the 
same for single- and double-acting engines. The connecting 
rod bolts of the latter are necessarily made of much greater 
section to withstand the pull due to ignitions at the bottom of 
the cylinder. This involves rather heavy connecting rod ends 
(both top and bottom) still further augmenting the inertia and 
centrifugal forces. Double-acting Diesel Engine connecting 
rods, even of long stroke engines, have, therefore, a character¬ 
istically stumpy appearance which seems to be almost un¬ 
avoidable so long as moderate stresses are adopted. The 
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connection of the crossheads to the piston-rods may be either 
by a pair of nuts allowing adjustment of the vertical position 
of the piston, or alternatively by a conical shoulder and a 
single nut. In either case adequate locking of the nut or nuts 
is necessary. 

The top and bottom connecting rods bearing caps are usually 
designed for strength by the conventional beam formulas 
adopting the conservative stresses of marine practice. Massive 
proportions result from this procedure and it is an interesting 



question whether more accurate analysis would indicate the 
possibility of using lighter proportions with adequate margin 
of safety. It has to be remembered that stiffness, to resist 
distortion of the bearing surface is necessary as well as strength. 

Inertia and centrifugal effects have great influence on con¬ 
necting rod bearing pressures. At slow speeds the maximum 
bearing pressures occur at the ignitions. In four stroke double- 
acting engines the maximum bearing pressure at the big end 
at full speed may occur at the end of the top exhaust stroke. 
When this occurs the maximum bearing pressure is about half 
its value at dead slow speed. In this respect high inertia and 
centrifugal forces may be actually advantageous. According 
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to some authorities maximum bearing pressures are of little 
account, and what really matters is the product of mean bearing 
pressure and rubbing speed. This is probably a fair approxima¬ 
tion to the truth in regard to engines running at say 2000 R.P.M. 
and over. So far as slow running engines are concerned there 
are indications that maximum bearing pressures cannot be 
disregarded. The influence of inertia and centrifugal force on 



Fia. 199. 


the bearing pressures may be explained with reference to 
Fig. 198. Line A E-> refers to a double-acting four stroke 
engine. 'At point A (R.P.M. =0) the bearing pressure (neglect¬ 
ing dead weight) is due to gas pressure only and approximately 
equal top and bottom. Line 0 C E (parabola) represents the 
bmring pressure due to inertia and centrifugal force at top 
dead point and line O F G at the bottom dead point. At E 
the inertia and centrifugal force at bottom dead point have 
reduced the pressure to a little over one half its value at 0 A, 
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and at higher R.P.M. the maximum bearing pressure is deter¬ 
mined by inertia and centrifugal force at the top dead point 
(line CE). In a two stroke double-acting engine each dead 
centre is a firing centre in opposition to inertia and centrifugal 
forces, so that the maximum pressure (at dead centre) continues 
to fall beyond E. 

Provided bearing clearances are maintained at a low figure 
(about 1/2000 of the diameter), particularly in the early life 
of the engine, wear of bearings, journals and crank-pins is 
exceedingly small in large slow^-running Diesel Engines of 
single or double acting type, both two cycle and four cycle. 
When remetalling is required, it is usually on account of cracked 
whitemetal. This also is minimised by fine running clearances. 

Fig. 199 shews a typical connecting rod for a slow speed 
double acting Diesel Engine. 

/ Connecting Rods for High Speed Engines.—For piston 
speeds much in excess of, say, 1300 ft. per min. it becomes 
necessary (particularly with four stroke engines) to provide 
connecting rods which are light in comparison with those 
which are usually fitted to slower speed engines, for the 
following reasons, viz. :— 

(1) To reduce inertia bending. 

(2) To moderate the stresses on the big end bolts. 

(3) To moderate the mean pressure on the bottom end 

bearing. 

(4) To assist general minimisation of weight for particular 

purposes, for example, air service, road traction or 
railway traction. 

The means of effecting a reduction of weight are as follows :— 

(a) The use of an H section instead of a circular section for 
the body of the rod ; this is the most effective section 
for minimising stresses due to inertia bending. 

(bj The use of high tensile alloy steels which can safely carry 
higher stresses than mild steel. 

(c) The use of a big end of the split eye type in place of the 
so-called marine type of big end. 

Fig. 200 shews a high speed rod of this type. . The small end 
is fitted with a phosphor-bronze bush pressed into place, and 
the big end is fitted with steel bushes lined about thick 
with whitemetal cast centrifugally. Adhesion of the white¬ 
metal is purely superficial, no dovetailing being used. 
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In other cases further weight reduction is attained by omitting 
the big end bushes and running the whitemetal into the rod 
and cap. 

Another variation consists of the use of lead bronze instead 
of whitemetal, with the object of obtaining an increased length 
of service before cjacks appear on the bearing surface. 



Fio. 200. 


For very small engines connecting rods of aluminium alloy 
have also been used. 

Strength of High Speed Cionnecting Rods.—The proper* 
tions of the mean section of H section rods, as used in high 
speed Diesel Engines (such as motor coach engines), are given 
in Fig. 201. The sectional area is about ^ to Vtt of the 










CONNECTING RODS 


349 


piston area and since, in such engines, the 'maximum pressure 
is commonly 800 Ib./in-* the maximum stress during slow 
running may be 24,000 Ib./in.* or over. In such cases heat 
treated alloy steels are used. 

The formula given on p. 336 for the inertia bending of circular 
rods can be adapted for use with H section rods by substituting 
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78H in place of 26d, where H is the distance in inches 
between the flange centres of the H section. This can be 
shewn as follows :— 

Let H and O refer to the H section and circular section 
respectively, then;— 

Wt. per unit len g th H _ 2BT _8 BT 
‘7r'» .. 0“ird*/4 d* 

Modulus of section H_ BTH _32 BTH 
V "0-wd»/32-,r d=* 

Stress H 8 BT ir d*_^d 

©"ir'^d* ^M BTH“4H 

The above neglects the weight of the wob and slight y under¬ 
estimates the moment of inertia of the H section. An appro.xi- 
mate correction gives stress H/stress 0=d/3H. 

The formula for inertia bencUng of an H rod is therefore :— 
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As an example consider the following data:— 


B=dia. of cylinder .... 

. 4-6" 

S =8troke ..... 

. 6-0" 

Il=crank radius .... 

. 3-0" 

L=length of rod .... 

. 12-0" 

H=width between centres of flanges . 

. 1-36" 

n=revolutions per minute 

. 3000 

Wt. of piston (aluminium alloy) 

4-5 lb. 

Wt. of connecting rod 

. »-o „ 

Reciprocating Wt. 

. 7-5 „ 

Piston area. 

. 15-9 in.2 

Sectional area of rod 

. 0-63 „ 


The acceleration in the crank circle g 

/27rx3000y^ 3 ^ 1 

~V 60 / ^12^32-2 


=770 


Inertia stress at top dead point, 


li=13,700 Ib./in.* 


Ditto at bottom dead point. 


770x7-6 ^ 
~V53~~^ 


J=8200 Ib./in.* 


Maximum stress due to inertia bending. 


(30)2-3x122 

~78xl-36 


=3700 Ib./in. 


2 


Fig. 202 shews the combined stresses throughout a four 
stroke cycle. For a two stroke cycle omit the two “ idle 
strokes.” 

Curve A refers to gas pressure, B inertia of reciprocating 
parts, C and D inertia bending stress at the following and 
leading flanges of the H section, respectively. Curve £ repre¬ 
sents the combined effect of gas pressure and inertia, omitting 
inertia bending. Curves F and G include inertia bending for the 
following and leading flanges. 

The following conclusion can be drawm for this particular 
case. 
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/. Four Stroke Cycle. 

(a) The range of stress is not altered by inertia since the 

maximum compression is reduced to the extent of the 
maximum tension. 

(b) Inertia bending does not increase the range of stress; 

with a rod of circular section there would be a serious 
increase of the range of stress. 
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As an example consider the following data :— 


B=dia. of cylinder .... 

. 4-6' 

S=stroke. 

. 6-0' 

R=crank radius .... 

. 3-0' 

L=length of rod .... 

. 12-0' 

H =width between centres of flanges . 

. 1-35' 

n=revolution8 per minute 

. 3000 

Wt. of piston (aluminium alloy) 

. 4-5 lb. 

Wt. of connecting rod 

. 0-0 „ 

Reciprocating Wt. 

. 7-5 „ 

Piston area. 

. 15-9 in.* 

Sectional area of rod 

. 0-53 „ 


The acceleration in the crank circle g 
27rx3000\2 3 1 


< 


60 


) ^ 12 ^ 32-2 


Inertia stress at top dead point, 
770x7-5 


0-53 


xU=13,700lb./in.* 


Ditto at bottom dead point, 


770x7-5 

0-53 


X 1=8200 Ib./in.* 


Maximum stress due to inertia bending. 


(30)2-3x12* 

78x1-35 


3700 lb./in.2 


Fig. 202 shews the combined stresses throughout a four 
stroke cycle. For a tw’o stroke cycle omit the two “ idle 
strokes.” 

Curve A refers to gas pressure, B inertia of reciprocating 
parts, C and D inertia bending stress at the following and 
leading flanges of the H section, respectively. Curve E repre¬ 
sents the combined effect of gas pressure and inertia, omitting 
inertia bending. Curves F and G include inertia bending for the 
following and leading flanges. 

The following conclusion can be drawn for this particular 
case. 
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I, Four Stroke Cycle. 

(a) The range of stress is not altered by inertia since the 

maximum compression is reduced to the extent of the 
maximum tension. 

(b) Inertia bending does not increase the range of stress; 

with a rod of circular section there would be a serious 
increase of the range of stress. 
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11. Two Stroke Cyde. 

(a) The range of stress is substantially reduced by inertia. 

(b) The range of stress is* increased by the inertia bending. 

With a rod of circular section the increase would be 
much greater. 

Literature.—Low, B. B., “ Stresses in Connecting Rods.”— 
Engineering, August 14th, 1926. 

Kearton, W. J., “ The Strength of Forked Connecting Rods.” 
—Br. Assoc. September 17th, 1923; see Engineering, October 
5th, 1923. 




CHAPTER XIX 


AIB INJECTION 

For purposes of description, the complete fuel oil system is 
conveniently divided into two parts, the first consisting of 
those elements, such as tanks, etc., which are external to the 
engine, and the second of those organs of the engine itself 
which are directly concerned with the delivery of the fuel to 
the working cylinder. 

External Fuel Oil System.—^Fig. 203 represents diagram* 
matiealiy a fuel system for a small Diesel power station and 



consists essentially of a main storage tank A, a ready-use tank 
B, a filter C, and a pump D, for raising the oil from the storage 
tank. 

The storage tank is preferably arranged underground, as 
close as possible to the railway siding, so that oil can be run 
from the railway tank wagon to the storage tank by gravity, 
through a hose pipe. Some form of level indicator or a plugg^ 
hole for a sounding rod should be provided. The capacity of 
the tank will depend on the size of the station and the locid 
conditions of supply. 
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The pump D, by means of which the oil is pumped to the 
ready-use tank, may be of the semi-rotary type, capable of 
being worked by one man in the case of small stations ; but 
where the daily demand is greater, a motor-driven rotary or 
reciprocating pump is generally fitted. 

The ready-use tank may have a capacity of say half a day’s 
run, so that the routine of replenishing it will occur twice daUy. 
Some form of float indicator should be fitted, so that the level 
of oil may be conveniently ascertained from the engine room 
floor. Other necessary fittings are an overflow pipe leading to 
the storage, or a special drain tank, and a drain valve communi¬ 
cating with the overflow pipe. The tank must be closed at the 
top to exclude dirt. The valves in connection with the fuel 
system are preferably of the gate or sluice type, as cocks are 
liable to leakage and globe valves tend to choke by accumula¬ 
tion of sediment. The tank only requires to be located a few 
feet above the level of the filter as the discharge is very 
small. 

The filter usually consists of a cylindrical tank of about 
40 gallons capacity, located about two feet above the level of 
the cylinder cover and provided with a filter diaphragm at 
about a third of the height of the tank from the bottom. The 
diaphragm consists of a sheet of felt sandwiched between two 
sheets of wire gauze and reinforced by an angle iron ring. 

The fuel enters the filter at the bottom, passes through the 
diaphragm by virtue of its static head, and is drawn off by the 
engine fuel pump at a point a few inches above the diaphragm. 
The filter vessel is prevented from being overflooded by a ball 
float mechanism which closes the inlet cock when the oil 
reaches a predetermined level. The plug of this cock is kept 
fairly tight by means of a spring acting on the plug, but slight 
leakage is almost inevitable, so it is desirable to mount the 
filter on an oil-tight tray provided with a drain. It is very 
usual to provide a small reservoir of the same capacity as the 
filter arranged alongside the latter for the reception of paraffin, 
by means of which the piping leading to the engine, and also 
the fuel pumps and fuel valves, etc., may be cleansed from 
time to time by running the engine for a few minutes on this 
fuel before stopping the engine. 

Marine installations follow on similar lines with a few com¬ 
plications. The double bottom is used as a storage tank, and 
the fuel is raised to the ready-use tank by motor-driven pumps. 
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when electric power from auxiliary engines is continuously 
available or by means of pumps driven off the main engine in 
cases where the main engine drives its own auxiliaries. In 
either case it is usual to install duplicate pumps to guard against 
breakdown. The motion of ships being unfavourable to the 
successful operation of float devices, the level of the oil in the 
ready-use tank has to be inferred from gauge glasses, test cocks 
and the like. For similar reasons, the Alters must be totaUy 
enclosed and provided in duplicate with change-over cocks, so 
that they may be overhauled at any time. In addition, special 
requirements of the Board of Trade and Lloyd’s have usually 
to be complied with. 

Fuel System on the Engine itself.—^The commoner arrange¬ 
ments fall into one of two broad classes :— 

(1) Those in which each cylinder has a separate fuel pump 
or separate plunger and set of valves to itself. In this 
case the oil is delivered direct from the pump to the 
injection valve by the most direct route possible. 



(2) Those in which one fuel pump plunger supplies the oil 
for a plurality of cylinders, usually a maximum of four. 
In this case the pump delivers to a fuel main provided 
with a branch and distributing valve separate to each 
cylinder, whereby the amount of oil delivered to each 
cylinder may be equalised while the engine is running. 

Figs. 204 and 205 illustrate the two systems diagram- 
matically. It will be noticed that in Fig. 204 the governor 
operates on all the pumps by means of a sliaft extending 
nearly the whole length of the engine, and as the quality of the 

2A 
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governing is dependent on the freedom from friction of the 
governing mechanism it is desirable to mount this shaft on ball 
bearings. The expense of providing separate pump bodies 
and drives is sometimes reduced by grouping the pumps in the 
neighbourhood of the governor, even to the extent of driving 
all the plungers by a common eccentric. 

With the arrangement of Fig. 205 there is only one pump to 
regulate, and this renders possible the use of a type of governor 
which is probably unrivalled for sensibility and which will be 
described later. The distributors indicated in Fig. 205 are a 
special feature of this system and are illustrated to a larger 



scale in Fig. 206. A particularly neat arrangement of piping 
is obtained by combining the fuel distributor and blast air 
T-piece in one fitting. 

The inclusion of a non-retum valve prevents in a great 
measure the oil being forced back through the pump by the 
blast air pressure in the interval elapsing between the turning 
on of the blast air and the attainment by the engine of full 
working speed. A non-retum valve is sometimes fitted to the 
fuel valve itself for the same reason. Vent cocks are provided 
on the distributors, and sometimes on the fuel valves, to 
enable the pipes to be primed before starting the engine. 

The priming may be effected in various ways:— 

(1) By gravity, means being provided for holding the fuel 

pump valves off their seats during the process. 

(2) By means of an auxiliary hand-operated and spring- 

returned plunger on the fuel pump. 
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(3) By means of the fuel pump plungc>r itself, where pro¬ 
vision has been made for ^soonnecting the latter ^m 
its operating eccentric in order to enable it to be 
operated by a hand lever provided for the purpose. 

The piping in connection with the high pressure fuel system 
deserves special attention, on account of the high pressures 
used, and the type of union shewn in Fig. 207 is probably the 



Fig. 200. 


I 


I 



most satisfactory that has yet been devised both for oil and 
high pressure air. 

Fuel Pumps.—A simple fuel pump for a large marine engine 
is shown in Fig. 208, and is representative of a large class of 
pumps for both marine and stationary purposes. 

The operation of the pump is almost obvious from the 
figure, but may bo describe briefly as follows:— 

The eccentric A works the plunger B, which is guided at C. 
E and F are the delivery and suction valves respectively, and 
the latter communicates with the suction chamber D, to which 
the fuel is led by means of a pipe not shewn in the figure. 
M is an auxiliary plunger operated from the erosshead C 
by links I, H, K, etc., and whose function is to keep the 
suction valve off its seat for a fraction of the delivery stroke, 









368 


DIESEL ENGINE DESIGN 


depending upon how much oil is required per stroke. The 
duration of this inoperative portion of the stroke is altered as 
required by raising or depressing the point K by means of an 
eccentric keyed to the shaft L, according as less or more oil is 
required. In the case of a governed engine the shaft L is con¬ 
trolled by the governor. On 
marine engines the shaft L 
is operated by hand gear, 
consisting of levers, rods, etc. 
Neglecting the obliquity of 
the eccentric rod the main 
plunger describes simple har¬ 
monic motion of amplitude 
equal to half the stroke of 
the eccentric, and it will be 
clear from the drawing that 
the auxiliary plunger M will 
describe a similar motion 
exactly in phase with the 
first but of amplitude equal 
to stroke of main plunger 

K1‘ 

When the main plunger is 
at the bottom of its stroke 
the auxiliary plunger is also 
at the lowest point of its 
travel, and the clearance be¬ 
tween the top of the auxiliary 
plunger and the suction valve 

KI 

multiplied by the ratio 

is equal to the effective 
stroke of the pump, that is 
that portion of the stroke 
during which the suction 
valve is on its seat, as of 
course it must be (apart from viscosity effects) for delivery 
to take place. The quantity of oil delivered per stroke there¬ 
fore depends on a certain clearance between the auxiliaiy 
plunger and the suction valve, which clearance is readily, 
adjusted by shortening or lengthening the rod LK when 
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aflsembling or adjusting the engine and in the ordinary coarse 
of running by the eccentric at L. 

Constructional Details.—^The pump body, plunger sleeve and 
guide are of cast iron. The main and auxiliary plungers, 
the crosshead pin and joints in the linkwork are of case- 


hardened steel. The valves 
may be either of steel or cast 
iron. If the latter, then the 
suction valve should be fitted 
with a hardened steel thimble 
where it makes contact with the 
auxiliary plunger. The main 
eccentric and strap may be of 
cast iron, the lower half of strap 
being white-metalled in some 
cases. It wiU be noticed that no 
packing is provided for the main 
plunger, but reliance has been 
placed on the fit of the plunger. 
With tar oil this arrangement 
has given trouble due to 
scoring of plungers. This was 
overcome by fitting a gland. 
A cast tray is provided to catch 
drips daring working and the 
overflow at priming. A light 
sleeve encircling the auxiliary 
plunger is arranged for opera¬ 
tion by external gear so that 
the suction valve may be lifted 
by an emergency govenu^r in 
cases of excessive speed, and 
also by hand in case it is desired 
to cut any individual cylinder 
out of operation. 



Variations of this system, embodying the same principle. 


are shewn in Figs. 209 and 210. The front view of the latter 
shews three pumps grouped together, but each worked by its 
own eccQntric. Fig. 211 shews four plungers being operated 
by eccen^cs in common. It is evident that with tli^ arrange¬ 


ment the oil delivered to the pulverisers of the various cylinders 
will have different allowances of time in which to settle before 
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injection into the cylinder. This appears to have no effect on 
the efficiency, but it is usual to space the eccentrics so that oil 
is not in process of deliveiy whikt a fuel valve is open. The 
pumps so far illustrated have been driven off the cam-shaft. 
That shewn in Fig. 212 is arranged with horizontal plungers 
for driving off a vertical shaft. The auxiliary plunger is driven 
by a separate eccentric which on account of the intennediate 
lever L requires to be at 180 degrees or thereabouts to the main 
eccentric. The suction valve control may in this case be 
effected in one of two ways. 

(1) By an eccentric movement of the lever L. 

(2) By advancing or retarding the auxiliary eccentric. 
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The latter leads to a very neat and efficient arrangement of 
governor and hiel pump, to which reference has alie^y been 
made. It will be immediately obvious that with a given 
maximum clearance between the suction valve and the 
auxiliary plunger, an angular movement of the auxiliary 
eccentric will have the effect of advancing or retarding the 
instant at which the suction valve comes on its seat, and con¬ 
sequently increasing or decreasing the amount of oil delivered 



per-stroke. This angular movement is effected very simply by 
a type of governor which has been well known for a long time, 
in steam practice, and which is illustrated in Fig. 221. 

Returning to Fig. 212, the use of this type of fuel pump is 
almost entirely confined to land engines. The provision of an 
eccentric mountiiig for lever L enables the pump to be set in 
three different positions, apart from its normal running position, 
viz.:— 

(1) “ Starring." In this position the lever is moved so that 
the ma ximum clearance under the suction valve is 







362 


DIESEL ENGINE DESIGN 



Fio. 212. 






AIR INJECTION 


363 


increased about 60% so that the- delivery of oil per 
stroke is increased correspondingly. 

(2) “ Stop.” In this position the suction valve is held 

continuously off its seat and no oil is delivered. 

(3) “ Priming.” In this position both suction and delivery 

valves are held off their seats and the oil has a clear 
passage through the pump. 

Figs. 214 and 216 will make this matter clear without 
further explanation. 

Details of Fuel Pumps.—^The bodies are usually of cast iron, 
but solid slabs of steel are sometimes used. In designing the 
body three considerations should be kept in view:— 

(1) The shape to be favourable to sound casting. 

(2) As few machining operations as possible to be necessary 

apart from those which can be done on a drilling 
machine. 

(3) The pump chamber and passages to be free from air¬ 

locks. 


Owing to the costly precautions necessary to ensure the 
plunger and guide being concentric and in line it is convenient 
to allow some side play at the point where they join, as in 
Fig. 216. Some different forms of plunger packing are shewn 
in Fig. 217 and a selection of suction and delivery valves in 
Fig. 218. Fig. 219 shews a hand-operated plunger for priming 


purposes. 

Calculations for Fuel Pumps.—The process of computing 
the capacity of a fuel pump for a proposed engine is most 
easily illustrated by an example, as follows :— 

B.H.P. of one cylinder (four stroke), 260. 

One plunger to each cylinder. 

-Estimated fuel consumption, 0-4 lb. per B.H.P. hour. 
Revolutions per minute, 120. 


Estimated quantity of fuel per cycle: 


0-4 x 260 

60x60 lb. 

Volume occupied by 1 lb. of fuel=about 31 cub. in. 
Therefore volume of fuel per cycle =0-0278 x 31 =0-86 in.* 
Adding 60% to allow for overlo^, possible increase of fuel 
consumption, leakage of plunger, etc.:— 

Stroke volume of plunger=1 •6x0-86=1-29 in.* 

Which is satisfied by a plunger diameter of f in. x 3 in. stroke. 
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This size of plunger would only be permissible on a marine 
engine. If the cyOnder belonged to a governed engine the 
stroke volume of the fuel pump plunger would ne^ to be 
about four times the above figure, as it is found that good 
governing at all loads is only to be obtained by using about 
the last quarter of the stroke. This is probably due to the fact 



Fio. 219. 


that the quantity of fuel consumed by the engine in a given 
time is not proportional to the load but more nearly propor¬ 
tional to the load plus a constant representing the engine 
friction. The actual position taken up by the governor and 
the effective stroke of the pump plunger at any specified pro¬ 
portion of full load are not easy to determine experimentally 
with great accuracy, but the angular positions indicated in 

Fig. 220, with reference to the 
fuel pump eccentric circle, are 
those generally used as the 
basis of calculation. 

When one plunger is used 
to supply several cylinders the 
length of effective discharge 
period is limited by the condi¬ 
tion that the latter should not 
overlap the injection periods. 
In estimating the capacity of a 
fuel pump driven off a vertical 
shaft the speed of the latter 
must be kept in mind, being 
usually the same speed as the 
engine, and in some cases 60% 
more. 

The valves, hand plungers, etc., are suitable subjects for 
distributive standardisation. For example, a suction valve 
I in. in diameter would be quite suitable for all sizes of cylinder 
(assuming one plunger per oylindm) up to about 20 in. bore 
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provided that the use of fuels of exceptional viscosity were not 
contemplated. For oils like crude Mexican, of the consistency 
(when cold) of tar, larger valves are probably advisable. With 
the valve arrangements in common use the diameter of the 
delivery valve is determined by that of the head of the suction 
valve plus adequate clearance for the flow of the oil round 
the latter. 

The general thickness of metal of the pump body is 
usually kept as uniform as possible to facilitate casting, 
and the nominal stress in the neighbourhood of the pump 
chamber based on a blast pressure of 1000 lb. per sq. in. is 
about 2600 lb. per sq. in. The design of a fuel pump affords 
ample scope for a Raftsman’s skill in many directions, in 
which numerical calculation plays a very small part, and the 
following suggestions are offered :— 

(1) The arrangement generally to be neat and substantial 

and. presenting an external appearance in keeping 
with its surroundings. 

(2) The flanges and brackets by which it is secured to the 

framework of the engine to be unobtrusive and to 
have the appearance of growing as naturally as possible 
out of the main body of the casing, so as to convey an 
impression of rigidity and equilibrium. 

(3) Every detail to be carefully stuRed, both with r^;ard to 

its special function and also to economy in manu¬ 
facture, efficiency always having prec^enoe over 
economy. In particular, case-hardening and bushing 
of parts subject to wear must not be stinted, and 
provision should be made for lubrication of all moving 
parts. 

(4) Valves and other internal mechanism to be easily 

accessible for inspection and overhaul. 

(5) Arrangements to be made to catch all drips, both of fuel 

and lubricating oil, avoiding the use of trumpery 
sheet-iron guaiR and the like. 

Many of the above principles apply of course to the design 
of any part of any high-grade macffine, and they are mentioned 
here because the matter on kand provides an excellent oppor¬ 
tunity of emphasising them in a particular case, in whi(ffi the 
subject is singularly free from the complications arising from 
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calculations. When the discussion is transferred to some large 
part of a machine, in which the stresses are approximately 
determinate and the scope of the design appears to be limited 
by adjacent parts, it becomes increasingly (^cult to reconcile 
the ideals of high-class design with the requirements of 
efficiency and economy and the skill of a designer may be 
gauged by the extent to which this difficulty is overcome. 
P^m this point of view no part of a design can be said to be 
finally determined until the whole design is complete, as there 
is always the possibility that a design for a certain part, perfect 
in itseUf, may require to be modified subsequently on account 
of its relationship, perhaps remote, to some other part as yet 
undetermined. 

Governors.—^It is not proposed to deal here with governor 
design generally, as that is a subject for a specialist in this 
particular department of mechanical design, but only to 
illustrate the application of governors to stationary Diesel 
Engines by means of a few examples, and to give the main 
lines of calculation for the type of governor shewn in Fig. 221, 
which is a type not usually standardised by governor specialists. 
The action of the weights in causing rotation of the central sleeve 
will be immediately obvious from the figure. The amount of 
this rotation between the limits of no load and full load should 
correspond with the angle ~ 60° of Fig. 220, but as a safety pre¬ 
caution it is advisable to give the governor sufficient range to 
give a complete cut-out, and the sleeve should therefore be 
free to describe an angle of about 70°. The first stage in the 
design of the governor is to rough out a drawing similar to 
Fig. 221, fulfilling all the requirements as to space, accessi¬ 
bility, etc., and in which the above angular rotation is secured. 
As regards the size of the governor, it is generally wise to avail 
oneself of all the space obtainable. The next step is to find the 
mass and centre of gravity of the weights and the positions of 
the latter in the extreme in-and-out positions. A diagram 
similar to Fig. 222 should now be constructed, in which the 
abscisssa are distances of the weight firom the centre of the 
shaft in inches and the ordinates are the centrifugal forces at 
these distances at no load speed and full load speed respectively. 
Point “ P ” corresponds to “ no load speed and “ no load ” 
distance from centre, and point “ Q ” the same quantities for 
full load. The line PQ then determines the properties which the 
controlling spring would have to possess if it were connected 
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to the weight at its centre of gravity. These properties are 
as follows:— 


(1) The initial tension, when the weights are full in, is equal 

to the centrifugal force corresponding to the point 
“ Q.” 

(2) The weight of the spring per inch extension is equal to 

the slope of the line PQ, that is the amount in lb. by 
which the ordinate increases as the abscissa increases 
by one inch. 


Actually the spring is attached to the weight at a point 
nearer to the fulcrum than the centre of gravity, and both the 
initial tension and the rate as found thus require to be increased 
k 

in the ratio y where :— 


k=Distance of the weight fulcrum from the line joining 
the C.G. of the weight to the centre of the governor. 
l=Distance of the weight fulcrum from the line of action 
of the spring. 



This very simple construction, repeated as often as may be 
necessary jn the process of trial and error, contains all the 
dynamical calculation required to ensure sensibility and 
stability, but it is advisable to provide adjustments for spring 
tension, in the manner shewn in the figure, to allow for un¬ 
avoidable errors and routine adjustment on the test-bed. 
Strictly speaking, the diagram shewn in Fig. 222 should be 
corrected to allow for the versed sine of the arcs described by 
the points of suspension, and so on ; but these are practically 
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negligible. Other types of governor are designed on similar 
lines, but are usually complicated by link mechanism, of which 
the variations of configuration are not negligible. 

Variation of sp^d during the running of the engine is readily 
secured by transferring a part of the conti oiling force to an 
auxiliary spring, the tension of which can be varied by 
mechanism provided for the purpose, as shewn in Fig. 223, 



Fio. 2^3. Fig. 224. 


or by varying the tension of the main spring itself, as in 
Fig. 224. 

Some points to be observed in governor design are :— 

(1) Weights as heavy as possible, to give power and con¬ 

sequently render the effects of friction negligible. 

(2) Springs to be readily adjustable. 

(3) Small pin-links, etc., to be as substantial as conveniently 

possible. 

(4) Friction to be reduced to a minimum by ball-bearings. 

2B 
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(6) Joints other than ball-bearings to be bushed and pro¬ 
vided with well-hardened pins. 

(6) Lubrication, both as regards supply of lubricant to the 
working parts and systematic disposal of the surplus, 
to be considered carefully. 

The general disposition of the governor and fuel pump with 
respect to the framework of the engine is shewn in Figs. 225, 
226 and 227, in three cases. In Fig. 225 the governor is of the 
angular movement type described above and illustrated in 
Fig. 221, driven off the vertical shaft from which the cam-shaft 


Fig. 226. 


Fio. 226. 




receives its motion. The fuel pump of the horizontal plunger 
type, receiving its motion from eccentrics mounted on the 
same vertical shaft. The fuel pump body is supported by a 
facing on the lower side of the case containing the upper spiral 
gears. 

In the arrangement shewn in Fig. 226 the fuel pump is 
attached to the cylinder jacket, but in other respects the 
details are similar to those of Fig. 225. 

The governor shewn in Fig. 227 is of the more usual type 
characterised by a sleeve which is mounted on a feather and 
which rises as the engine.’s speed increases. The pump is of 
the vertical multi-plunger type, and regulation is effected by 
rotation of an eccentric shaft, on which are hinged the levers 
which operate the auxiliary plungers. 

The arrangements described briefly cover the bulk' of the 
fuel pump and governor mechanisms found in practice, but 
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mention must be made of some later refinements which have 
sometimes been used. 

(1) Control of fuel valve opening. At light loads the 
duration of opening of the fuel valve is greater than 
necessary if uncontrolled and the instant of opening 



which is most favourable for full load running is 
inclined to be late for light load running. At least one 
firm has attacked this problem of governor control of 
the fuel valve operating mechanism. 

(2) Blast pressure control. This question is closely allied 

with (1), as a shortened opening period would lead to 
increase of the blast pressure if the latter were not 
corrected. Apart from this the blast pressiure has in 
any case to be altered in accordance with the load 
(unless cylinders are cut out of operation) if good 
combustion is to be secured at all loads, including no 
load. The blwt pressure is placed under the control 
of the governor by means of a throttle slide on the 
compressor suction. 

(3) Pilot ignition. This refers to cases where exceptionally 

refractory oils are being used which require for their 
combustion a preliminary charge of a lifter oil, such 
as Texas oil, which is deposit^ in the pulveriser in 
advance of the main charge by a small auxiliary pump 
provided for the purpose. The necessity for this 
device appears likely to be obviated by improvements 
in fuel valves and combustion chambers. 
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Fuel Iqlection Valves.—^It now remains to deal with the 
valve by means of which the fuel is injected into the combus¬ 
tion space and to which oil is delivered by the fuel piunp for 
this purpose. These may be broadly classified as the open and 
closed ty})es respectively, and as the former form a relatively 
small class at present it is convenient to dispose of them first. 

Open T 3 ipe Fuel Valves.—Fig. 228 is a diagrammatic view 
of such a valve, omitting all detail not required to illustrate 
the bare principle. Oil is delivered to the space A past the non¬ 
return valve B by means of the fuel pump, and this type of fuel 
valve derives its name from the fact that the space A is in 



constant communication with the interior of the cylinder. It 
is to be noticed that the fuel pump is not required to deliver 
against the pressure of the blast sir as the latter is restrained 
by valve C. The latter is opened by appropriate gear at the 
prodetramined instant for injection and carries with it the fuel 
oil contained in the space A. The action appears to be highly 
efficient in pulverising effect and excellent fuel consumptions 
have been reported for engines in which these valves have been 
fitted. This-type of fuel valve appears to have been devised in 
the first instance for use in horizontal engines in which it was 
anticipated that the more usual type of fuel valve would be at 
a disadvantage. A valve working on a somewhat similar 
principle has been tried, from all accounts successfully, on 
vertical engines, but has not yet, to the author’s knowledge, 
become a standardised fitting. 

Closed Type of Fuel Valves.—^In this type communication 
between the combustion space and the interior of the fuel 
valve only exists during the injection period, when the flow 
is always in the same diction, apart-from such derangements 
as sta<& valves or fiulure of the blast pressure. 
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Fig. 229 shews what may not improperly be called the 
Augsburg type of fuel valve. Apart from the cast-iron body, 
the construction of which f 


is sufficiently illustrated by 
the drawing, the principal 
parts afe:— 

(1) Needle valve A. 

(2) Spring B. 

(3) Stuffing box C. 

(4) Pulveriser D. 

(5) Flame plate E. 

The needle valve is 
usually made of special 
steel, case - hardened in 
way of the stuffiing box 
to prevent cutting by the 
packing. Accurate align¬ 
ment of all parts of the 
needle is essential and 
readily secured by grind¬ 
ing between fixed centres. 
The lower part of the 
needle is preferably re¬ 
duced in ^ameter by a 
few thousandths, as a cer¬ 
tain temperature gradient 
exists between the needle 
and the pulveriser tube 
which may lead to seizure 
if sufficient clearance is 
not allowed. The tip 
generally has an angle of 
about 40 degrees. The 
needle spring, in addition 
to returning the needle 
to its seat against the 
pressure of the blast air, 
has to deal with the 
friction of the stuffing 
box, and may be figured 



out on the basis of a 
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pressure of 1500 lb. per sq. in. over the sectional area of 
the needle at the stuffing box. The latter is usually provided 
with a serewed gland. 

The pulveriser tube is held on its seat by a stiff spring, and 
serves the double purpose of affording some support to the 
needle and retaining in their relative positions the rings and 
the cone which play an important part in pulverising the 
fuel. It will be clear from the figure that the pulveriser is 



surrounded by blast air which enters at F. The fuel is intro¬ 
duced by means of a narrow hole G, at a point H immediately 
above the top ring. If the point H is located too high the 
oil fails to distribute itself evenly round the pulveriser rings 
and inefficient combustion results. 

Fig. 230 shews the injection end of the pulveriser, together 
with the flame-plate and nut, to a larger scale. The details 
shewn are those in most- common use, but are subject to 
variation in the practices of different manufacturers. The 
proportions shewn ate roughly indicative of good practice, 
but it must be admitted that the rule of linear proportionality 
does not appear to be rational in this case. Experience in this 
matter discloses two facts:— 
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(1) That for a given engine there is a certain minimum 

diameter of pulveriser ring, below which results 
are not satisfactory (about 9% of the cylinder 
bore). 

(2) That as cylinders are increased in size it becomes in¬ 

creasingly difficult to obtain a high M.I.P. 


These suggest the following hypothesis :— 

That the best results are to be obtained when the depth of 
oil in the pulveriser before injection is a certain amount, and 
the same for cylinders of all sizes. If this is true, then the area 
of the pulveriser ring should be in proportion to the cylinder 
volume. This would lead to the diameter of pulveriser rings 
being made proportional to the cylinder bore raised to the 
power of 1*5. Such a rule has not been adopted, and would 
probably lead to inconveniently large fuel valves in the larger 
sizes of engines. A very large number of different types of 
pulveriser are in use, and have been described in the technical 
press; but it still remains to be proved' 
that they are more efficient than the 
common variety shewn in Fig. 230. A 
neat form of pulveriser tube, which dis¬ 
penses with the long narrow hole driUed 
in the fuel valve casting, is shewn in 
Fig. 231, from which it will be seen that 
the oil is led to an angular space A at 
the top of the tube, whence it flows down¬ 
wards to the pulveriser rings via a number 
of grooves in the surface of the pulveriser 
tube. Holes B are provided to give passage 
for the blast air. 

Swedish Type of Fuel Valve.—^Fig. 232 
shews the construction of this type of 
valve, which has also been widely aidopted 
and which is characterised by the fact that 
the needle is completely enclosed within 
the casing and is subject on all sides except the extreme tip 
to the pressure of the blast air. On this account the spring 
A does not require to be as strong as that of an Augsburg 
type of valve of the same size. The needle is lifted in working 
by the lever B attached to a cross-shaft C, the end of 
which penetrates the casing through a stuffing box D. The 
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mechanical means by which end thrust on the cross-shaft and 
bending actions on the overhung end, due to the pressure on 
the external lever, are dealt with, will be clear from the figure 
without further explanation. The use of this type of valve 
appears to be limited at present to those designs in which 
the requirements of other parts of the valve gear necessitate 
the fuel valve operating lever being arranged 
off the centre line of the cylinder cover. 

Burmeister Fuel Valve.—^The construction 
of this valve is shewn diagram matically in 
Fig. 233, and its outstanding features are the 
use of a mushroom valve, the extreme sim¬ 
plicity of the whole arrangement, and the fact 
that the valve is open^ by a downward 
movement. The latter is a particularly valu¬ 
able feature as it secures uniformity of valve 
gear and ease of withdrawal. 

The four classes of fuel valve described 
above include as members most of the blast air 
fuel valves used on Diesel Engines at present. 

Each type has its advantages, but no one of 
them can be said to hold the field. Something 
similar might be said for the enormous variety 
of pulverisers patented and in actual use. It 
seems doubtful if any of these can claim out¬ 
standing efficiency. When pilot injection of 
a less refractory oil is used to facilitate the 
use of tar oil as fuel an additional hole has to 
be drilled in the fuel valve, as shewn dotted 
in Fig. 230. The question of burning tar oil is 
still in the experimental stage in this country, 
but the results so far obtained hold out hopes 
that it may be possible to dispense with pilot 
ignition in favour of special arrangements of a simpler char¬ 
acter in connection with the fuel valve details. 

Some of the arrangements by means of which fuel valves 
are operated are shewn in Figs. 234, 236, 236, and 237. The 
long lever, which is a feature of all these schemes, is usually of 
cast steel, and should be of stiff construction. The fulcrum on 
which the lever hinges is common to. the levers which operate 
the other valves, viz. air and exhaust valves in the case of four 
stroke engines and scavenge valves in the case of two stroke 
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engines, and starting valves in both cases. With land engines, 
and many marine engines, it is usual to mount the fuel and 
starting valve levers on eccentric bushes mounted on the 
fulcrum shaft at such angles that the operation of putting the 
starting valve into gear automatically puts the fuel valve out 




of gear and vice versa. This is considered in detail in 
Chapter XXII. 

The use of the needle type of fuel valve in conjunction with 
a single lever necessitates the latter being so disposed that its 
roller is rendered more or less inaccessible by the cam-shaft, 



particularly if the latter runs in a trough (see Fig. 235). The 
difficulty may be got over by providing a small intermediate 
lever, as shewn in Fig. 236, to reverse the direction of motion. 
In spite of the objections which have been raised against this 
arrangement it appears to l>e satisfactory in practice. 

Design of Fuel .Valves.—^An approximate rule for the 
internal diameter of the body has already been given, being 
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the same as the diameter of the pulveriser, rings. The thick¬ 
ness of the walls (cast iron) may be from a third in large valves 
to a half in the case of small valves of the internal diameter. 
If the valve is of the Swedish type this thickness will be ap¬ 
proximately constant throughout the body of the valve, except 
in the neighbourhood of flanges, etc. If of the Augsburg type, 
those parts of the body not subject to pressure may be a little 
thinner. In all cases a good rigid job should be aimed at, as 
lack of alignment leads to sticking of the valve. The pulveriser 
tube is made of steel and the details, such as rings and cones, of 
steel or cast iron. The Swedish type of valve requires special 
care to be devoted to the design of the cross-shaft and its fit¬ 
tings, in order to obtain freedom under load, adequate bearing 
surface and accessibility of the stuffing box. As regards the 
valve as a whole, the designer should aim at shapely solidity 
and avoid flimsiness of detail. 

With the Augsburg type of valve (Fig. 229) the load necessary 
to lift the needle is the spring load less the product of the blast 
pressure and the area of the needle at the stuffing box (approx.) 
plus the gland friction. With the Swedish type (Fig. 232) the 
load may be taken as approximately equal to the spring 
pressure plus the product of the blast pressure and the area of 
the needle at its seat. This load evidently induces bending 
and twisting actions, which the cross-shaft should be pro¬ 
portioned to carry with a low sti’ess. The weakest section is 
generally at the reduced diameter to which the external lever 
is keyed. The key itself should be amply proportioned, and is 
preferably made of tool steel. .The ball thrust must be pro¬ 
portioned to the load obtained by the product of the maximum 
blast pressure into the sectional area of the cross-shaft at the 
stuffing box. The flame plate is of nickel steel and the 
diameter of the hole is usually about 1% of the cylinder bore, 
but-the best size for any particular case must be found by 
experiment. The flame plate nut may be of steel or bronze 
secured to the fuel valve body by a fine thread and provided 
with flats to accommodate a spanner. 

The main points in the design of fuel valves may be sum¬ 
marised as follows:— 

(1) Rigidity and alignment of casing. 

(2) Alignment of the needle and its guide. 

(3) Freedom of all working parts. 

(4) Sturdy proportions for all small details. 
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CHAPTER XX 


AIRLESS FUEL INJECTION 

Mechanical Injection.—^The various kinds of Diesel type 
engines, known as solid injection, airless injection, or cold 
starting heavy oil engines, which share the characteristic 
Diesel feature of spontaneous ignition but differ from true 
Diesel Engines inasmuch as the fuel is injected by mechanical 
means instead of by an air blast, owe their origin to two 
distinct lines of development. 

In one line of development firms already experienced in the 
manufacture of the true Diesel have sought to eliminate the 
air compressor for injection purposes with a view to simplifica¬ 
tion and reduction of cost. In these cases the traditional 
arrangement of valves and a concave pistoit top is usually 
retained, but the compression is usually reduced to 400 to 
600 lb. per square inch, and the indicator card reveals a 
certain amount of combustion at constant volume so that the 
maximum pressure attains a value of 600 Ib./in.* and upwards. 
The use of compressed air for starting purposes is retained. 

In the second line of development the evolution can be 
traced from the earlier hot bulb engines of the four and two 
stroke types. In the search for economy and ability to use 
heavier oils, the compression has been gradually raised until 
at last the use of externally heated surfaces can be dispensed 
with; At this stage the compression pressure and the in^cator 
diagram generally correspond with those attained as indicated 
above. Such engines were usually of the horizontal type in 
the case of four stroke engines with the inlet valve arranged 
over the exhaust valve, and the combustion chamber in the 
form of a compact pocket (Fig. 238). 

There are now a number of makes of such engines both of 
hormmtal and vertical types on the market. The characteristic 
arrangement of combustion chamber and valves is retained 
in the vertical engines also in some cases (Fig. 239). 
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The question whether the adoption of mechanical injection 
actually does achieve simplification and reduction of cost as 
compared witli air blast injection was for a long time doubtful. 
Given equal sizes of cylinders in the two cases it seemed clear 
that the mechanical injection engine must be cheaper to build, 
even after allowance is made for higher maximum cylinder 
pressures. On the otlier hand, experience showed that the 



Fia, 238. 

air blast engine w'ould achieve the liigher brake mean pressure 
without smoke in spite of its mechanical efficiency being lower 
by about 5 or 6%. It then became a question which engine 
could safely maintain the higher brake mean piessure under 
service conditions and this experience alone could decide. 

Technical improvements in airless injection apparatus and> 
adjustment have shewn the airless injection engine to be 
definitely suf)erior to the air blast injection engine when using 
most of the Diesel fuels available to-day, i.e. fuels of rather low 
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viscosity. The difference in favour of the airless injection engine 
is particularly marked at light loads. 

Airless injection is now universally used for small engines, 
is rapidly displacing blast air injection for engines of m^um 
and large power, and is in fact used on the largest Diesel Engine 
in existence to-day (22,000 B.H.P. in 8 cylinders). 

The Combustion Chamber.—^The ability of the air blast 
engine to carry a higher brake mean pressure (and, therefore. 


n 



Fig. 239. 

a fortiori, a .higher M.I.P.) than the mechanical injection, is 
traceable to two causes :— 

(1) The supercharging effect of the blast air which increases 

the available oxygen by about 5 to 10%. 

(2) The action of the air bl^st in promoting rapid com¬ 

bustion (turbulence). 

In the mechanical injection engine the turbulence is 
dependent upon the air speed through the inlet valve (about 
150 ft./sec.), and the effect produced by the piston displacing 
the charge into a pocket shaped combustion space when this 
construction is adopted. 

Any attempt to increase the air inlet speed unduly would 
react unfavourably on the pumping loss and reduce the charge 
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weight. In order to obtain satisfactory combustion with the 
limited turbulence available it is necessary to get the fuel in 
quickly and early in order to gain time for comWstion and to 
attain a high temperature as quickly as possible. This means 
a period of combustion at constant volume with consequent 
rise of pressure at the dead centre. As very high maximum 
pressures are undesirable the compression pressure is accord¬ 
ingly lowered to the lowest point which will secure certain 
ignition under the circumstances contemplated. A com¬ 
pression pressure of about 400 lb./in.‘ seems to be about the 
lower limit in practice unless preheating of the jackets can be 



resorted to. When starting has to be effected with cold jackets 
on heavy oils 450 Ib./in.^ appears to be desirable. 

Mechanical Injection Systems.—^The existing systems can 
be broadly divided into two classes. In the first class a fuel 
pump is provided for each cylinder and the injection period 
corresponds to the delivery period of the pump, which is 
frequently cam operated (Fig. 240). The fuel valve is entirely 
automatic in action and consists either of a simple capillary 
orifice or more usually of a spring loaded needle valve which 
is lifted by the pressure of the fuel acting on an unbalanced 
area. 

In the second class the fuel valves are mechanically operated 
in much the same manner as with the air blast system. Fuel 
is supplied to them from a common main or reservoir main¬ 
tained at a sensibly constant pressure by a pump of one or 
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more plungers (Fig. 241). This system is sometimes referred to 
as the rail system. The pressure in the rail or reservoir is 
maintained practically constant at a value of 2000 to 8000 
Ib./in.* by providing sufficient volume capacity to absorb the 
fluctuations in demand and supply by the elasticity of the fuel 
it^lf. In earlier designs special arrangements of accumulators 
or resilient members were provided, but it is easy to shew that 
these are unnecessary. 

Suppose that the permissible pressure fluctuation is 4000 to 
4500 Ib./in.’, whilst a charge of 1 in.^ of fuel is being pumped 



into the main. According to Kaye and Laby the modulus 
of compressibility of petroleum is :— 

1 8V . , , (V=volume 

V • ® ^ atmosphere where| 

So the required capacity is :— 

icub. ,n.Xg^x^=423eub.m. 

apart from the yielding of the tube wall, which is in general 
small compared with the yielding of the fluid itself. 

Fuel Pumps for Mechanical Injection.—^With the rail 
system the fuel pumps are most conveniently driven by 
eccentrics, and the construction of the pump may follow very 

2C 
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closely the designs already referred to in connection with the 
air blast intern with the following differences:— 

(1) The high pressure used, viz. 2000 to 8000 lb./in.‘, 

demands a stronger construction of eccentric and 
plunger connections and more rigid connection 
between the pump body and the eccentric shaft 
bearings. 

(2) The pump body is preferably made of forged steel or 

bronze as cast iron is liable to be too porous. 

(3) A relief valve and by-pass are provided in order to 

maintain a constant pressure in the delivery main. 

(4) The full stroke of the plunger can be utilised for delivery, 

allowance being made for overload and slip. 

(6) The clearance volume of the pump should be small to 
reduce slip by re-expansion of the compressed oil as 
in an air compressor. 

(6) The slightest air lock must be avoided. 

(7) The delivery fittings must be very substantial to stand 

strenuous tightening up. The same applied to the 
plunger gland, unless a lapped plunger working in a 
plain sleeve is adopted. 

In those systems in which an individual pump controls the 
injection to each cylinder the delivery stroke must only occupy 
about 20 crank-shaft degrees at full load and less at light loads. 
This is usually arranged by one of two alternative methods. 
In the first, the phmger is driven outwards on the delivery 
stroke by means of a cam with a fairly sharp lift of the desired 
duration and returned on the suction stroke by a spring, the 
returning side of the cam being fairly gradual. The volume 
delivered is varied in accordance with the requirements of the 
load by some such device as a wedge piece interposed between 
the plunger and the cam follower, the position of the wedge 
piece being under the control of the governor. 

At full load the thick end of the wedge is mtaqK>sed and the 
full lift of the cam is utilised; at light load a thiimer part of 
the cam is interposed, ’ and since the return stroke of the 
plunger undmr the influence of the spring is limited by a stop, 
there is clearance between the cam follower and the wedge, 
and consequently a shorter stroke of the plunger. This arrange¬ 
ment and others equivalent to it suffer from the defect that 
the point at which ddivery starts is retarded as load is reduced. 
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In the second method this objection is overcome. The 
plunger operates with a constant stroke determined by a cam 



Fic. 242. 


or eccentric, but the effective length of the stroke is shortened 
on light load by the forcing open of a so-called “ spill ” valve 
which allows the escape of fuel from the pump barrel to the 







390 


DIESEL ENGINE DESIGN 


suction side of the pump. The point at which the spill valve 
lifts is varied in accordance with the load by means essentially 
similar to those employed in the true Diesel fuel pump for 
regulating the point of seating of the suction valve (Fig. 242). 

With this kind of pump the instant of injection remains 
constant at all loads. 

With these pumps it is necessary to arrange the governing 
mechanism, whether spill valve gear or wedge mechanism or 
equivalent, in such a way that the operating forces do not 
appreciably react 6n the governor and are not subject to imdue 
wear. Simplicity of adjustment should also be considered. 

Fuel Valves.—^The mechanicaUy operated 
fuel valves associated with the rail system 
have been evolved from the air blast tjrpes 
of valve, and designs corresponding to the 
Augsburg and Swedish types have been 
used. Apart from the elimination of the 
blast air arrangements the essential differ¬ 
ences are as follows :— 

(1) The interior of the valve is filled with 
fuel oil instead of air, and plugs are 
arranged to vent air locks if necessary. 

(2) The valve body is made of forg^ 
steel or bronze to withstand the high 
pressure. 

(3) The spring pressure per unit of needle area is greater (in 
the “ Augsburg ” form) for the same reason. 

(4) Drains are provided to carry away any gland leakage. 

(5) Pulverisers are not required as the oil is broken up on 
emerging at high speed from the nozzle orifices. 

(6) The needle is carried down as near to the nozzle orifibes 
as possible to prevent after drip, i.e. the slow emergence 
of oil from the orifices after the valve has closed 
(Fig. 243). 

(7) The nozzle or flame plate usually contains a plurality 
of minute holes- of the order 20/000* in diameter, or a 
single hole of larger size. 

(8) A filter capable of stopping particles of grit of a diameter 
less than that of the nozzle orifices is put in circuit 
adjacent to the valve itself or even incorporated in 
the body of the latter. This is very desirable, if not 



Fio. 243. 
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essential, as scale and grit in the connecting pipes are 
difficult to avoid. 

(9) Means must be provided to vary the period of opening 
of the valve in accordance with the load. This can 
be achieved by eccentric mounting of the valve 
operating lever or equivalent means whereby roller 
clearance is increased. This, in general, retards the 
point at which injection starts as load is reduced, but 
this defect can ^ overcome by arranging that the 
movement of the cam roller during the increase of 
roller clearance shall follow the cam profile or even 
interfere with it, thus obtaining an advance of the 
point of injection. 

A fuel valve of the automatic type may consist of a simple 
plug with a union at the outer end and 
a nozzle plate at the combustion end 
connected by a hole of small diameter, 
with or without a non-return valve near 
the nozzle end. With this type of valve 
very rapid building up and release of 
pressure in the fuel pump delivery pipe 
appears to be a necessary condition of 
successful working. 

The preferred typo contains a spring 
loaded needle valve seating close to the 
nozzle. The outer end of the needle passes 
through a bushed hole in the valve body, 
thus providing an unbalanced area on 
which the fuel pressure acts in lifting the 
needle against the spring pressure during 
the pump delivery period (Fig. 244). The 
spring tension per unit of needle area 
at the bushed hole determines the fuel 
pressure at the point of injection. 

If the needle lifts against a stop the 
mean pressure during injection may be considerably greater 
than this if the nozzle orifices are sufficiently fine. If the latter 
are relatively coarse the needle lift will be very slight and the 
injection pressure will be sensibly constant. 

Fuel Valve Nozzles .—A great deal of experimental work 
has been done by the various makers of mechanical injection 



I 

Fio. 244. 
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en^nes to secure the most favourable type of fuel sprayers ; 
the efficiency of the combustion process depends very largely 
on the degree of pulverisation and the character of the distri¬ 
bution of the fuel. Some of this work is referred to in the list 
of references at the end of the chapter. It seems to be estab¬ 
lished that the degree of pulverisation should strike a happy 
medium between the extremes of 

(a) Too coarse pulverisation leading to slow combustion, 

and carbonisation due to liquid oil striking the piston 
or otherwise. 

(b) Too fine pulverisation preventing the spray from 

adequately penetrating the charge and leading to 
undue concentration of oil in the neighbourhood of 
the injector, with the result that combustion is incom¬ 
plete and smoke is formed. 


In an ideal state of affairs the fuel in a fine state of division 
would be evenly distributed throughout the hot central core 
of the combustion chamber. When the latter consists of an 
elongated pocket or egg-shaped chamber the ideal programme 
can be approximately realised by the use of a single orifice 
nozzle. 

If, on the other hand, the combustion chamber is wide and 
shallow a plurality of orifices is usually employed. 

The size of orifice required may be determined approxi¬ 
mately as in the following example :— 


I.H.P. per cylinder (4 stroke cycle) . . 100 

R.P.M.300 

Fuel consumption per I.H.P. hr. in lb. 0*35 

Density of fuel in lb. per ft.® .... 66 

Injection pressure Ib./sq. in. (above ignition 

pressure). 4000 

„ period in crank-shaft degrees . 30 


Volume of oil injected per working stroke 


100X0*36 

60x160x66 


cubic feet. 


Duration of injection period 

60 x 3 0_1 

“3O0x^“W ®®®* 
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Bate of discharge during injection period. 


60x100 x 0-36 
60x160 x 66 


0-00426 ft.* per sec. 


Head corresponding to 4000 Ib./in.* 


4000X144 

66 


=10,620 ft. 


Apparent velocity allowing coeff. of discharge =0-6 
=0-6 V2 gx 10,600=496 ft./sec. 

Area required=0-00426 4-496 ft.*=0-00086 in.* 

Required dia. for single orifice ~\/ y 

„ „ 6equalorifices=39/1000-T-->/6=^16/1000' 

Theory of the Jerk-Pump Injection System—^Referring to 
the system illustrated in Fig. 240, if the fuel pump plunger is 
impulsively given a velocity which when multiplied by the ratio. 

Area of Plunger 
Sectional Ares of Pipe, 

gives a velocity Vo to the oil at the pump end of the pipe, a 
pressure “ wave ” or suig^e is propagated with velocity, 

.( 1 ) 

in which E is the bulk modulus, i.e. the reciprocal of C, page 387, 
or 

10* 10* X14-7 

atmospheres =—gg-g— =210,000 Ib.yin.* 


and p=density of oil, say 66 Ib./ft.* 


=0-032 Ib./in.* 
g=386 in./sec.* 
Hence, 



210,000 x 386 
0-032 


60,600 in./sec. =4200 ft./sec. 


If the engine runs at 100 R.P.M. the time interval measured 
in crank-shaft degrees fm- the pressure wave to traverse one 
foot of pipe is :— 


10QX360 
4200 x 60 


0-143 deg. 
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If the engine runs at 1000 R.P.M. the corresponding interval 
is 1’43 d^irees and so oh. 

It is best to have all the fuel pipes of a multi-cylinder engine 
nearly the same length. An engine running at 160 R.P.M. will 
^ork well with fuel pipes 16 feet long, the conditions with regard 
to lag being the same as those of an engine running at 1600 
R.P.M. with fuel pipes 18 in. long. 

A fraction of a second after the plunger has been started with 
impulsive velocity the pressure wave will have traversed a 
distance proportional to V,, whilst the plunger will have 
displaced oil at the pump end of the pipe a distance proportional 
to Vj. The pressure generated is therefore :— 

P.=E^”.(2) 


210,000 Vo 

4200 


=60 


Vo 


(3) 


Values of P,=1000 2000 4000 6000 8000 Ib./in.* 
„ „ Vo=20 40 80 120 160ft./sec. 


A pressure wave of the above intensity reaches the fuel valve 
and if it fails to open the valve, is reflected back upon itself, 
giving a pressure intensity at the valve of double the amounts 
tabulated above. If the valve lifts the pressure wave may 
be only reflected in part or not at all, depending on the flow 
through the valve. If the injection process lasts long enough 
in relation to the length of the pipe, the wave may be reflect^ 
backwards and forwards several times between the pump and 
the fuel valve. 


The efflux of fuel at the fuel valve is equivalent to imparting 
a negative impulse at that end of the pipe. Similarly the 
opening of a spill valve at the pump initiates a negative pressure 
wave which cancels in due course the state of pressure in the 
pipe. Davies and Giffen have shewn how these processes may 
be calculated quite simply in steps. 

In practice the fuel cam is usually so shaped that the fuel 
pump plunger is gradually accelerate up to a speed which is 
maintained nearly constant for a period and then decelerated 
(see Fig. 246). The injection takes place during the constant 
speed interval. In some designs of pump the beginning of the 
pump discharge is timed by the plunger overrunning ports and 
velocity is generated very rapidly. In others the building 
up of pressui^e and velocity may be gradual, in which case the 
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spring loading of the fuel valves is relied upon to give a sharp 
opening. The pressure required to lift' the fuel valve varies 
greatly as between different designs. When the fuel spay is 
arranged to discharge into a compact chamber in which the 
air charge acquires a high degree of ordered turbulence, the 
valve may be set to lift at a pressure of 1000 Ib./in.* or less; 
n fact a simple non-return valve or a capiUary hole have been 



successfully used in such cases. If induction turbulence only is 
relied upon for mixing, a higher degree of pulverisation is usually 
necessary and the valve lifting pressiire may be 2000 Ib./in.* 
and upwards. In some designs of fuel valve the needle rises 
against an adjustable stop so that the fuel pressure during 
injection is determined by the rate of discharge and may be, 
say, 6000 Ib./in. when the valve is set to, say, 2600 Ib./in. only. 
In other designs no stop is provided and the valve needle floats 
on the spring which controls the pressure during the injection 
period. 

The dination of the injection period is usually about 16 to 
20 crank-shaft degrees at rated full load to about 20“ to 27“ at 
maximum power. The whole of this period should come well 
inside the period of constant rate of rise of the cam. This 
rate of rise in relation to the diameter of the fuel pump plunger 
is a matter of prime importance. 

Assume the following data:— 

Normal Brake M.P.73 Ib./in.* 

Fuel Consumption .... 0*37 lb./B.H.P. 

Specific gravity of fuel.- 0'86 

Then Stroke Volume of Cylinder 
Vdlume of fuel per injection 


33,000 X 82-6 X 0-85 x 80 
73x144x 0-37 


=>27,000 
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If the injeotion period at this B.M.P. is 16 crank-shaft 
degrees, the cam rise per degree (neglecting leakage), 

.'*> 

in which B/b=cylinder dia. -rplunger dia. and s=engine strokei 
in inches. 

Theory of Penetration.—^The relation between time and 
distance penetrated by a jet of pulverised fuel when injected 
into compressed air is of fundamental importance in the 
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Fra. 246. 

design of airless injeotion engines and some useful researches 
have been made on the subject. For a given size of orifice 
the hi^er the pressure the smaller are the particles into which 
the fuel is pulverised and the higher the initial velocity. The 
initial velocity varies as the sq. root of the difierence of pressure 
between fuel and air. For a given pressure the larger the orifice 
diameter the coarser are the particles and the larger is the 
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distance penetrated before the loss of any given fraction of the 
initial velocity. 

Considerations of similarity suggest measuring penetration 
in terms of orifice diameter as the unit and plotting against a 
time scale x the square root of the pressure and -r the orifice 
diameter. 

Experimental data obtained by the National Advisory 
Committee for Aeronautics (U.S.A.) have been plotted by the 
author in this way on Fig. 246. The following points will be 
noted:— 

(1) The points lie within a fairly narrow band. 

(2) The influences of pressure and nozzle diameter as separate 

variables are small as compared with their joint effect 
in the variables chosen. This appears to justify the 
choice of these variables. 



(3) The rate of penetration falls off very rapidly after a 
penetration of about 500 orifice diameters. If the 
nozzle is called upon to penetrate about half the 
cylinder diameter the minimum orifice diameter is 
about 1/1000 of the (^finder diameter. 
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Fio. 248. 
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In practice cylinders of 24' diameter give good results with 
orifices of 30/1000' diameter or more and, are insensitive to 
injection pressure over a fairly wide range. 



Fia. 348a. 

With small cylinders of say 5' diameter it is hardly practioahle 
to use holes of say &/1000' and with direct injection by means 
of larger holes of say 10/1000' this is a danger of the spray 
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reaching the cylinder walls and causing dilution of the 
lubricating oil. In such cases the penetration may be reduced by 



shortening the length of the orifice to say one diameter or less. 
Fig. 246 is drawn for holes 2 diameters long. 

Typical Fuel Pumps.—^Figs. 247 and 248 shew typical t 3 rx)es 
of airless injection fuel pumps. The first (Ruston and Hornsby) 
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is provided with suction, delivery and spill valves. The spill 
valve operates earlier or later according to the position of an 
eccentric shaft under the control of the governor, thus lengthen¬ 
ing or shortening the delivery period in accordance with the 
load. 

The second represents more or less diagrammatically a &irly 
numerous class of pumps of which the Bosch is a well-known 
example, in which the plunger acts as the spill valve. This is 
achieved by cutting a helical recess to which the pressure oil 
has access, in the surface of the plunger. The edge of the 
helical recess uncovers a hole leading to the suction chamber, 
thus terminating the delivery period. The instant of release 
of pressure is varied by governor or manual control by rotating 
the plunger relative to the sleeve or vice v^rsa. There are 
several variations of scheme on the same general principle. In 
the example shewn the plunger is given a partial rotation by 
means of a rack engaging with teeth cut on the plunger. The 
manufacture of airless injection fuel pumps calls for a high 
degree of accuracy, particularly in relation to the plungers 
and sleeves. The plungers are made of case-hardened steel 
and the sleeves may be of toughened steel provided in some 
instances with liners of very close grained cast iron. 

Fig. 248a shews a fuel pump of the above general type 
made by Burmeister and Wain. 

Typical Fuel Valves.—^Fig. 249 shews a typical fuel valve 
with spring loaded differential spindle, working in a guide 
which is separate firom the valve body. This division facilitates 
giving these two parts the requisite high degree of precision 
of workmanship necessary for minimum leakage without 
sticking. The oil passage from the body to the guide passes 
through a ground joint which nlust be absolutely tight against 
the oil pressure. 

The second connection at the top of the valve carries away 
any oil which leaks past the spindle. An air vent at the highest 
point of the pressure oil passage is frequently provided for 
priming. In some designs the lift of the valve is limited by a 
positive adjustable stop in the form of screwed pin passing 
through the top plug. 

Fig. 260 shews a number of alternative fuel valve nozzles. 
In form A the spray emerges from a number (usually 4 to 6) 
fine orifices which are covered by the coned end of the spindle. 
In form B the orifices are not so covered but are drilled into a 
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common hole controlled by the spindle. In form C the orifice 
by which the spray enters the cylinder takes the form of an 
anmilns surrounding a “ pintle ” at the end of the spindle. 





Combustion Chambers.—^With so-called direct injection in 
which the compression space consists of a single chamber into 
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which the fuel is injected, it is above all things important that 
the volume should be compact and of such a shape in relation 
to the sprays that the fuel is evenly divided. With a flat or 



dished cylinder cover (Fig. 251 A and B), an oblate spheroidal 
or semi-spheroidal shape gives good results. If the fuel valve 
is central and vertical (A) the nozzle may be provided with 

2D 
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3 to 8 orifices (according to size), with directions making an 
included angle of about 100° to 150° depending on the depth 
of the combustion space in relation to the diameter. With side 
injection (B) it is advantageous to have two or more fuel valves 
giving oblique injection in the direction of rotational air swirl. 
A similar arrangement C may be used for the bottom of a 
double acting cylinder. Globular forms have already been 
illustrated in Eigs. 238 and 239. An arrangement peculiar 
to a form of Ricardo engine is shewn in Fig. 261 D. In this 
case strong rotational air swirl performs the functions of 



Fio. 262. 


pulverisation and distribution of the fuel which is injected at 
comparatively low pressure (about 1000 Ib./in.*). 

In other designs (particularly of small high speed engines) 
the fuel is sprayed into a chamber which communicates with 
the cylinder through a comparatively narrow neck, as in Fig. 
252. The rush of gas through the neck at the end of the 
compression stroke and the beginning of the combustion stroke 
promotes pulverisation and turbulence. In yet another varia¬ 
tion a chamber with a narrow neck is arranged in the cylinder 
cover or the piston or elsewhere for the promotion of turbulence, 
but the fuel is injected outside this chamber. 

Miscellaneous Points.—^An airless injection fuel pump is 
liable to become airlocked if the pressure on the suction side 
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falls below atmospheric. This can arise .on account of the 
suction pipes being too small in diameter or the head of fuel 
insufficient. 

If it is inconvenient to arrange the feed tank sufficiently 
high the fuel pump suction line is charged to a pressure of 
10 to 40 Ib./in.* by some simple type of pump. 

On account of the small sizes of the fuel valve orifices, 
absence of grit is of special importance to airless injection 
engines. Where the size of the installation warrants the expense, 
centrifugal purifiers are installed for the purpose of fuel cleaning. 
In any case fine mesh filters are provided and a specially fine 
filter, capable of stopping grit of less diameter than the fuel 
valve orifices, is sometimes fitted in each pipe between fuel 
pump and fuel valve. 

Typical airless injection indicator diagrams are shewn in 
Fig. 16, Chapter III. The compression is 400, the maximum 
pressure 610 and the mean pressure 90 Ib./in.*, and the fuel 
consumption 0-300 lb. per I.H.P. per hour. 
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Air Consumption.—If an engine has a brake mean pressure 
of 76 Ibs./in., then the swept volume per B.H.P. hour, counting 
combustion strokes onlj' is : 

33,000 X 60 _ u ft. /D tru i. 

—^-- = 183-5 cub. ft./B.H.P. hoiu- 

76 X 144 

Defining “ air supply ratio ” as :— 

Volume of air referred to ambient conditions of atmospheric 
pressure and temperature, divided by the swept volume, and 
assuming a four stroke engine with an air supply ratio of 0-85, 
the air consumption works out at 166 ft.*/B.H.P. hour. 

If the engine has a consumption of 0-376 lb./B.H.P. hour of 
fuel requiring 14 lbs. of air for the combustion 
of 1 lb. of fuel, and if the ambient air has a 
specific volume of 13-1 ft.*/lb. corresponding to 
a pressure of 14-7 Ibs./in.* abs. and temperature 
> 60“ F., then the volume of air “ burnt ” is, 

0-375 X 14 X 13-1 = 69-0 ft.*/B.H.P. hour— 
about 44% of the air supply. 

The following table gives typical air con¬ 
sumptions of engines of various types. 



Type. 


4 Stroke unblown. 

4 Stroke blown . 

4 Stroke turbo¬ 
charged . 

2 Cycle 


Tis. 253. 


Air 

supply 

Ratio. 

B.M.P. 

lb8./in.* 

Air Con¬ 
sumption 

hr. 

•86 

76 

166 

-96 

82 

160 

M 

82 

186 

1-3 

97 

186 

1-6 

112 

185 

2-0 

160 

186 

1-2 

76 

220 

1-6 

76 

276 
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Air and Exhaust System.—Road vehicle and tractor 
engines, portable engines for use on road repairs or building 
operations, stationary engines for use near cement works, or in 
sandy districts or other dusty situations are fitted with air 
filters to minimise the abrasive effects of mineral dust which 
would otherwise accelerate wear. Such filters may be of the 
cloth fabric type or the viscous type in which the dust is trapped 
by oily metallic surfaces which are cleaned and re-oiled from 
time to time. Apart from such filters, which may have an 
appreciable silencing effect, the air and exhaust system 
includes :— 

Air suction inlets and silencers. 

Blowers (see Chapter VII). 

Air receivers and manifolds. 

Air and exhaust valves or ports. 

Exhaust manifolds. 

Exhatist turbines (see Chapter VII). 

Exhaust piping. 

Silencers and waste heat boilers. 

Air Inlets and Silencers.—^The type of slotted pipe shown 
in Fig. 263 sometimes fitted to each inlet port of a normally 
aspirated four stroke engine has a moderate silencing effect and 
serves as a coarse filter. If the narrow slots (about 40/1000'') 
are allowed to become clogged, the breathing capacity of the 
engine may be seriously impaired. 



For multicylinder engines, the trumpet arrangement shown 
in Fig. 254 is an effective silencer particularly if lined with felt. 
A similar arrangement can be used as a suction silencer for 
centrifugal blowers. 
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Blowers of the roots type may emit a most intense highly 
pitched note unless a suitable silencer is provided. A very 
effective type of silencer consists of a labyrinthine felt*lined 
chamber through which air is drawn at a speed of about 30 feet 
second. Such silencers may with advantage be constructed as 
acoustic filters of the interference type, with two sound paths 
whose lengths differ by half a wave length of the dominant note. 

The quietest type of roots blower seems to be the three 
lobed type with helical rotors. With suitable proportions the 
suction noise is slight and a simple form of inlet silencer is 
adequate. 



Fio. 256. 
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Blowers.—For the supercharging of four-stroke engines and 
the scavenging of two cycle engines, practically all known types 
of blower have been us^, viz :— 

(1) Reciprocating blowers (Fig. 265):— 

(a) Driven from a crank or cranks at the forward end of the 
engine ; such blowers may be simple or tandem, and 
the details of cylinders, pistons, guides, etc., somewhat 
resemble those of L.P. reciprocating steam engines. 
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Various t 3 rpes of valves have been used to control the 
inlet and outlet ports, the favourite being thin plate 
valves of small controlled lift. 

(b) Driven from the crosshead by links and levers as in the 

familiar air pump drive for a reciprocating steam 
engine. 

(c) Formed by fitting suction and delivery valves to the 

enclosed bottom of the cylinder of a crosshead type 
four stroke engine (under-piston supercharge). 

(2) Positive j^tary Blowers of the roots or other type; 
such blowers are iisuaUy driven by chain or spur gearing or a 
combination of both at two to three times crankshaft speed. 
The design of the blower drive offers little difficulty in the case 
of an engine running in one direction only and fitted with a 
flywheel giving a high degree of regularity. For reversible 
engines with light flywheels, the effects of manceuvring must 
be catered for by the provision of flexible couplings, slipping 
clutches and the like to mitigate shocks. 

(3) Centrifugal Blowers (Fig. 256). These may be separately 
driven by electric motors or directly driven off the engine by 
Vee belts or chains or spur gearing or combinations of these at 
about ten times crankshaft speed. Spring drives and/or 
slipping clutches may be required to mitigate inertia effects 
due to starting, stopping and irregularity. 

Air Receivers and Manifolds.—^In four stroke engines with 
frames of monoblock type, an air receiver may be formed in 
the frame casting and connected to each cylinder cover air port 
by a pipe or elbow. The area of the passage should preferably 
increase steadily from the throat of the valve to about double 
at the entrance to the receiver, which it should join with a good 
radius to prevent contraction, and excessive wire drawing with 
consequent loss of volumetric efficiency. 

An alternative to this arrangement consists of a sheet steel 
manifold of circular or rectangular section with a branch or 
connection to each cylinder cover port. The sectional area of 
the manifold should be sufficient to prevent imdue pressure 
drop or local depression due to the demands of individual 
cylinders. Any such drop of pressure should be small in 
comparison with the unavoidable pressure drop through the 
inlet valve. For circular manifolds fed at one end only, a 
diameter of about 2^ times the diameter of the air inlet valve 
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^assuming one valve) is adequate for six cylinders. For a 
12 cylinder manifold fed at one end a diameter of about 
3^ times the diameter of the exhaust valve would be ample. 

Similar arrangements may be used for supercharged four 
stroke engines. 

For two cycle engines the air receiver between the blower 
and the air ports is made sufficient in volume to absorb fluctua¬ 
tions in supply and demand throughout the cycle with a 
negligible variation of pressure. With a cylindrical sheet steel 
receiver arranged along the back of the engine, the diameter 
for a six cylinder engine, with receiver fed at one end may be 
about l*2i/B S. (B = Bore, S ~ Stroke); for twelve cylinder 
fed at one end about 1*5\/B.S. These rough figures apply to 
single acting engines. For double acting engines the diameters 
are to be increased by some factor less than \/2 since the 
demands of top and bottom are opposite in phase. 
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Air and Exhaust Valves.—^Whilst sleeve valves have been 
successfully used for the control of air inlet and exhaust outlet, 
the majority of four stroke engines are fitted with inlet and 
exhaust valves of the poppet type. In general such valves are 
fitted in removable cages in the cylinder covers of large engines, 
whereas, in small engines they are fitted directly into the 
cylinder covers with the addition of renewable spindle guides 
and in some cases, heat-resisting seating rings. Since the inlet 
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valves work under relatively cool conditions .they may be made 
of low or medium carbon steel. Exhaust valves, on the other 
hand, are made of heat resisting steel such as silichrome or in 
high duty engines, of austenitic steels. Welded coatings of 
stellite or other heat-resisting alloys are sometimes applied to 
the working faces. The use of heat-resisting materials for 
exhaust valves greatly extends the periods between successive 
removals for grinding so that it has become practicable to 
dispense with valve cages in comparatively large cylinders up 
to 12'' diameter or more, thereby enabling valves of larger size 
to be used, so that high piston speeds are practicable without 
detriment to breathing capacity (Pig. 257). 

Pig. 268 shows a typical air or exhaust valve in a cage. Two 
concentric valve springs are used and the stem itself is used as a 
guide. The spring cap is secured to the stem by split-cone 
washers and the valve actuating tappet makes contact eitlier 
directly on the stellited end of the spindle or through the 
medium of a hardened steel cap. The contacting surface may 
be of point, line or surface type (Pig. 259). 

Pig. 260 shows a water-cooled exhaust valve cage provided 
with a removable seating ring of heat-resisting material. The 
depth and thickness of metal under the outle^ port must l>e 
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sufficient to prevent undue deflection, otherwise loss of com¬ 
pression and with that a loss of power may occur. 

The cage is secured to the cover by two to four studs. The 
securing flange may be integral with the cast iron cage or a 
separate casting or drop forging. 

For large slow-running engines it is possible to make the 
valve heads, separate from the spindles, of heat-resisting steel 
or special cast iron. 

At the expense of some extra complication, two air and two 
exhaust valves of smaller size may be accommodated in each 
cylinder cover, thereby somewhat increasing breathing capacity 
at high speed, and reducing the noise of valve operation by 
reason of the reduced lift and closing velocity. This practice 
dates back over forty years, e.g. in the 560/780 Augsburg 
engines of the early 1900*s. Such smaller valves ran cooler 
and longer between overhauls. 

Several arrangements are in use for poppet exhaust valves 
of 2 cycle uniflow scavenge engines, viz., one or two valves in 
cages, one, two, or four valves without cages. 


I 
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Such valves run at higher temperatures, than the exhaust 
valves of four stroke engines, so that the most heat-resisting 
steels are necessary in high duty engines. 

A single valve of this type is shown in Fig. 261. The outlet 
passage is carefully streamlined and carried clear of the cylinder 
cover. The cage is water-jacketed. Since the valve is 
operated once per revolution, special care needs to be taken 
in the design of the springs to avoid surging. 


Fio. 261. 



Dimenalona of Air Suction Valves.—^The requisite diameter 
for an air suction valve may be regarded as determined by the 
mean vacuum allowable on the suction stroke. Taking this to 
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be 0*6 lb. below atmospheric pressure, the theoretical mean 
velocity is found from Hg. 28 to be about 280 feet per second, 
and taking the mean coefficient of discharge to be 0*70 this 
gives a mean apparent velocity of 196 feet per second. Now as 
r^ards the mean opening area of the valve, if we assume a 
harmonic cam opening and closing exactly at the upper and 
lower dead centres respectively, then the mean opening would 
be just half the maximum opening if the maximum lift is made 
of the valve diameter. Actually the valve is always 
arranged to open before top centre and close after top dead 
centre, so that the mean area is usually more like 0*6 of the 
maximum area. 

Adopting this figure, we may write :— 


195=V,=V„X 


0*786 B» 
0*66x0*785 d* 


Where V»=Apparent mean velocity of air in feet per second. 
Vp=Mean piston speed in feet/seconds. 

B=Bore of cylinder. 
d=Diameter of suction valve. 

From which, 

B=v i m 

Values of -g calculated from this formula for various piston 

speeds are given below and agree well with average practice. 
Piston speed in 

ft. per min. . 600 600 700 800 900 1000 1100 1200 
Ratio d^B . *267 *281 *303 *324 *343 *362 *380 *397 

In the best practice the maximum lifts of the air and exhaust 
valves are frequently made as much as 0*28 of the valve dia¬ 
meter, as although the extra lift does not increase the maximum 
available area the mean area is increased and the opening at 
the dead centre is augmented without adopting an unduly long 
opening period or an awkward shape of cam. 

Exhaust Lifting Devices.—Some form of exhaust lift for 
breaking compression is usually fitted to both land and marine 
engines. With the former the use of such a device on shutting 
down the engine obviates the tendency of the engine to swing 
in the reverse direction to that for which it was designed, 
just before stopping, and also facilitates turning the engine 
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by hand. With marine engines some such device snould come 
into operation automatically on reversing to prevent the 
possibility of compressing an unexhausted charge when motion 
is begun in the reverse direction. An expansion sixoke executed 
in the ahead direction becomes a compression stroke in the 
astern direction and vice versa. Two hand devices are shewn 
in Fig. 262. Type A consists of a substantial steel lever pro¬ 
vided with a slotted end which normally keeps it in a vertical 
position clear of the gear. To bring the lever into operation it 
is lifted to the extent of the slot and allowed to fall forwards. 



Fio. 262. 


A projection on the lever then slips under an extension of the 
roUer-pin on the first occasion of the valve being lifted and 
prevents its return. Type B consists of a link and screw, by 
means of which the valve may be depressed during the running 
of the engine and which normaUy lies alongside the casing. 
Fig. 263 shews three arrangements suitable for marine engined. 
In type A the valve is depressed by a pneumatic cylinder 
arranged above and in line with the valve, B consists of 

a series of cams (one cam over each exhaust valve lever) 
mounted on a shaft running from end to end of the engine. A 
turning movement of this shaft simultaneously depresses all 
the exhaust valves. Type C is appropriate to those engines in 
which the valve levers are opera^ by push rods, l^e first 
movement in reversing consists of swinging the lower end of 
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the puah rods out of the range of operation of the cams. By a 
scheme of linkwork, which is obvious from the illustration, the 
same movement introduces .a lever with an inclined face undi6r 
a roller provided for this purpose attached to the valve lever, 
with the result that the valve is held off its seat until the push- 
rods regain their normal working positions. 



Exhaust Valve Springs.—^Apart from the weight of the 
valve in itself there are causes tending to open the exhaust 
valve when it should be shut, viz.:— 

(1) The vacuum on the suction stroke. 

(2) With four-cylinder engines especially, the first rush of 

exhaust from the neighbouring cylinder if the latter 
dischai^es into the same collecting pipe. 

In addition, the inertia of the valve and any levers, rods, 
etc., in connection therewith, tend to make the latter lose 
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contact with the operating cam in the neighbourhood of 
maximum lift. These various influences are overcome by 
fitting a spring, the normal load of which is equivalent to a 
pressure of about 10 lb. per sq. in. in valve area in the case of 
slow speed engines, arid anything up to about 20 lb. per sq. in. 
or more in the case of high speed engines.! A method of com¬ 
puting the inertia effect will be dealt with in some detail as 
there is a tendency for higher speeds to be used in practice, 
and the principles involv^ have a wide application in the 
design of high speed machinery generally. 

Inertia Effect of Valves.—Consider the simple arrangement 
shewn in Fig. 264, consisting of a valve directly operated by a 
cam without intermediate members. Let the weight of the 
valve guide and roller, etc., be “ W ” lb. 
The effect of the inertia of the spring 
may be allowed for by adding one-third 
of its weight to that of the other parts. 
Let “ X ’’ be the distance in inches of the 
valve from its seat at any instant. If 
the shape of the cam and the speed of the 
cam-shaft be known it is possible to ex¬ 
press “ x ’’ in terms of the time “ t in 
seconds counted from the instant at 
which the valve begins to lift, by means 
either of an equation or a graph exhibiting 
the lift on a time base. If this equation 
(equation of motion) is available, then 
one differentiation with respect to “ t ** 
gives an expression for the velocity 
denoted by “ x ’’ and a second differentia¬ 
tion gives the acceleration denoted by 
“ X.” If the relation between x and t is 
given by means of a graph, then the 
differentiation may be done by one pr other of the graphical 
methods explained in books on practical mathematics. In 
either case, x being measured firom the valve seat outwards, 
positive values of x denote inertia effects tending to press the 
roller against the cam, and negative values of x denote inertia 
effects tending to cause the roller to lose contact with the^ cam. 
Here we are only concerned with the negative values of x. If 
X denotes the resultant force on the valve, neglecting all 
effects except those due to the inertia, 

2£ 





422 


DIESEL ENGINE DESIGN 


lines, and the follower is circular or flat, the motion may be 
divided into, parts, the accelerations of which are rea^y 
calculable thus;— 


(a) Circular cam profile, flat follower—simple harmonic 
motion. 

(b) Circular cam profile, circular follower—crank-connecting 
rod motion. 

(c) Straight cam profile, circular follower—acceleration 
given by:— 

.(5) 

in which, Ri?=radiua of cam. 

1 . „ roller or other follower. 

w=angular speed of cam-shaft. 

2ir. cam-shaft R.P.M.N 
60 ) 

0—angle turned through by cam-shaft measured 
from tangent point. 

Values of 0 = 0 10 20 30 40 50 deg. 

Values of 

100 1 08 1<36 1-93 3 16 6-99 

Effect of Levers and Push Rods, etc.—^The simple case 
considered above of a cam operating directly on the end of the 
valve is seldom realised in practice, and a somewhat more 
general case, illustrated diagrammatically in Fig. 266, will be 


' 2tan«0+l 

COS0 
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considered. We have now several different members, all 
participating in the motion and acquiring momentum which 
must be overcome by the spring. The problem is a simple 
case of the general theory of a system of one degree of freedom 
simplified by treating the “ coefficient of inertia ” as a constant 
instead of a function of x. Consider any particle of the lever 
AB situate at' a distance “ r ” from the fulcrum E and having 
a weight “ w ” lb. If' “ s ” denote the speed of this particle 
during any small displacement of the system, then:— 


. . r ... .. r 

s=x.-and s=x.- 
a a 

The effective force acting on the particle is therefore equal to 

“-•i*- and the reaction at A due to all such particles of the 
g a 

lever is given by:— 

Xi=-^w.r*=-.W,-V.(6) 

Where Wi is the weight of the lever and is its radius of 

W k * . 

gyration about E. The expression —is the inertia co- 

g*a 

efficient of the lever with respect to the co-ordinate x, and may 
be denoted by A^. The total reaction X at A, due to the inertia 
effects of the valve itself, all the levers, push-rods, etc., is the 
sum of all the reactions due to the individual members, and 
therefore:— 

X=x(Ao-|-Ai-fAj-fAs) .(7) 

W 

Aj being=—^ where Wo=weight of valve, 
g 

and As is the inertia coefficient of the push-rod, and As is 
that of the link. 

By similar reasoning to that given above for A^ it is found 
W /b\* 

that » where Ws=weight of push-rod, 

and » where Ws=weight of link, and k 3 =its 

radius of g 3 nration about its axis. 

It will be seen at once that equation (6) is similar to (1), 
with inertia coefficient substituted for mass. The assumption 
made is that the angles a jS y do i^ot deviate far from 90 degrees. 
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For ordinary practical purposes a deviation of 10 or 16 degrees 
on either side involves a n^Iigible error. 

Example: Wo= 61b. a= 10 * k,=7' 

Wi=15 lb. b= 12 ' k 8 = 6 ' 

W*= 8 lb. c=: r 

61 b. i=1600in./sec.» 

X=x(A((-}-A| -4-Ag-{-Aj) 

„/ 12 \» / 12 x 6 \*‘l 
“ 386| "^^Vio} ■*^(l0x7j I 

=118 16 . 

For slow running engines the inertia may not amount to 
more than two or three lb. per sq. in. of valve area. In such 
cases the spring may be based on the inertia load plus about 
6 lb. per sq. in. of valve area, to deal with the other effects 
which enter into the question. 

With high speed engines the inertia load may be much 
greater and the additional allowance for friction, etc., as much 
as 15 Ib./in.* or more. . 

Strength and Deflection of Springs.—^The usual formults for 
the safe load and the deflection of springs made of steel wire 
of circular .section are given below for handy reference. 

P=Safe load (maximum) in lb. 

_ - -.d» ^ =Safe stress, about 30,000 to 60,000 lb. 

P=0-2f-—.( 8 ). per sq. in. 

d =Diameter of wire in inches. 

, r=Mean radius of coils in inches. 

And r 8 =Deflection in inches. 

64.n.r* P n=Number of turns (free). 

8 =—.G=Modulu 8 of rigi^ty, usually 

taken to be a^ut 12 , 000,000 
'• lb. per sq. in. 

The surging frequency F (per min.) of a helical spring is 
given approximately by:— 

F= 200 , 000 ~ . ( 10 ) 

r*. n 

With cams subtending an angle of about 120°, violent surging 
seems to be almost inevitable if the cam-diafb B.P.M. is equal 
to or greater than F- 7 - 6 . Cam-shaft R.P.M.^F-rl 6 seem to 
involve little surging with ordinary cams. Values from F-r 8 
to F-rl 2 are in common use. The degree of violence of surging 
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depends, with a given period, lift, and speed, on the lift curve. 
A pure cosine lift curve appears to be favourable on theoretical 
grounds but gives rather slow opening and closing. 

By substitution equations (8), (9) and (10) give the useful 


relation, 


F=0'214 


_f 

8 


in) 



Exhaust Manifolds.—^A once common arrangement of cast 
iron exharist manifold and piping for a four stroke stationary 
engine is shown in Fig. 267. The connections between tlie 
covers and the manifold may be eqUal in area or a little larger 
than the area of the cylinder cover port. The diameter of the 
circular section manifold is preferably about 2J times the 
diameter of the exhaust valve (one exhaust valve per cylinder) 
if weight and space allow, for a six-cylinder engine. For other 
numbers of cylinders the area may be pro rata with a minimum 
diameter of about twice the exhaust valve diameter for four 
cylinders or less. Rather less generous manifolds are used 
when weight and space considerations are important. Fig. 268 
shows a similar arrangement with the manifold under the floor 
level; the connecting pipes must be water cooled or lagged 
and are liable to hamper access to the back inspection doors. 
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With either arrangement, if the manifolds are fabricated in 
steel, a circular section is advisable. More usually the exhaust 
manifold is arranged at or a little below cylinder cover level 
with short connections to the several cylinder covers. 
Frequently such manifolds are of cast iron, water jacketed, of 
circular or rectangular section (Pig. 269). Ample doors are 
provided to facilitate moulding and the removal of scale. So 
long as the jackets are clean, the metal temperature of the inner 
wall differs little from that of the water and no provision is 
required for expansion. 

With uncooled manifolds connected to the covers by short 
connections, some provision for longitudinal expansion is 
necessary, in the form of bellows pieces, or glands (Fig. 270/1). 
The connection to each cover is usually provided with an 
exhaust thermometer or pyrometer and an exhaust gas test 
cock. 



Fio. 249. 
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Two stroke engines with exhaust ports in the cylinder, 
luicovered by the piston are usually provided with water-cooled 
cast iron (smaller engines) exhaust manifolds arranged close 
alongside the cylinders with very short cohnecting branches or 
deflectors to guide the flow of exhaust in the direction of the 
outlet. It is diflicult to formulate any rule for the diameter of 
such manifolds. If the timing of the air and exhaust ports is 
such that no reliance is placed on wave action in the manifold, 
then the larger the manifold the better. Diameters as much as 
1 -2VB.S. are used. If, on the other hand, the exhaust impulse 
of one cylinder is used as a reaction to boost another cylinder, 
then too large a manifold may be detrimental. Questions of 
exhaust resonance and impulsive scavenge are involved (see 
Chapter VI). 
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Something can be done to reduce scavenge resistance by 
special groupings of exhaust branches of calculated .lengths 
and diameters. In particular two equal manifolds each served 
by the same number of cylinders firing at equal intervals, and 
such that the impulses in one manifold are 180® out of phase 
with the impulses in the other, if connected together behave 
somewhat as if exhausting into the atmosphere or a very large 
receiver. A similar arrangement has been used with four and 
eight cylinder four stroke engines to reduce effects of exhaust 
interference. 

Silencers.—An unsilenced two cycle engine of, say, 
150 B.H.P. can be heard three or four miles away. A receiver 
such as thAt shown in Pig. 272 having a capacity of about 50 or 
60 cylinder volumes, is a very effective silencer, and its resist¬ 
ance is practically negligible. For many applications some¬ 
thing less bulky is desired. For marine engines a cylindrical 
receiver having a capacity of about 20 to 30 cylinder volumes, 
with internal baffles giving three or four reversals of direction 
to the exhaust stream is usually suflScient. The area should 
nowhere be restricted to such an extent as to offer objectionable 
resistance. The resistance can be estimated approximately as 
described in Chapter VI by calculating the velocity head lost 
at each restriction. A silencer of elongated cylindrical shape 
is most convenient for accommodation in a funnel or engine 
roqjn^casing. 

Diameter of Silencer . 3*5 B 

Length „ „ ... 6*6 B 

Bore of Inlet Pipe 0*66 B 
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Still more compact silencers are constructed as acoustic 
filters consisting of chambers of various volumes and linear 
dimensions surrounding a central discharge pipe and communi¬ 
cating with it by rows of holes (Fig. 273). In a somewhat 
similar device a perforated pipe is surrounded by an armular 
chamber containing material with a high percentage of voids, 
c.g. steel borings, etc. (Fig. 274). 

Silencers of the above ty|)es are supi)lie<l by specialist firms. 
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Literature.—^For information on the mechanics of cam- 
operated mechanism, see:— 

Goodman, J., “Mechanics Applied to Engineering.”— 
Longmans. 

Purday, H. F. P., Motor-ship, February, 1922. 

Also numerous articles in the Automob^ Engineer. 




CHAPTER XXII 


COMPRESSED AIR SYSTEM 

As mentioned in Chapter I, the injection of fuel by means of 
an air blast is one of the outstanding characteristics of the 
Diesel Engine, and it seems probable that its use in the early 
experimental engines was suggested by the compressed air 
apparatus used to start the engine, and which still appears to 
be the most practicable method of doing this where large 
engines are concerned. The utility of the air blast is by no 
means confined to its function of injecting the fuel; in fact 
the widespread use of mechanical injection clearly indicates 
that effective atomisation can be obtained otherwise. As 
Guldner has pointed out, the use of an air blast probably 
secures a more efficient mixing of the cylinder contents than 
could be obtained in any other practicable manner. On this 
account it is possible that the air blast engine may continue to 
be built for using particularly refractory fuels, although the 
present tendency is to drop blast air injection in fava|||| of 
airless injection on the scores of simplicity and economy of 
fuel consumption. There are two aspects from which heat 
efficiency should be viewed, viz.;— 

(1) Economy in fuel consumption. 

(2) The effect of efficient combustion in keeping the mean 

cycle temperature to a minimum. 

The last consideration is a vital one from the point of view of 
reliability and durability, and experience abimdantly proves 
that any considerable increase of the cycle temperature, due 
to overloading, leakage past valves, loss of volumetric effi¬ 
ciency or other causes is sufficient to convert an otherwise 
reliable machine into a source of trouble. 

The blast air has .a pressure which varies from about 900 to 
1000 Ib./sq. in. at full load, to about 600 Ib./sq. in. at no lo^, 
and in land engines is usually supplied by a compressor forming 
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an integral part of the engine. In marine installations the 
compressors are sometimes £iven by separate auxiliary engines. 
An arrangement adopted by one maker was to drive the lower 
stages of the compressors by auxiliary engines, the last stage 
being performed by a high pressure plunger driven by the 
main engine. From the compressor the air passes, via coolers, 
to a blast reservoir or bottle of sufficient capacity to absorb 
fluctuations of pressure, and fitted with suitable distributing 
valves, one of which communicates with the fuel injection 
valves and another enables surplus air to be passed to the 
storage reservoirs provided for starting purposes. Cam- 
operated valves in the covers of one or more cylinders enable 
the stored air to be used, to give the engine the initial impetus 
which is necessary before firing can begin. With land engines 
of blast injection type the starting bottles are generally charged 
to a pressure of about 900 lb. per sq. in., and with the fly-wheels 
commonly used it is not necessary to provide starting valves for 
mor6 than one cylinder out of three. With marine engines, 
storage pressures of i^bout 350 lb. per sq. in. are more common, 
and in order to secure prompt starting from any position 
starting valves are fitted to every cylinder. With airless 
injection land engines the starting air pressure is about 
300 Ib./in.* and upwards. 

The air system also includes certain servo-motors or air 
enm|i|B, frequently used to perform operations of reversing 
th^^Rve gear. The various organs will now be considered in 
more detail. 

Air Compressors.—^Four stroke land engines of the slow 
speed type using blast air injection, require compressors 
having a capacity of about 15 cubic feet per B.H.P. per hour, 
which assuming a volumetric efficiency of 80% corresponds to 
a stroke volume capacity of about 19 cubic feet per hour. 
Small high speed engines appear to require about 25% more 
than this allowance. The above method of basing the com¬ 
pressor capacity on the B.H.P. is not a very satisfactory one, 
as different makers have different views as to power rating. 
A better plan is to express the L.P. stroke volume as a per¬ 
centage of the aggregate cylinder volume, and the following 
figures are representative of average practice for land engines. 
In view of the demands made on the system when manoeuvring, 
marine installations are provided with a special manoeuvring 
air compressor separately driven. 
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Bore of 

working cylinders. 

Ratio L.P. stroke vol.-^Stroke vol. of working 
cylinders. 

Four Stroke Engines. 

Two Stroke Engines. 

10 

008 

016 

15 

007 

014 

20 

005 

009 


Number of Stages.—For small slow-running compressors 
two stages are sufficient, but a 9-inch diameter of low pressure 
cylinder appears to be about the safe limit; and even with 
this restriction it appears wise to abandon the principle of 
equal distribution of work between the stages. The small 
diameter of the H.P. cylinder affords little cooling surface for 
the dissipation of heat, and this consideration points to the 
advisability of arranging for the greater part of the work to be 
done in the L.P. stage, a conclusion which has been anticipated 
by experience. 

Three-stage compressors are being increasingly used, even 
for the smaUer sizes, but four stages have not come into general 
use even in the largest sizes. With three or four stages the 
principle of equal division of work is open to less objection, 
owing to the smaller ratio of compression in each stage. 

Compressor Drives.—^Almost every conceivable t]M| of 
drive has been adopted at one time or another, and oiJty the 
commonest are mentioned below:— 

(1) Tandem two- or three-stage compressor driven off the 

crank-shaft. This arrangement appears to have the 
balance of advantages for most purposes. 

(2) Tandem two-stage compressor driven by links and levers 

from each connecting rod or crosshead. This arrange¬ 
ment is expensive, but has the advantage of distribut¬ 
ing the work amongst a number of small compressors, 
which are subject to less heat trouble than one com¬ 
pressor of the same total capacity. The suction 
pressure of the H.P. stage is usually sufficient to 
prevent reversal of thrust due to inertia, and 
consequently sweet running is secured. 

(3) Similar to (2), but stages separate. This arrangement is 

bad, as the cooling surface is less than in case (2), and 
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the L.P. gear is subject to reversal of thrust due to 
inertia. 

(4) Twin tandem three stage compressors driven off a pair 
of cranks at the forward end of the engine. This is a 
very suitable arrangement for large marine engines. 

Cionstnictive Details.—^The construction of air compressors 
being a specialised branch of mechanical engineering, it is not 
proposed to give here more than a very brief reference to the 
subject. The cylinders of tandem two and three stage machines 
are frequently cast in one piece, including the water-jacket. 
The relatively low temperatures obtaining justify this pro¬ 
cedure, provided sound castings can be obtained with reason¬ 
able regularity. The foundry work may be simplified in the 
case of two-stage compressors by the following division of 
material:— 

L.P. Cylinder and Jacket—one casting. 

L.P. Cover and H.P. Jacket—one casting. 

H.P. Liner and H.P. Cover—separate castings. 

One advantage of this scheme is the possibility of renewing 
the H.P. liner when worn. The latter is peculiarly subject 
to rapid wear on account of the high pressure behind the 
rings. 

Similar arrangements are of course possible with three-stage 
ma<^nes. The possibility of increasing the cooling surface of 
the H.P. liner by means of ribs does not appear to have received 
very much attention. The trunk pistons serve as admirable 
crossheads, being almost entirely free from the heat trouble 
to which the pistons of internal combustion 
engines are subject. For the L.P. and inter¬ 
mediate stages Bamsbottom rings are usually 
fitted. In very large machines the latter can 
also be fitted to the H.P. plunger. Small 
H.P. plungers are usually fitted with some 
arrangement similar to that shewn in Fig. 276. 
The only thing which need be said about the 
connecting rods is that on account of the 
thrust being always in one direction, special 
care is required in the details of lubrication. 

The design of valves has an important bearing on the success 
or failure of a compressor. The chief evils to be avoided are:— 
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(1) Sticking of the valves ofif their seats, due to deposits of 

carbonised oil. 

(2) Damage to valves or valve seats, due to hammering. 

The first is influenced more by the efficiency of the cooling 
arrangements and the compression ratio than with the design 
of the valves themselves. For obvious reasons the H.P. valves 
are most subject to this trouble. 

The second trouble is usually due to the valves being too 
heavy, having too much lift, or the failure to provide adequate 
cushioning, and in successful designs is avoided by one or more 
of the following means :— 

(1) Making the valves in the form of very light plates or discs 

with a very small lift. 

(2) Providing a large number of very small valves in place 

of one or two large ones. 

(3) Where large valves of considerable weight are used, 

arranging for some sort of dash-pot action. 

All the valves should be easy of access and removal. Ex¬ 
periments with existing types of compressor seem to indicate 
that makers are inclined to base their valve dimensions on an 
air speed very much lower than is necessary. One or two per 
cent loss of efficiency is of small importance, if such a sacrifice 
enables the size of the valves to be reduced. 

In some designs the intercoolers are separate fron^the 
compressor cylinder, and in others take the form of pipOTtoils 
arranged round the compressor cylinders inside a removable 
water-jacket. Vibration of the coils should be prevented by 
adequate clamps and stays, and no sharp bends are allowable, 
on account of a scouring action (presumably due to turbulent 
flow) which in acute cases may cause fracture of the pipe in a 
short time. L.P. intercoolers are sometimes made similar to 
tubular condensers, and in other designs take the form of a 
cast-iron vessel provided with internal helical baffles which 
give rise to turbulent flow and increase greatly the efficiency of 
the cooling surface. It is desirable in all cases to fit a final 
cooler, to reduce the temperature of the fully compressed air 
before entering the blast receiver. Each receiver should be 
fitted with safety valve and drain. One or two isolated cases 
of explosion, traceable to accumulation of lubricating oil in the 
intercooler system, emphasise the necessity for these fittii^s. 
Some makers fit special “ purge-pots ** in communication with 

2F 
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each receiver for the collection and discharge of condensed 
water and oil. 

Calculations for Compressors.—In calculating the L.P. 
stroke volume required to furnish a given free air capacity, 
allowance must be made for the volumetric efficiency, which 
depends mainly on the clearance space and the delivery 
pressure. For example, suppose the clearance to be 3% of the 
stroke volume and the receiver pressure to be 150 lb. per sq. in. 
On the suction stroke, the suction valve will not begin to lift 
until the air left in the clearance space has expanded down to 
atmospheric pressure. If this clearance air expands according 
to the law :— 

P.V. ®=con8tant, 

then its expanded volume expressed as a percentage of the 
stroke volume will be :— 

Subtracting its original volume, viz. 3%, the amount by which 
the effective stroke is shortened is 19'6%, and the volumetric 
efficiency is 80*6%. A further deduction should strictly be 
made for the fact that at the beginning of the compression 
stroke the cylinder contents are in general at a pressure 
slightly less than atmosphe4l|b. One or two per cent will usually 
cov# this contingency. This example is sufficient to shew the 
importance of reducing the clearance volume of the L.P. 
cylinder to a minimum. The efficiencies of the L.P. or H.P. 
cylinders may be found similarly, but only influence the 
volumetric efficiency of the compressor as a whole indirectly 
by raising the receiver pressure above the value it would have 
if there were no clearance. It will be evident on reflection that 
leakage past the H.P. delivery valves will also raise the receiver 
pressures, and for this reason it is desirable to fit pressure 
gauges to all receivers so that the condition of the valves may 
be inferred from the gauge readings. 

Assuming perfect intercooling and equal volumetric effi¬ 
ciency in all the stages, the pressure of the atmosphere and the 
receiver pressures (absolute) will be in ‘inverse ratio to the 
stroke volumes of the cylinders, and equal division of work 
between the stages will be secured by the proportions given 
below:— 
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Two ( Atmospheric Pressure. Intermediate Pressure. High Pressure. 
Stages. \ 1 at. = 14*7 Ib./in.* 8 at. = 118 Ib./in.* 64 at. = 940 Ib./in.* 


Three 

Stages. 


L.P. volume = 8 H.P. volume. 

Atmospheric Ist Intermediate 2nd Intermediate High 
Pressure. Pressure. Pressure. Pressure. 

1 at. = 14*7 lb./ 4 at. = 68*8 lb./ 16 at. = 235 lb./ 64 at. = 940 lb./ 


L.P. volume : I.P. volume : H.P. volume = 16 : 4 : 1. 

In practice better results are obtained with two-stage 
machines by the following proportions:— 


Atmospheric Pressure. Intermediate Pressure. 
1 at.= 14-7 Ib./in.* 12 at. = 177 lb./in.> 


High Pressure. 
64at. = 9401b./in.* 


L.P. volume = 12 H.P. volume. 


Assuming that the L.P. stroke volume has been determined by 
some such considerations as the above, the actual cylinder 
dimensions are found by selecting suitable values for the 
piston speed and the L.P. stroke to bore ratio. The piston 
speeds commcmly used lie between about 300 to 600 feet per 
minute, the lower speeds being usually associated with small 
machines. With a little care it is possible, by making small 
variations in the strokes, to design a ser'as of four or five 
compressors suitable for engines covering a wide range of 
powers. Such a scheme involves sacrifices in some cases which, 
however, would appear to be quite outweighed by the advan¬ 
tages of standardisation. The ratio of stroke to bore of the 
L.P. cylinder will generally lie between about 0-7 and 1*7. 
The valve areas for each stage are based on some figure for the 
mean velocity obtained, in the case of suction valve, by multi¬ 
plying the mean piston speed by the ratio of piston to valve 
area, and in the case of delivery valves the mean piston speed 
during the delivery period by the same ratio. Certain con¬ 
tinental authorities recommend speeds not exceeding 80 and 
115 feet per second for the suction and delivery respectively, 
but it appears that these figures may be doubled or even trebled 
with impunity, and sometimes to advantage. 

The calculations of the strength of the various parts are 
straightforward, involving no special principles, and are there¬ 
fore passed over. The cooling surface to be provided for inter¬ 
cooling is a very important matter, and the following figiu«s 
from a successful design may be useful as a basis of comparison 
in the absence of first-hand experimental data. 
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Thbbe-staob Compressor. 

Cooling surface, 
copper-pipe coils, 


Free air capacity, 130 ft.*/min. 

rL.P. 8-7 ft.» 

■ L.P. 3-6'ft.* 

.H.P. 3-6ft.» 


The subject of heat transmission being a very important one 
in connection with internal combustion 
engines, a brief reference to the usual 
theory is inserted below. 

Transmission of Heat through 
Plates.—Referring to Fig. 276, the 
direction of heat flow is indicated by 
the arrow and the symbols tj, t„ t,, t 4 
denote the temperatures of the hot 
fluid, the hot side of the plate, the cold 
side of the plate, and the cold fluid 
respectively. The total heat drop con¬ 
sists of three stages:— 

(1) An apparently sudden drop from the hot fluid to the 

plate. 

(2) A steady gradient across the thickness of the plate. 

(3) An apparently sudden drop from the plate to the cold 

fluid. 
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The assumption is that the rate of heat flow is dependent 
only pn the temperature drop, the thickness of the plate, and 
the speeds of the fluids employed. On this assumption, if Q is 
the amount of heat transmitted per hour per unit of area, 
then:— ^ 

Q=Oi(ti t2) —t*).(1) 


from which 


Q = 


(ti-t«) 

1 1 d’ 

—I-1-- 

^2 f ^ 


( 2 ) 


Where ds=thicknes8 of plate and Oi, Oj, and A are constants. 
For compressed air in pipes Oj is given approximately by:— 


a 2 =about 8*0 - ... pipe) to aj—about 2-2 - ... (2'pipe), 

ft ft 

where w/asmass flow in lb. per ft.* of sectional area. 

For nominally still water a,ssabout 100 (B.T.U./hr. ft.* F.®). 
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Vftlues of A are given below for various metals :— 


Iron 

. 460 

Mild steel 

. 320 

Copper 

. 2100 

Brass . 

. 740 

Scale (average) 

12 


.T.U./ft.® deg. F. per inch of 
thickness. 


The values of A are well determined, but unfortunately 
the term involving this constant is the least important of the 
three as the bulk of the heat drop occurs at the surfaces of the 
plates. The values of ax and must be used with caution as 
an examination of published data indicates that these “ con¬ 
stants ” are subject to enormous variation under different 
circumstances. In particular, the value of aa is greatly 
increased by the eddying motion produced by high spe^ flow 
through narrow channel or tubes. If the water boils at the 
surface a, may be about 2000 even if the water is nominally 
“ still.” 

The value of ax for compressed air is somewhat higher at 
high temperatures than at low. For further information on 
the subject of emissivities and heat transmission generally the 
reader is referred to the sources of infor nation mentioned 
below.* 

Equation (2) deserves careful consideration as it contains 
the crux of many heat transmission problems. The term 
involving “ d ” and ” A ” is usually n^Ugible (except in oases 
of very rapid transmission) unless due allowanoe is made for 
scale or deposit. It sometimes happens that eith^ ax or oj 
is almost negligible in comparison with the other. 

Air Reservoirs.—^The lusual arrangement of H.P. air bottles 
for land engines is shewn in Fig. 277. This scheme was devir^ 
in the very early days of the development of the Diesel Engine 
and no substantial improvement has been made on it in r^nt 
years. Two starting and one blast-air bottles are provide, 
all designed for a working pressure of about 1000 lb. p«r sq. in. 
One of the storting bottles serves as a reserve, in case of a 
failure to start the engine, due to any derangement. In the 

* “ High-speed Internal Combustion Engines,” Judge. “ Notes on 
Beeeat Beseaiches,” paper by Prof. Petavel; Monohestor Amoo. ofESngiiieets, 
Got., 191S. ” The ]>ws of Heitt Transmission.” boture by Prof. Niehbisoit: 
Junior Inst., Jon., 1909. “Heat Transmission," by Boyds: C o ns t a b l e . 
“The of Heat Transmission.” by Fishenden and Saunders: 

H.M. Stationery Office. 
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event of such failure, every care is taken to make certain that 
the engine is in perfect order before using the reserve bottle, 
and it seldom happens in practice that the bottles require to 
be replenished from outside sources of supply. The connections 
between the bottles, the air compressor and the engine should 


Starting Pipe 



From Air Compressor^ 


"To Fuel Injection Vahes 


Fia. 277. 


be quite clear from the diagram. Only one or two points 
will be mentioned. 

(1) Before starting up, it is possible to ascertain the pressure 

in each of the three bottles by opening up the appro¬ 
priate valve on each bottle-head in rotation. In each 
case the pressure is recorded on the left-hand gauge. 

(2) The pressure in any pair or all three bottles may be 

equalised by opening up a pair or all three such valves. 

(3) The right-hand gauge registers the blast pressure on the 

engine side. By throttling the blast control valve on 
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the blast bottle-head the injection pressure may be 
regulated below that of the bottle. This is done when 
replenishing the starting bottle on light load. It is 
thus possible to pump up the starting vessel to 
1000 Ib./in.* whilst the blast pressure is only 600 
Ib./in.*, as required for light running. 



The bottle-heads containing the various valves are usually 
machined &om a solid block of steel. A detail of one of the 
valves is shewn in Fig. 278. 

The bottles themselves are of weldless steel, and a neck is 
frequently screwed on, as in Fig. 279. Rome idea of the 
capacities of the bottles commonly provided may be gathered 
from the following table :— 
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Total CAPACiry of H.P. Starting Air Bottles 
(four stroke engines) 

Engines uf about !)* bore, having one to six cylinders —about 
fourteen times the stroke volume of one cylinder. 

Eiujines of about 24* bore, having one to six cylinders —about 
seven times the stroke volume of one cylinder. 

Owing to the expensive machinery required to manufacture 
weldless reservoirs, only a certain limited number of standard 
sizes are available at reasonable prices, and in very large instal¬ 
lations it is sometimes necessary to provide groups of four or 
more starting vessels. The usual working stress is about 
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8000 Ib./in.*, and it is customary to specify a water-test 
pressure of double the working pressure. 

With airless injection engines the starting air pressure is 
250 to 500 lbs. per sq. in. and the system is much simplified. 

Riveted Air Reservoirs.—^For marine installations of high 
power it is usual to use a lower air pressure of about 350 Ib./in.* 
for starting purposes. The air reservoirs now require to have 
a very much larger cubic capacity, but the reduced pressure 
permits of the employment of riveted reservoirs. The con¬ 
struction of the latter need not be dealt with here, being 
comparable with that of the steam drums of large water-tube 
boilers. Adequate drainage for condensed water and oil 
vapour, and akK> a manhole for inspection and cleaning, should 
be provided. These matters, as well as others dealing with the 
strength of the riveted joints, the quality of material to be 
used and the tests to be carried out on completion, form the 
subject matter of regulations by the various insurance societies 
and the Board of Trade. 
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Blast Piping System.—From the blt^t bottle the injection 
air passes to a main running along the back of the engine, 
where it is distributed by short lengths of pipe to the several 
fuel valves, as in Fig. 280. Where one fuel pump is provided 
for a number of cylinders the fuel distributors may be made to 
serve as distributing tee-pieces for the blast air. In marine 



engines it is usual to provide a shut-down valve, as in Fig. 281, 
to each tee-piece, so that the supply to any individual cylinder 
may be cut off. 

In addition, it is sometimes necessary (see Chapter XXIII) 
to provide a valve whereby the whole supply of blast air 
is automatically cut off when the 
manoeuvring gear is put into the 
stop position. The bore of the blast 
air supply pipe to each cylinder 
need not exceed about 2% of the 
cylinder bore, but is usually greater 
than this in small engines, to avoid 
the multiplication of standard sizes 
of unions. The blast air main may 
be about 4% of the cylinder bore 
for any number of cylinders up to 
about six. The same type of linion * 
may be used as has already been 
illustrated in Fig. 207 in connection 
with the fuel system. Other types 
of union are in use, notably the 
Admiralty Cone UnioHi which is also 
very serviceable. 
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The Starting Air Pipe System.—^With land engines it is 
quite common to provide two cylinders only with a starting 
valve when the number of working cylinders does not exceed 



valve is such that air is admitted through a port cast in the 
side of the cylinder cover. Any arrangement of piping is to 
be avoided which renders difficult the removal of a cylinder 
cover, hence the provision of an elbow on the latter. In other 
designs this elbow is cast integrally with the cover itself. 
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With marine engines all cylinders are provided with starting 
valves, to which the air is led through a steel main pipe line 
running the whole length of the engine. Fig. 283 shews the 
type of pipe flange most commonly used, the material being 
steel. The tee-pieces for distribution to the several cylinders 
may be of cast iron or cast steel. If the former material is used, 
the design should be very substantial, as in Fig. 284. The pipe 
lines should be securely clipped to the framework of the engine, 
otherwise there is liable to be severe vibration, due to the 
surging of pressure within the pipe. 

In large slow speed engines the diameter of the starting pipe 
may be about 0*07 to 0*1 of the cylinder diameter. In small 
high speed engines it is advisable to give the main distributing 
pipe a diameter of about 0-15 to 0-17 of the bore, in order to 
secure rapid acceleration. 

Starting Valves.—^These are usually 
located in the cylinder cover and 
operated by cams and levers, in the 
same way as the other valves. An 
arrangement less frequently used con¬ 
sists of a centralised air distributing 
box of rotary or other type remote 
from the cylinder covers but connected 
to them by distributing pipes. Loss of 
compression is obviated by the pro¬ 
vision of non-return valves in the 
cylinder cover. The centralised dis¬ 
tributing box may consist of a sleeve 
rotating in a casing in such a manner 
that the slot in the sleeve admits air 
successively to a number of ports com¬ 
municating with the several cylinders. 

In other arrangements a set of cam- 
operated mushroom valves is used. 

A similar scheme is used to dis¬ 
tribute air for servo-operated starting 
valves. 

A common type of starting valve is shewn in Fig. 285. No 
provision has been made here to prevent leakage p^t the 
spindle, and if the latter is a good ground fit in the casing the 
leakage should not be serious in amount. In large sizes of 
valve additional tightness may be secured to advantage by 
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the provision of a number of small Bamsbottom rings. It is 
usual to make the diameter of the piston part of the spindle 
the same as the smaller diameter of the valve head. The 
minimum spring compression should be equivalent to the 
maximum starting air pressure acting on an even area equal 
to that of the valve seat. The valve casing should be sub¬ 
stantially proportioned, to prevent distortion and consequent 
leakage at the seat or binding of the spindle. It will be noticed 
that with this design of valve, joints have to be made at A and 
B simultaneously. There is no practical difficulty about this. 
Joint A is usually made with a copper or white-metal ring. 
A slight modification is sometimes made by the introduction 
of two cone joints, as in Fig. 286. This also works well. 
Fig. 287 shews a type of starting valve in which the air is led 
to the top of the valve casing, instead of being introduced 
through a port in the cylinder cover. 

A useful type of starting valve, devised by the Burmeister 
and Wain Company for Diesel Marine Engines, is illustrated 
diagrammatically in Fig. 288. With this design the. valve 
becomes inoperative when the air pressure is removed and 
resumes working as soon as the pressure is restored. This 
results in a great simplification of the manoeuvring gear (see 
Chapter XXIII) by the elimination of mechanism which in some 
other designs is provided for the purpose of throwing the 
starting valves out of gear when the fuel is turned on. The 
desired result is achieved by attaching to the upper end of the 
valve spindle an air cylinder and piston, kept in constant 
communication with the air supply by means of holes through 
the spindle. In the absence of air pressure, the spring A is 
sufficiently strong to keep the piston B at the bottom of the 
cylinder C, thus removing the roUer from the range of opera¬ 
tion of the cam D. When pressure air is turned on the piston 
is forced to the top of the cylinder, and the valve remains 
operative so long as the force required to open the valve is less 
than the difference between the pressure load and the spring 
load on the piston B. 

Diameter of Starting Valves.—On theoretical grounds, 
the necessary diameter of starting valves would appear to 
depend on the pressure of the air supply, amongst other things. 
It so happens, however, that in those cases where a low pressure 
air system is the most convenient (viz. in large marine instal¬ 
lations) the multiplicity of'cylinders to which starting air is 
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supplied affords adequate starting torque with a relatively 
low mean starting pressure in each cylinder. The result is 
that roughly the same diameters of starting valve are used in 
either case, i.e. whether a low or high pressure starting system 
be adopted, typical figures being from about O'l of the bore 
in the case of large engines to 0*13 in small engines. 

With slow speed land engines it is very desirable to obtain a 
“ fat ” starting card, to overcome the inertia of the heavy fly¬ 
wheels which are usually necessary. An engine in good work¬ 
ing order should start firing in the first or second revolution on 



starting up cold. Airless injection stationary engines start up 
most readily from cold if starting air is not admitted to one 
or more cylinders. 

Air Motors.—^In large marine engines the work required to 
effect reversal of the valve mechanism when going from ah^ad 
to astern, or vice versa, is generally too great to be done with 
sufficient rapidity by a hand-gear, except in case of a break¬ 
down of the air motor which is usually provided for the 
purpose. In different designs the air motor takes various forms, 
of which some are mentioned below ;— 

(1) A small reciprocating engine (double acting), with two 
cylinders and cranks arranged at right angles. The 
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arrangement is almost exactly similar to the small 
auxiliary steam engines used on steamships for the 
reversing gear or the steering gear. Low pressure air 
is used, and the air motor is geared down by worm and 
worm-wheel, so that it makes a considerable number 
of revolutions for one movement of the reversing gear. 

(2) A single cylinder, with piston and rod, the reversing 
motion teing i>erformed in one stroke. This arrange¬ 
ment is suitable for high or low pressure air, and in 
either case the piston-rod must be extended into an oil 
dashpot cylinder to reduce shock. If the two ends of 
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the oil cylinder be connected to a hand pump, the 
latter may be used for reversing, in the event of a 
failure of the air cylinder. This scheme is illustrated 
diagrammatically in Fig. 289. 

The reciprocating motion of the piston-rod may be 
converted into rotary motion (one complete revolution 
or more) by a rack and pinion. 

(3) A rotary engine of the type which is frequently used as 
a pump in connection with machine tools, motor-cars 
and other small machines, and which is shown dia¬ 
grammatically in Fig. 290. This type of motor is only 
suitable for low pressures and is arranged to do its 
work in a considerable number of revolutions by 
means of worm gearing. 

Types (1) and (3) would appear to have the advantage of 
greater adaptability to varying pressures. It is an easy matter 
to gear the motor down so that it will turn under the lowest 
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air pressures anticipated. At higher pressures wire drawing 
at the ports prevents the attainment of an undesirably high 
speed. 

In type (2) hydraulic leather packings are used, and consider¬ 
able care should be taken in the design and the workmanship 
to eliminate all unnecessary sources of friction. The strict 
alignment of the two cylinders and the guided end of the rod 
deserve special attention. 

Literature.—Ford, J. M., “ Compressor Theory and Prac¬ 
tice.”—Constable. 
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VALVE GEAR 

Cams.—With few exceptions the valves are operated by 
external profile cams made of steel, hardened and ground on 
the face. In order to facilitate the removal of valves and 
cylinder covers, it is usual to arrange the cam-shaft to one side 
of the cylinders and to transmit motion from the cams to the 
valves through levers or a combination of levers and push-rods 
or links, i The arrangements in general use give an approximate 
one to one leverage between cam and valve, and the figures 
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given above for the width of cam face are based on this pro¬ 
portion. 

. Two forms of cam body for the air and exhaust valves of 
four stroke non-reversible engines are illustrated in Fig. 291, 
the dimensions being expressed in terms of the cylinder bore. 
Pig. 292 shews a combined ahead and astern cam for a large 
marine engine. The bosses should be bored a hard-driving 
fit on the cam-shaft, and their lengths should be machined 
accurately to dimensions, so that the complete group of cams 
required for one cylinder give correct spacing when driven 
hard up side by side. 

The fuel cam has to be of special construction, on account of 
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the necessity for precise adjustment of the timing, a^d a 
typical form is shewn in Fig. 293. The toe-piece is preferably 
made of hardened steel, but chilled cast iron is sometimes 
used. 

Profile of Cams.—The design of cam profiles for air, exhaust 
and scavenge valves is a matter of reconciling the claims of 
the following desiderata :— 

(1) Rapid and sustained opening. 

(2) Absence of wear and noise. 

In slow speed engines the question of noise hardly arises, 
and wear is easily kept to a reasonable minimum by adequate 
width of face. For such engines the tangent cam shewn in 
Fig. 294 is suitable. For high speeds a smoother shape, as 
shewn in Fig. 296, is desirable, and the relatively slow opening 
may be compensated by earlier timing.- Such profiles are 
easily drawn by deciding on some arbitrary smooth curve of 
roller lift, and plotting corresponding positions of the roller 
with respect to the cam, as in Fig. 296. Some designers favour 
a sinusoidal form of roller-lift curve. On theoretical grounds 
the cam profile should be based on the roller clearance circle, 
as in Fig. 297; this plan is adopted for high speed engines in 
the interest of noise reduction. 

The starting air cams are best given a sudden rise on the 
opening side to minimise wire-drawing (Fig. 298). 



I i 
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Blast air fuel cam profiles are a study in theifiselves, and 
the final decision rests with the test-bed engineers. The 
effective period is usually about 48 or 60 crank-shaft degnM, 
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or 24 to 26 cam-shaft degrees. The cam-piece should, how¬ 
ever, give a range about 25% in excess of this, after allowing 
for the normal roller clearance to aUow for lost motion in 
the gear. The tangent profile shewn in Fig. 294 is usually 
found quite satisfactory, but other shapes are used. 

Cam Rollers.—Engines having longitudinally fixed cam¬ 
shafts are usually provided with cam rollers of steel case- 
hardened and ground inside and out (Fig. 290) and having a 
diameter of about one-third that of the corresponding cams. 
The grooves provided for lubrication of the spindle should 
be noted. In marine engines in which reversal of rotation is 
efiected by the provision of ahead and astern cams mounted 
on a longitudinally movable shaft, the rollers require to be 
of large diameter (about 60% of the cam diameter), in order 
that the idle cam may clear the lever, as in Fig. 300. Rollers 
of this size may be of cast iron bushed with phosphor bronze. 

Valve Levers.—A common arrangement of 
valve levers and lever fulcrum shaft for four 
stroke land engines is shewn in Fig. 301. 
The fulcrum brackets are secured to the 
cylinder cover, and the latter may be lifted 
complete, with all valves and gear, and re¬ 
placed without disturbing the valve settings. 
With the arrangement shewn it is necessary 
to lift away the fulcrum shaft and levers 
before the various valves can be removed 
for regrinding. This very slight inconvenience 
is sometimes overcome by means of split 
levers or by provision of horse-shoe shaped 
distance collars on the fulcrum shaft, which 
when removed leave sufficient space to allow 
the levers to be moved sideways clear of the, 
valve casings. These devices are desirable in 
the largest engines only. Referring to Fig. 801 below, it will 
be noted that the fuel and starting levers ere mounted on an 
eccentric bush A, connected to the handle B. The latter is 
provided with a spring catch engaging with notches in the 
fixed disc C, iii accordance with the following scheme and 
the diagram shewn in Fig. 302. 

Top notch. —Running.—Fuel lever in its normal running 

position. Starting valve roller 
out of range of cam. 
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Middle notch. —^Neutral.—^Both fuei • and starting valve 

rollers out of range of cams. 

Bottom notch. —Starting.—Starting air valve lever in its 

working position. Fuel valve 
roller out of range of cam. 



Sometimes this arrangement is modified by keying the 
eccentric bush and handle to the fulcrum shaft and allowing 
the latter to turn in its supports. This scheme is useful when 
the disposition of the gear is such that an air suction or 
exhaust lever sepaxates the fuel and starting levers. This 
eccentric mounting of levers may also be used for exhaust 
lifting or to remove all the levers out of range of the cams 
during the axial displacement of the cam-shaft of a reversing 
engine. 
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Certain well-known marine makers of great repute do not 
consider it necessary to put the fuel valve out of action whilst 
the engine is running on compressed air, and content them¬ 
selves with suspending the supply of fuel to the valves during 
this period. 

The levers are generally of oast steel or malleable iron; but 


good cast iron may be used if the 
stress is confined to about 2000 
Ib./in.* Some alternative sections 
are shewn in Fig. 303. The forked 
end of the lever calls for very _ 
Uttle comment. Type A (Fig. 304) 
is a good design, but expensive. 
Tjrpe B is very commonly fitted 
and is open to little objection. 
Type C is the cheapest existing 




I i 
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construction, and if accurate cast¬ 


ings (machine moulded) are obtainable the only machining 
operation required is to drill and reamer the bole for the 
roller-pin. The two grooves for the taper-pin may be cast. 

In small engines the tappet-end may consist of a plain boss 
screwed to receive a hardened tappet-screw and lock-nut, 
as in Fig. 307. In larger engines the more elaborate arrange¬ 
ments shewn in Fig. 308 are usuaUy adopted. The bosses of 



the levers should be bushed with good phosphor bronze and 
provided with a dustproof oil cup of some description, in order 
to reduce wear to a minimum. With these precautions the 
bush should only require renewal at widely distant intervals 
and means of adjustment are unnecessary even in the largest 
sizes of engines. 
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The valve lever system for a small or medium sized four stroke 
airless injection engine is shown in Pig. 306. The levers are 
made of drop forged steel of H section and the fulcrum bosses 
are bushed with bronze tubes. Each end of each lever is 
provided with a hardened* ball-ended pin. One of these 
operates the valve through the intervention of a flat-faced 
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swivel i)iece and the other is screwed for the adjustment of 
clearance and is operated by a cup-ended push rod. If forced 
lubrication is used, provision must be made to drain oil back 
to the crankcase. Numerous modifications of this arrangement 
are in use ; for example roller or needle bearing mounting of 
the levers with grease lubrication. With forced lubrication the 
levers may be drilled with small holes for conveying oil to the 
ball ends. 

Fig. 306 shows two alternative methods of operating the 
push rods :— 

(a) by roller tappet, 

(b) by flat-faced cam follower. 

If the roller tappet is used, the tappet body usually slides 
in a bronze bush in the frame, slotted to engage with the roller 
and keep its axis parallel to the camshaft. Since the thrust is 
entirely transverse, the sides of the frame bossing may be 
flattened to save end space and weight. Plat cam followers 
frequently take the form of high duty cast iron pots chilled on 
the under face and allowed to revolve. 





460 


DIESEL ENGINE DESIGN 


Strength of Valve Levers.—^In four stroke engines the 
exhaust valve lever is the most heavily loaded. Although the 
force required to operate the suction valve is relatively small 
it is usual to make the inlet valve lever of the same section as 
the exhaust lever for the sake of uniformity of appearance, and 
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the same pattern may frequently be used for both. The loads 
imposed on the tappet-en^ of the various levers at the points 
of valve-opmiing are given below :— 

Fottb Stroks Engines 

Exhaust Valve. About 45 lb. per sq. in. of exhaust valve 
area+spring load+inertia of valve. 

Suction Valve. Spring load+inertia of valve+a maximum 

of about sib. persq. in. ofvalveareaifthe 
exhaust valve happens to be closing too 
early, due to excessive roller clearance. 

Starting Valve. 500 lb. per sq. in. of valve area +8pring load. 

Fud Valve, (a) Swedish type. 

r 1000 lb. per sq. in. of needle area+spring 
air load+inertia, all reduced by the leverage 

injection employed. 

I (b) Augsburg type. 

Difference between the spring load and 
1000 lb. per sq. in. of ne^e area at 
stuffing-box. 
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Two SritoKB Enodfes 

Scavenge Valves. Spritig load less scavenge air pressure into 
area of valve+inertia of valve. 

Fud, Exhavst and Starting Valves. As for four stroke engines^ 

All the above are of coarse subject to slight correction for 
fnction. 

By way of example, the main dimensions of the exhaust 
valve lever for a 20' four stroke cylinder 
are calculated below:— 

Data: 

Diameter of exhaust valve, 6*5 in. 

Fulcrum spindle and ex¬ 
haust valve lever centres, 
as in Fig. 300. 

Pressure load on exhaust 
valve 

=0*786 X 6-6* X 46=1490 lb. 

Spring load at, say, 8 lb. 
per in.* of valve area 

=0*786X6*6*X8= 266 1b. 

Inertia load, say . . _^ lb. 

Total load to open ex¬ 
haust valve 1796 lb. Fro. 3o». 



Reaction at fulcrum spindle, about 3600 lb. 

Bending moment at fiilmim spindle =- ^ -in. lb. 


Allowing a stress of 6000 Ib./in.*, 
d» 3600x6x18 „ 

10“ 6000 x 24 

d=3 in. 

Allowing for a bush thick and about f' metal at the boss 
the external diameter of the latter will be 6'. 

Sketching in the approx¬ 
imate outline of the lever, 
as in Fig. 310, it is seen 
that at the weakest section 
AA, the bending moment 
is about 1800 X 18*6 in. lb., 
and taking a stress of 



Fro. 310. 
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5000 Ib./in. for cast steel, the modulus Z of the section AA 

should be ——=6*66 in.® 

5000 

If the section AA is approximately I-shaped, as in Fig. lUl. 

then Z=b.t.h. nearly, “h” is 5*75, and 
therefore 

5*7 5 

which is satisfied by b=2*25 and t =0*515"'. 

The lever may be made of approximately 
uniform strength by tapering towards the 
ends, both in width and depth, as in Fig. 
312, whilst the flange and web thicknesses 
are kept constant. If a double bulb or 
other section is required, for the sake of 
appearance, and on casting considerations, 
it is a simple matter to sketch in such a 
section approximately equivalent to the 
simple I-section to which the calculation 
applies. 

Push-rods.—In some designs a push-rod is introduced 
between the lever and the cam-roller, as shewn diagram- 
matically in Fig. 266 ante, in order to enable the cam-shaft to 
be located at a low level. For this purpose bright hollow 
shafting, or even black lap-welded steam tubes are suitable, 
if not too highly stressed. 

For handy reference in designing such push-rods the follow¬ 
ing table, taken from Prof. Goodman’s “ Mechanics Applied to 



Fig. 311. 



Fig. 312. 


Engineering,” is given for the buckling loads of tubular struts. 
In using these figures it is advisable to use a factor of safety of 
not less than about 3 or 4, and in no case to employ stresses 
exceeding 10,000 Ib./in.® 
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Buckling Stress (Free Ends), Lb. per Sq. In. 


diameter. 
Ratio 5 ——r— 
length. 

Mild Steel 
(Tubes). 

Mild Steel 
(Solid). 

10 . 

59,000 

56,000 

20 

42,000 

33,000 

30 

29,000 

21,000 

40 

20,000 

13,000 

50 

14,000 

9,000 

60 

10,500 

7,000 

70 

8,200 

5,200 

80 

6,500 

4,000 

90 

5,500 

3,000 

100 

4,500 

2,500 


The jointed ends of the rods may be of forged steel bar or 
malleable cast iron bushed with bronze, as in Fig. 313. 

Cam-shafts.—In modern shops the cam-shaft may be 
rapidly and cheaply ground to size from black bars. In order 
to facilitate the driving on of the 
cams for a multi-cylinder engine 
the enlarged diameters are usually 
made of increasing sizes, differing 
by successive thirty-seconds of 
an inch, or thereabouts, as shewn 
exaggerated in Fig. 314. The same 
figure which represents the cam¬ 
shaft for a four stroke generating 
set of three cylinders also shews the 
method of supporting the shaft by 
means of a continuous trough with 
one bearing between each bank of 
cams. This arrangement has a very 
neat appearance and makes pro¬ 
vision for catching the oil which 
drips off the cams and rollers. In 
some designs the cams are allowed to dip into an oil-bath, 
the level of which is maintained constant by a small pump 
provided for the purpose, or by a connection taken fix>m the 
forced lubrication system. A copious supply of oil to the 
cams has the advantage of securing quiet running. 
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In other designs the cam-shaft u supported by heiuing 
brackets secured to the cylinders as in Fig. 315. In this case 
it is very desirable to fit light cast or sheet iron guards round 
each bank of cams. The cam-shaft bearings are divided 
horizontally for adjustment, and the shells may be of cast iron 



Fio. 314. 


lined with white-metal, solid gun-metal, or in small engines, 
where the cost of material does not outweigh the advantage of 
simplicity, of solid die-cast white-metal. Owing to the slow 
peripheral speed and t^e intermittent character of the loading, 
grease lubrication has been successfully used in the past on slow 
speed engines. Forced lubrication is now usual. 

A slightly different arrangement is shewn in Fig. ,31G. 



Here the shaft is supported by a sories of cam-troughs, one to 
each cylinder, each trough having two bearings. The extra 
rigidity of this artaogement allows of the cam-shaft diameter 
being reduced below the figure required with the other arrange¬ 
ments described. This division of the trough into segments is 
edvantageous firom the murafacturing point of view as the 
smaller parts are easier to cast and han<^ in the shops; also 
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one pattern serves for engines of any desired number of 
cylinders. 

With many designs, particularly of trunk engines with mono- 
block frames, the valves are most conveniently operated with 
push rods from a cam-shaft located in the crank-case or frame 
casting (see Figs. 7, 9 and 10). 

Strength of Cam-shaft.—^The size of cam-shaft required for 
a given engine would appear to depend not so much on the 
stresses to which it will be subject, as on the rigidity necessary 
to secure sweet running of the gear. For a four stroke engine 
the opening of the exhaust valve against the terminal pressure 
in the cylinder is the severest duty which the cam-shaft is 



called upon to perform. The load is applied and released 
fairly suddenly, and a cam-shaft lacking in torsional and trans¬ 
verse rigidity would undoubtedly be subject to oscillations, 
which in an acute case would give rise to the following evils;— 

.(1) Noisy action of cams, due to torsional recoil of shaft 
after each exhaust lift. 

(2) Interference with the timing of valves (particularly the 

fuel valves) of cylinders remote from the gearing end 
of the cam-shaft. 

(3) Chattering of the gear-wheels by which the shaft is 

driven. 

In view of the fact that as shaft diameters are increased the 
stiffness increases at a greater rate than the strength, it seems 
just possible that strength considerations might outweigh 
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those of stiffness in very large engines. On the other hand, 
if angular deflection of the shaft between contiguous cylinders 
be accepted as the criterion, then considerations of similitude 
give shafts of diameters bearing a constant ratio to the cylinder 
bores (or rather exhaust valve diameters) and constant stresses 
in all sizes if the terminal pressure is always the same. The 
fact that in practice relatively thinner cam-shafts are used in 
large engines may be due to the lower terminal pressures and 
moderate piston speeds obtaining in the cylinders of the latter. 

The following table shews the approximate diameters of 
cam-shafts used in practice on four stroke air blast injection 
engines of different sizes :— 

Bore of Cylinder in inches . . 6 10 15 20 25 30 

Diameter of Cam-shaft in inches li 2^ 3f 


The above figures hold for any number of cylinders up to 
four with the cam-shaft drive at one end, or eight with the 
cam-shaft drive at the centre. 

8tiffer cam-shafts are advisable if airless 
injection fuel pumps are driven from the 
cam-shaft; the above diameters may be 
increased about 20 to 30%. 

For two stroke engines the above 
diameters may be materially reduced in 
the absence of exhaust valves. Average 
figures for existing practice appear to be 
about 25% lower than those given above 
for four stroke engines. The fuel pumps 
and cylinder lubricating pumps are fre¬ 
quently driven off the cam-shaft, but any 
auxiliary gear, such as circulating pumps, 
etc., requiring appreciable power are best 
driven otherwise. 

Gam«shaft Drives.—For non-reversible 
engines, the spiral drive shewn diagram- 
matically in Fig. 317 is widely used. 
This drive comprises the following com¬ 
ponents :— 

(1) Lower spiral wheels. 

(2) Footstep bearing for vertical shaft. 

(3) Vertical shaft and couplings. 

(4) Upper spiral wheels. 
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The lower spiral wheels generally have a 1 : 1 ratio, so that the 
vertical shaft runs at engine speed. In some designs the ratio 
is li : 1, and the vertical shaft runs at 50% above engine 
speed. With the former arrangement the upper wheels have a 
ratio of 1: 2 and with the latter 1 : 3. 

The construction of the footstep bearing has already been 
commented on in Chapter XI. 
made the same diameter as the 
cam-shaft, or a trifle less, and 
for convenience in dismantling 
is sometimes made in two or 
three pieces, connected by coup¬ 
lings, examples of which are 
shewn in Fig. 318. The spiral 
drive has also been used for 
reversible two stroke engines, 
as it lends itself to a particular 
type of reversing motion, to be 
described later. 

A combination of spiral and 
bevel drive is also used as shewn 
diagrammatically in Fig. 319. 
and leads to a compact arrangement of valve gear. 

Reversible marine four stroke engines are usually fitted with 
some form of spur wheel drive, in order to enable the cam-shaft 
to be moved longitudinally, without undue complication. A 
floating cam-shaft with spiral drive necessitates the use of a 
splined seating for the upper spiral wheel. 

The drive sliown in Pig. 320 consists of a train of spur wheels 
from crankshaft to camshaft. With trujik engines having 
valves oj)erated by long push rods the camshaft is located 
relatively low down, and one idler wlieel generally suffices. 

* Fig. 321 shows a simple scheme of chain drive for a four stroke 
engine and Pig. 322 a more elaborate cliain drive for a tno cycle 
engine having a rotary blower running at about two or three 
times engine speed ; a single chain drives the camshaft and the 
blower, but the final drive for the blower includes a spur wheel 
speed increasing gear. 

Roller chains are in use for the camshaft and blower drives 
of the largest engines, including reversible marine engines, as 
well as small engines for road traction, etc. With small engines 
it is not unusual to arrange the chain drive at the end of the 

2H 


The vertical shaft is usually 



Fuj. 31S. 





Fio. 3lt». Fig. 320. Fm. 321. 
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cHigino reiiHito from the fly¬ 
wheel in spite of this being tJie 
position of greatest irregularity. 
With larger engines it is usual 
to arrange the chain drive at 
the flywheel end. For the 
larger sizes of marine engines 
in which flywheels are not 
fitted (apart fnJin light turning 
wheels of* negligible flywheel 
effect). the nodal j)oint is at the 
middle of the engine, and it is 
here that the drive for camshaft 
and blower is fitted. Ev’^en so 
it is ne(‘essary to include flexible 
cou])lings and/<u‘ slipjnng 
clut(‘hes to mitigate shock at 
reversals. 

Spur and Spiral Gear for 


I 

I 



Cam-shaft Drives.—The ques¬ 
tion of the strength of the teeth ^ 

hardly arises in this case, and ^ * 

the problem consists in the selection of materials and propor¬ 
tions giving quiet running and absence of wear. The following 
pairs of materials are in common use :— 


Driver, 


Follower, 


(1) Cast iron. Cast iron. 

(2) Steel. Cast iron. 

(3) Steel. Bronze. 


Of these, the pairs (1) and (3) appear to give the best results, 
With proper proportions and adequate lubrication, etc. 

In good practice, the normal circular pitch of the teeth is 
made about equal to one-twelfth of the cylinder bore for both 
spur and spiral gears, and the width of face about one-fifth of 
the cylinder bore in the ease of four stroke engines. It is a 
fairly safe rule to make the pitch as coarse as the smallest wheel 
will allow in the case of spiral wheels. With spur wheels fine 
pitches are not so objectionable as the sliding between the 
teeth m much less. 


For satisfactory running, the teeth must of course be 
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properly cut and the wheels accurately centred. The tooth 
clearance should not exceed about 2/1000^, and should be 
uniform all round. 

For particulars of tooth-gearing calculations the reader is 
referred to the special books devoted to this subject. The 
diagram shewn in Fig. 323 is very useful in the preliminai^ 
stages of spiral drive calculation. Suppose it is desired to 
design a pair of right-angle spiral wheels to say 1 : 2 ratio; 
first calculate the diameters of a pair of spur gears of the 
desired pitch and giving the desired ratio, viz. 1 : 2. Draw OA 
and OB equal to the pitch radii of the follower and driver 
respectively. Complete the rectangle OBCA and draw any 
line DCE, cutting the axes in D and E. Then DC and CE will 
be equal to the pitch radii of equivalent spiral wheels having 



spiral angles a and p and having a normal pitch the same as 
the circular pitch of the spur wheels first calculated. It usually 
happens that the wheel centres (DE) are fixed within approxi¬ 
mate limits by space considerations, and a process of trial and 
error is required to find suitable values for the number of teeth 
and the spiral angles. The latter should not be less than about 
27^^, as the efficiency falls off rapidly as this figure is reduced. 
Having obtained an approximate solution by the above 
method, the angles should be determined to the nearest minute 
by logarithmic trial and error calculation by means of the 
following relation 

AC BC 

—oH->,=DE=required wheel centres. 

sin cos )8 ^ 
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Reversing Gears.—In spite of early anticipations of diffi¬ 
culty, reversing gears for Marine Diesel Engines have attained 
a high degree of efficiency. On the score of simplicity, relia¬ 
bility and quick action they compare favourably with the 
corresponding parts of steam engines. A very great number 
of dififorent gears have been suggested and patented, but those 
in widespread use fall into two or three well-defined classes, 
which will be described below. 


Mi/vff iMtr 



Sliding Cam-shaft Type of Reversing Gear.—^This type of 
gear is the favourite for four stroke engines, though it is 
squally applicable to those working on the two stroke cycle. 
Ahwad and astern cams side by side are provided for the opera¬ 
tion of each valve. Reversal is effected by sliding the cam¬ 
shaft a few inches endways in its bearings, so that the ahead 
cam is removed from the action of the roller and replaced by 
the astern cam and vice versa. It is in general necessary to 


arrange means whereby the valve rollers may be swung clear 
of the cAm noses during the longitudinal movement of the 
shaft, otherwise fouls would occur. In some very small 
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engines the necessity for such provision is obviated by employ¬ 
ing curved-faced rollers adapt^ to slide up and down inclin^ 
faces between the ahead and astern cams respectively. 

The method adopted in some of the Bunneister & Wain 
engines is shewn in Fig. 324. A drum A is mounted on a 
cranked shaft B, on which are hinged drag links C, connected 
to the roller end of the valve push-rods D. Drum A is provided 
with a groove E, the developed shape of which is shewn ii^ the 
figure. This groove accommodates a roller F, attached to a 
movable collar bearing G. Shaft B is rotated in the direc¬ 
tion desired (“ ahead to astern ” or “ astern to ahead ”) by 




suitable gearing in connection with a reversing servo-motor 
or the like. Approximately one-third of a revolution of the 
shaft suffices to swing the rollers clear of the cams; meanwhile 
the cam-shaft is stationary. Another approximate one-third 
of a revolution causes the groove E to shift the cam-shaft from 
ahead to astern positions, or vice versa, whilst the valve rollers 
execute a harmless movement a little further out and back 
again. The remainder of the revolution of the weigh-shaft B 
replaces the rollers in their running position. 

In other engines of the same make, the developed shape of 
the groove E is executed on the back of a rack by means of 
which the straight line motion of a vertical servo-motor is 
converted into rotary motion of the weigh-shaft. This varia¬ 
tion is shewn in Fig. 326. 
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If separate means be adopted for removing and replacing 
the rollers, it is obviously possible to devise very simple means 
of shifting the cam-shaft, as in Fig. 326 for example. In such 
cases the two mechanisms must be interlocked to prevent a 
false manoeuvre. 

Experiments shew that the force required to move the cam¬ 
shaft longitudinally is about one-third of the weight of the 
cam-shaft, plus cams and other gear keyed thereto, and this 
figure may be used as a basis of calculation for this type of 
gear. It is advisable, however, to allow a fair margin of power, 
as the resistance to motion must always be a matter of some 
uncertainty. When the axial motion of the shaft has the 



effect of opening one or more of the valves, the resistance due 
to this cause must be added to that of the shaft itself. 

Twin Cam-shaft Type of Reversing Gear.—^With this type 
of gear, once a speciality of the Werkspoor Company, not 
only are separate cams provided for ahead and astern running, 
but the latter are mounted on separate cam-shafts capable of 
being slid into and out of action as required. Fig. 327 illus¬ 
trates the arrangement diagrammatically. The cam-shaft 
drive is usually by means of coupling rods. The chief advan¬ 
tage of this gear would appear to be the absence of special gear 
for swinging the rollers out of operation, this process being un¬ 
necessary. In recent Werkspoor engines this gear has been 
superseded by an arrangement of oblique eccentric bushes 
whereby the rollers are moved from the ahead to the astern 
cams and vice versa. 

Twin Roller Type of Reversing Gear.—^This gear depends 
on some form of link-work such as that shewn in Fig. 328. 
Rollers A and B lie in the planes of the ahead and astern earns 
respectively. In the position shewn the timing of the valve 
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is controlled by the ahead cam and roller A ; roller B is mean¬ 
while outside the radius of action of its cam. Rotation of the 
weigh-shaft C through a predetermined angle throws roller A 
out of action and brings roller B into action with the astern 
cam. This type of gear has been applied to both four and two 
stroke engines. 



A different arrangement, having some slight resemblance to 
the above, is shewn in Fig. 329. In this case there is only one 
roller which is swung from the ahead to the astern cam by a 
motion in a plane at right angles to the plane of the gear, llie 
roller face is curved to allow of this slight angular displace¬ 
ment from the vertical. The inherent defects of this mechanism 
probably render it unsuitable for use in eonjunction with any 
but the air starting valves. 

Selective Wedge Type of Reversing Gear.—^This ingenious 
gear, illustrated diagrammatically in Fig. 330, has been devised 
% Carels Freres and used in connection with the starting air 
and fuel valves of two stroke marine engines designed by them. 
Ahead and astern cams are provided side by side, and the valve 
roller A is wide enough to cover both. Between the cams and 
the lever is interposed a roller-wedge piece B, under control of 
a cam C, mounted on a manoeuvring shaft D. The latter is 
capable of independent rotary and endway motion. A suit¬ 
able rotary motion of the shaft D withdraws the wedge B to 
an extent which renders inoperative the ahead cam on which 
it rests. A longitudinal movement of shaft D carries the 
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wedge B with it, and a further rotation of D introduces the 
wedge between roller A and the astern cam, and vice versa 
for astern to ahead. It is to be noticed that by a suitable 
arrangement of the durations and sequences of the cams by 
which the wedges are operated the engine is caused to start up 
in any predetermined manner, as for example :— 

Position (1) Six cylinders on air. Fuel valves inoperative. 

„ (2) Three cylinders on air. Three cylinders on fuel. 

„ (3) Six cylinders on fuel. Air valves inoperative. 

Special Reversing Gear for Two Stroke Engines.—^With 
two stroke engines there are a number of means by which the 
duplication of cams may be avoided. Considering the case of 


T17.^ 


fuel Injection 
PcnoeJisUrtt / 


{Fuel Injection 
\ Period Aheod 
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Via. 331. 


an engine fitted with scavenge valves and n^lecting the start¬ 
ing air valves for the moment, the valve settings for ahead and 
astern will 1 m somewhat as shewn in Fig. 331. It will be seen 
that for both fuel and scavenge valves all that is required to 
effect reversrd is the rotation of the cam-shaft through a 
certain angle a for the fuel valve and jS for the scavenge valves. 
In some early engmes it was decided to select a=j3=about 30° 
to 36°, and so effect reversal of both valves by one movement. 
In later engines, however, it is more usual to use the rotation 
of the cam-slufft to reverser the scavenge valve only and adopt 
independent means, such as duplicate cams, etc., for the fuel 
and starting valves. The effect of the ro^tion of the cam- 



VALVE GEAR 


477 


shaft on the settings of the latter must of course be allowed for 
in fizi^ the angular positions of the fuel and starting cams. 

A simple method of effecting the desired rotation of the 
cam-shaft of a small engine is shewn diagrammatically in 
Fig. 332. Spiral drives are used and the vertical shaft is in 
two pieces, C and D, connected by a splined coupling permit¬ 
ting vertical movement of the upper half D. The vertical 



transmitting motion from the hand-wheel. The extreme upper 
and lower positions of D determine the ahead and astern 
running positions. 

If h—Lift of vertical shaft, 
s=Pitch radius of wheel B, 


Then p 


^Reversing angle in radians^ 
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In other arrangements the vertical shaft is moved as a whole, 
as in Fig. 333, and in calculating the amount of motion requited 
for a given reversing angle it is necessary to take into account 
the rotation of the vertical shaft due to the sUding between the 
lower helical wheels. 

Consider the case where both upper and lower gears have a 
ratio of 1; 1. Let a be the spiral angle of the orank'Shafb gear* 
wheel. 


Note that a<45°. 

Let h=Lift of vertical shaft. 

r^—Pitch radius of vertical shaft lower wheel. 
r|—Pitch radius of cam-shaft wheel. 

Then 

Rotation of cam-shaft due to axial movement of vertical 


shaft =— radians as before. 

r2 


Further, 

Rotation of vertical shaft due to sliding of lower spiral 

, , h'tan o 

wheels =- 


Tl 

Therefore, „ . , h 

Reversing angle=— 


± 


h tan a 

“ r~ 


With the arrangement shewn the positive sign applies when 
the upper and lower spirals have the same hand and the 
negative sign when they are of opposite hand. 

An inspection of the valve settings for ahead and astern, 
as shewn in Fig. 331 ante, reveals the fact that the “ reversing 
angle ” is always described in the direction opposite to the 
previous direction of motion. Advantage has bmn taken of 
this fact to obtain self-reversing valve settings by arranging, 
between the cam-shaft drive and the cam-shaft proper, a 
claw clutch having angular clearance between the jaws equal 
to the reversing angle. With this arrangement independent 
reversible gearing must be used for the starting air valves. 
A suggested improvement on the above is to provide mechanical 
means for taki^ up the slack between the jaws whilst the 
engine is standing, instead of allowing it to be suddenly tt^om 
up on starting. 

Manceuvring Gear8.T-In this connection the term manosnv- 
ring gear is applied to those mechanisms apart fhnu tile 
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reversing gear which come into operation on starting up a 
marine engine. 

The procedure differs in different designs, but in general the 
following remarks are applicable :— 

(1) When the engine is standing the blast air supply should 
be cut off, to prevent accumulation of pressure in any cylinder 
the fuel valve of which happens to be open. If means be 
provided for putting the fuel valves out of operation in the 
stop position the blast cut-out is not so essential, but is still 
desirable as a safeguard. 

(2) The blast air should be turned on automatically im¬ 
mediately the engine is started, although it is quite advan¬ 
tageous to provide an independent shut-off and regulating 
valve under the control of the engineer. 



(3) When the engine is standing the starting air should be 
cut off, as there is otherwise great loss of air due to leakage 
past the starting valves. The starting air shut-off may be 
automatic or hand operated ; if the latter, it should be opened 
and closed by one simple motion. An ordinary high pressure 
globe valve, fitted with a quick-threaded spindle, is suitable 
for this duty. 

(4) The foel pump suction valves should be held off their 
seats until such time as the fuel valves are in running position, 
independent of the position of the fuel control. 

(«) The fuel control should be a hancUe (not a wheel) with 
a wide range of movement between no oil and full oil. 

(6) A wheel, or better still a lever, is provided in connection 
with suitable mechanism for putting the starting valves into 
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operation at starting, and subsequently putting them out of 
operation when sufficient speed has )x;en attained to ensure 
firing in the cylinders. The same mechanism may or may not 
(in different designs) throw the fuel valve mechanism out of 
and into operation. Furthermore, in some designs the opera¬ 
tion of this gear is graduated, as in the following scheme, 
which refers to a six-cylinder engine :— 

First notch .—Six cylinders on air (starting). 

Second notch .—Three cylinders on air. Three cylinders on 
fuel. 

Third notch .—Six cylinders on fuel. 

The gear under consideration is connected with the fuel 
pumps and with the blast starting air supply, so that the 
following conditions are secured ;— 

(a) Movement of the lever towanls the .starting position 

automatically turns on the starting and blast uir. 

(b) Suction valves of all fuel pumps held off their seats. 

Further movement of the lever puts the starting valves of 
some or all of the cylinders out of operation, and simultan¬ 
eously allows normal operation of the corresponding fuel 
pumps and also of the fuel valves if these latter are arranged 
to be out of o{)eration during the time the starting valves are 
working. 

(7) Some simple type of interlocking gear is u.sually fitted 
to prevent the following false manoeuvres :— 

(a) Starting the engine before the reversing gear is in either 

the full ahead or full astern position. 

(b) Operating the reversing gear before the manoeuvring 

gear has been put into the stop position. 

Some of the means adopted to secure the conditions out¬ 
lined in sections (1) to (7) will now be described. Further 
reference need not te made to the reversing gear, as with the 
exception of the interlocking arrangements mentioned above 
the reversing arrangements are entirely independent of the 
manoeuvring gear. 

A simple type of manoeuvring gear is shewn diagram- 
matically in Fig. 335. The fuel and -starting leyers are eccen- 
trieally- mounted on fulcrum shafts, as described earlier in this 
chapter. Each fulcrum shaft A is connected by links and 




VALVE GEAR 


481 


levers to a manoeuvring shaft B, under the control of a hand 
lever C. In the upper position of lever O' all the fuel valves 
are in operation, and in the lower position the starting air 
valves. A link D connects the 
manoeuvring lever to an eccentric 
fulcrum’ on the fuel pump, by means 
of which the suction valves are lifted 
by suitable tappets provided for tliis 
purpose, during such time as the 
starting air valves are in operation. 

Another link performs a similar opera¬ 
tion on the blast air control valve, but 
in this case the connection is such 
that the. blast air is only cut off in 
the neutral or stop position of the 
manoeuvring lever. 

In some engines the above arrange¬ 
ments are adopted in principle, but 
two separate control gears and levers 
are provided for the forward and aft 
halves of the engine. The two control 
levers are placed close together, so 
that the engineer can work one with 
either hand. On starting he pulls both 
towards him, thus putting all cylinders under starting air. 
As soon as sufiicient speed has in his judgment been attained, 
he pushes one lever towards the fuel position. If firing starts, 
he then pushes the other lever into the fuel position. If on the 
other hand firing does not ensue, he may pull back the lever 
into the starting air position and try the other lever in the fuel 
notch. With an engine in good order it is probably advan¬ 
tageous to throw over both levers simultaneously. 

In other designs it is not necessary to operate the 
fulcrum shafts, as the starting valves automatically throw 
themselves into operation when starting air is turned on, 
and become inoperative when the starting air pressure is 
released. 

A great deal of ingenuity has been expended on the design 
of gears for throwing successive combinations of cylinders 
from “ air'' to “ fuel" positions by a continuous movement 
of a wheel. Some designers have even gone the length of 
combining the reversing and manoeuvring mechanisms so that 
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all positions ahead and astern are secured by clock-wise and 
anti-clock-wis(B rotation of this wheel. 

Interlocking Gears.—^The precise form which an interlocking 
gear takes in any design depends on the forms of mechanism 
adopted for the reversing and manoeuvring gears respectively, 
but the problem very frequently reduces to that of two shafts, 
either of which shall only be capable of movement in prescribed 
positions of the latter. A simple interlock for two parallel 
shafts subject to partial rotation, is shewn in Fig. 336. It will 
be observed that the manoeuvring shaft A can only be rotated 
when the reversing shaft B is in one of two positions (ahead 
and astern) defined by the positions of the gaps cut in the 
circumference of a disc keyed thereto. Furthermore, the shaft 
B can only be rotated from its ahead to its astern position (or 
vice versa) when the manoeuvring shaft A is in one position— 
the stop position. The solution when the shafts are at right 
angles, as in Fig. 337, is equally obvious. An indefinite 
number of other schemes could easily be devised to meet the 
requirements of different arrangements of gear. 

Hand Ck>ntrols.—It is essential that all the wheels and 
levers by means of which the engine is controlled should be 
grouped together so that they may be manipulated by one 




Fig. 337. 


man in one position. In the best known designs there are a 
pair of long levers for controlling the groups of cylinders in 
starting and passing over on to fuel. In' the Burmeister & 
Wain engines the same levers control the quantity of fitel 
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delivered to the engine cylinders. In eonie other designs a 
separate lever or wheel is provided for this purpose. In 
almost every case separate wheels or levers are used for 
reversing. The usual positions for the control station are at 
the centre or forward end of the engine on the bottom or 
top platforms. 

Literature.—Holmes, V., “ Reversing Systems of Large 
Marine Oil Engines.”—Inst. Automobile Engs., 1924. 
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LUBRICATION 

Forced Lubrication.—^The principal bearings of most Diesel 
Engines are now forced lubricated. The system may briefly 
be described as follows (Fig. 338). 

Oil from the bearings drains to the bottom of the crank 
chamber by gravity and is collected in a tank or depression 
called the sump. The suction of the lubricating oil pump is 
connected to the sump and a strainer of perforated metal is 
fitted to prevent rags or other matter being sucked into the 
pump. The pump discharges through a filter of fine wire 
gauze or other elements capable of trapping all solid matter 
above a certain small grain size. From the filter the oil passes 
to a cooler (if this is required) and thence to a pipe communicat¬ 
ing with each main bearing. The crank-shaft and connecting 
rods are drilled to enable oil to pass from the main bearings to 
the connecting rod big end bearings and thence to the gudgeon 
pins. The pressure of oil in the distributing pipe depends on 
the rate at which the pump delivers oil, the viscosity of the oil 
and the resistance which is offered to escape of oil from the 
bearings. The pressure is commonly from 5 to 25 Ib./in.*. A 
pressure gauge is fitted to the discharge side of the pump to 
indicate satisfactory operation and give warning of failure. 

Such a system, provided the pump discharge is adequate, 
ensures a copious supply of oil to each bearing and at the same 
time provides a means of carrying away the heat generated 
by friction of the bearings. The quantity of oil supplied is 
always greatly in excess of what is required for the formation 
of a lubricating film. Nevertheless the provision of a copious 
system of forced lubrication is no absolute guarantee of success¬ 
ful operation of the bearings. The oil pressure is a small 
fraction of the pressure which the bearings have to support and 
the formation of an adequate film depends on the design of the 
bearings in relation to the loading. 
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In large marine installations the sump takes the form of a 
double bottom tank to which the oil chains from the crank- 
pit and from which oil is pumped by a separately driven centri¬ 
fugal or rotary oil pump. In smaller engines the sump may take 
the form of a small tank or vessel placed a foot or two below the 



crank-case or merely a depression in the bedplate or bottom- 
half crank-case. 

Duplicate filters are frequently fitted so that an element may 
be cleaned without stopping the engine or bye-passing the 
filter (Fig. 338.) 

Lubricating oil coolers are sometimes dispensed with in 
relatively slow speed stationary -engines up to about 300 
B.H.F. when used in cold or temperate climates ; also with road 
vehicle engines in which the natural cooling of the bottom 
half of the crank-case may be sufficient. 
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In some engines oil is used for piston cooling and a oontoon 
system may 1 m used for this purpose as well as for lubrication. 
In such cases an oil cooler is essential and a larger oil pump is 
required. 

It is highly desirable that the bearings be flooded -with oil 
before starting an engine. If the oil pump is driven ^ofF the 
engine, this preliminary flooding may be done by a small hand 
pump. Alternatively means may be provided for turning the 
engine<driven pump by hand. This is easily accomplished by 
fitting a free wheel device in the pump drive and extending the 
pump spindle to receive a removable handle. 

In course of time the lubricating oil becomes contaminated 
with solid matter too fine to be trapped by the filter. There are 
two ways of dealing with this:— 

(1) Removing the oil, completely or in batches, from the 

system for treatment in a' cleaning plant consisting of 
centrifugal purifiers or fine grained filters. 

(2) Continuously passing a small flow of oil through purifiers 

or fine filters. 

Lubricating Oil Pumps.—For large marine installations 
vertical centrifugal pumps or rotary ^placement pumps are 
commonly used. The discharge, not including standby units, 
amounts to about:— 

25 to 40 tons per 1000 B.H.P. when the oil is used for piston 

cooling as well as lubrication, 

12 to 16 tons per 1000 B.H.P. when used for lubrication 

only. 

Stationary engines, small marine engines and engines for 
rail or road traction are fitted with lubricating oil pumps 
driven off the engine. The well-known cog-wheel pump is a 
favourite form and may be driven directly off the forward end 
of the crank-shaft or by chain from the crank-shaft or by 
gearing from the cam-shaft. It is not advisable to mount the 
. pump above the level of the crank-shaft otherwise difficulties 
may be experienced with the suction. The pump is sometimes 
immersed in the sump in quite small engines. This position is 
too inaccessible for engines of large or medium size. The 
capacity, for lubrication only, is about 0*8 to 1*4 tons per hour 
per 100 B.H.P. The pump ^charge should be provided with 
a relief valve discharging to suction or sump to prevent excessive 
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overpressure when starting up with thick'cold oil. The relief 
valve is preferably set to a fairly high pressure of 30 to 60 lb. 
per sq. in. to prevent starvation of bearings when the oil is 
cold and viscous and the pressure gauges should have ample 
overload capacity. 

Oil Filters.—^Apart from special proprietary designs, lubri¬ 
cating oil filters usually consist of well-supported fine wire 
gauze diaphragms, with interstices measuring about 6/1000' 
across, suitably housed. The greater the area available for 
flow the less the resistance and the longer the time which may 
elapse between cleanings. The gross area available for flow 
(i.e. interstices-f-wires) may be upwards of J in.* per B.H.P. 
The filtering elements must be easily removable for cleaning 
without interruption to the oil flow. For this purpose a bye- 
pass is sometimes arranged; alternatively a duplicate filter 
may be supplied with change-over valves. 

Oil Coolers.—^When oil is used for piston cooling the cooler 
should be capable of transferring about 8% of the total heat 
supplied by the fuel, whilst maintaining the lubricating oil 
at the desired temperature. The oil outlet temperature from 
the pistons should preferably not exceed about 140® F. The 
oil temperature leaving the cooler may be about 120® F. under 
tropical conditions. If local circumstances with stationary 
engines render these temperatures difficult of attainment, they 
may be exceeded by about 30° F if a suitable oil is used. 

When oil is used for lubrication only, and circumstances 
render a cooler necessary, it is advisable to reckon with a heat 
transfer of about 3% of the total heat supplied by the fuel. 
This is usually an over-generous estimate of the heat generated 
by bearing friction, but the oil picks up heat in other ways. 
The temperature of oil leaving the cooler need not be less than 
120° F., and if a suitable oil is used may be as high as 145® or 
even more in circumstances where cold water is not available 
for cooling. Stationary engines of about 300 B.H.P., having 
moderate piston speed and mean pressure, working 12 hours 
a day in a temperate climate with cooling water entering at, 
say, 90° F., can work without oil coolers and without the oil 
exceeding a temperature of about 120® F. Sometimes a 
compromise is made for moderate duty by fitting a simple 
cooler capable of transferring about 1% of the total heat 
supplied. 

One form of such a simple cooler consists of a “ hair-pin ” 
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oil pipe introduced into the cooling water manifold, or the 
water jacket. 

The usual type of oil cooler for dealing with considerable 
rates of heat transfer consists of a bundle of tubes with water 
flowing through the tubes and oil flowing transversely across 
them (Fig. 339). Small tubes with narrow spaces are more 


Oik OUT. OIL IN. 



Fio. 330. 


effective than large tubes with wide spaces. With the same 
ratio of space width to diameter, the coefficient of heat transfer 
varies inversely as the’ tube diameter to the power of about 
so that i'" O.D. tubes with ^ spaces are about 26% more 
effective than V tubes with i'' spaces. The coefficient of 
transmission depends upon the velocity of oil in the spaces, 
the viscosity of the oil, and the velocity of the water. The water 
speed has little influence provided it exceeds about 2 ft./seo. 
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Assuming that the width of spaces between tubes is a 
constant fraction, say of the tube diameter, the equation 
for the heat transmission coefficient on the oil side takes the 
form:— 

^^const.^^y^y approx.(1) 

Where, a=transmission coefficient. 
d=tube diameter. 

V =oil speed measured at minimum space —d/4. 
u=kinematic viscosity of oil. 
k=conductivity of oil. 
h =difFusivity of oil (see p. 80). 

Assuming k and h approximately constant for lubricating oils 
we have:— 

a=const. (d)“i.(V)l.(i;)i 

Within the practical range t; is nearly proportional to the 
Redwood number. 

Experiment shows that with :— 

d=r ) 

V=4 ft./sec. / theu a=120 approx. 

V corresponding to Redwood No. 1=150 ) 

A reasonable value of a with the above data to allow for a 
certain amount of fouling and incrustation ic 
a=70 B.T.U./ft.2 hour deg. F. 

Example 1.—A 500 B.H.P. stationary engine consumes 0-38 
lb. of fuel per B.H.P./hr. The cooling water inlet temperature 
is 140° F. and the outlet 160° F.; 20% of the total heat is 
absorbed by the water. The lubricating oil flow is 6 tons per 
hour and absorbs 3% of the total heat; specific heat of oil 
0*5. It is required to find the surface area of a cooler to main¬ 
tain an oil temperature of 155° at the cooler outlet. 

Total heat supply 0*38x 500X 18,000=3-42x 10* B.T.U./hr. 
Heat to water 0-20 x 3*42 x 10* =0-68 x 10® „ 

„ „ oil 0-03x3-42x10® =0-103x10® „ 

Water flow=0-68x10®-^( 160-140)=34,000 Ib./hr., i.e. 6-8 
gals./B.H.P./hr. 

Temperature rise of water in cooler 103,000-^34,000=3° F. 
Mean water temperature in cooler 141-6° F. 
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Drop of temperature of oil in cooler 


. 103,000 
'0-6 x 6 x 2240“" 


16° F. 


Mean oil temperatmo 166rf-7'6=162‘6° F. 

Mean temperature difference 162-6—141'5=21° F. 


Required surface of cooler=^^^^=70 ft.®. 


Examfile 2 .—A marine engine of 6000 B.H.P. consumes 0-36 
lb. of fuel per B.H.P. hr. The cooling water inlet temperature 
in the tropics is 96° F., and the flow of water is 260 tons per 
hour. The lubricating oil flow which is also used for piston 
cooling amounts to 200 tons per hour, and absorbs 8% of the 
total hmt supplied. It is required to find the surface area of a 
cooler to maintain an oil temperature of 126° F. at the cooler 
outlet. 

Total heat supply 0-36 x 6000x i8,000=39x 10* B.T.U./hr. 

Heat to oil=0 08 x 39x 10«=31xl0« B.T.U./hr. 

Temperature rise of water in cooler, 

3-1X 10«-;-(260x 2240)=6° F. 

Mean water temperature in cooler=98° F. (i.e., 96+3). 

Drop of oil temperature in cooler, 

31X10« 

0-6x200x2240 

Mean oil temperature=126+7=132° F. 

Mean temperature difference 132—98=34° F. 

Required surface of cooler, 

3-1X10® 


34x70 


=1300 ft.®.* 


It is not strictly correct to use the arithmetic mean tempera¬ 
tures of oil and water in evaluating the mean temperature 
difference, but the error in the above two examples is small. 
Correcting factors are tabulated under :— 


Ri= 123466789 10 

Ra= 1-00 0-96 0-91 0-87 0-83 0-80 0-77 0-76 0-73 0-71 
Ri= Ratio of maximum to minimum temperature difference 
between fluids. 

R 2 = Ratio of true mean temperature difference to arith¬ 
metical mean temperature difference. 


* For 6000 B.H.P. a more usual allowance of oil cooler surface is about 
1600 to 2000 ft.* giving a wider margin against incrustation, fouling, thioksr 
oil, etc. , 




LUBRICATION 


491 


For Diesel locomotives oil coolers are frequently fitted of a 
type similar in all essential respects to motor car radiators. 
These are usually designed and built by specialist firms. 

Forced Lubricated Bearings.—Bearings supplied with the 
bare minimum of oil required to maintain a film against con¬ 
tinuous end leakage require pockets and grooves to distribute 
the oil to best advantage. To some extent pockets and grooves 
interfere with the formation of a film of maximum thickness by 



Fig. 340. 


■providing additional paths for the loss of the oil pressure, 
generated by the dragging in of oil by viscous adhesion. With 
forced lubricated bearings advantage should be taken of the 
copious oil supply to reduce pockets and grooves to the 
minimum consistent with adequate distribution. 

Earlier practice consisted in providing each bearing with, 

(a) Side pockets, 

(b) A complete circumferential groove plain or staggered 

(see Fig. 340). 
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This arrangement provided for continuous communication of 
idl bearings with the source of supply. Unfortunately the cir¬ 
cumferential groove greatly reduces the resistance offered by 
the film to being squeezed out under pressure. It is therefore 
becoming increasingly common practice to curtail the circum¬ 
ferential groove in connecting rod big ends, but small side 
pockets appear to be desirable for the purpose of distributing 
the oil supply over the width of the bearing. With this arrange¬ 



ment the oil supply to the big end is intermittent, being a maxi¬ 
mum when the oil hole in the crank-pin coincides with a groove 
in one of the side pockets. The oil supply to the connecting rod 
small end may pass through a single hole at the crown of the 
bearing or a pair of holes communicating with the side pockets 
(see Fig. 341). The oil supply both to the big and small ends of 
the connecting rod is materially reduced by these arrangements 
as compared with the earlier system, but experience seems to 
shew that on small and medium size engines, at any rate, the 
oil supply is sufficient. Furthermore the reduction in oil supply 
to the connecting rod helps to reduce the oil consumption of 
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trunk engines. The omission of the circumferential oil grooves 
in the main bearings would still further reduce the flow, but 
there would appear to be some advantage in interrupting the 
circumferential oil groove at the points of maximum pressure. 
In some examples the top main bearing bush is grooved and 
the bottom left plain. 

Considerations of torsional vibration of crank-shafts tend 
towards the use of journals of large diameter and narrow width 
(see Fig. 342). A circumferential groove in the bearing redu^ 
the surface to a pair of narrow bands from which oil is more 
easily squeezed out by pressure, than with 
wider bearings. Some mitigation of this 
condition by curtailment of grooving is 
worth consideration. 

With slow revolution main bearings of 
large diameter it is usual to provide some 
oil grooves in a longitudinal direction to 
prevent dry patches. Such provision would 
appear to be particularly appropriate . 
in two stroke single-acting engines in 
which the pressure is mainly downwards. 

Longitudinal grooves (in conjunction wi .h 
a circumferential groove) are also used for 
gudgeon-pin bearings, the grooves being 
sometimes spaced at an angular distance 
apart equal to the angular swing of the 
rod (Fig. 343). All longitudinal grooves 
should be well rounded at the edges to 
prevent scraping of the oil film. 

In many of the above respects practices differ widely in 
different designs and the above notes are indications of the 
considerations involved. 

Cylinder and Piston Lubrication.—^Many trunk engines 
running at about 300 R.P.M. (possibly less) and upwards rely 
entirely upon oil thrown from the connecting rod or oil mist 
for cylinder lubrication. Slow miming trank engines and all 
crosshead engines are fitted with positive sight feed lubricators, 
usually supplied by specialists. There is great diversity of 
practice with regard to the number and location of the quills, 
i.e. fittings at which the oil is introduced to the surface of the 
cylinder liner. 

The following are representative:— 
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J 


Four stroke 
S.A. engines 


Two stroke / 
S.A. engines \ 


Double acting J 
. engines 1 


One to six quills per cylinder with or without 
circumferential distributing grooves in 
liner. Quills are level with second piston 
ring from top at bottom dead centre. 

As above with quills sometimes arranged 
above level of cylinder ports. 

Four to eight quills per cylinder arranged at 
two levels about half-stroke above and 
below centre of cylinder. 



Fio. 343. 


Cam>8haft Lubrication.—Cam-shaft bearings are usually 
forced lubricated. In large marine engines the cams require 
little oil and may be hand lubricated. In smaller engines the 
cam-shafts may be totally enclosed and the cams allowed to 
dip into an oil bath. If the cam-shaft is housed in the crank¬ 
case the cams may receive sufficient oil by splash from the 
connecting rod and crank-webs. Boiler pins and the like are 
sufficiently lubricated by capillary action provided there are 
sufficient grooves or slots to give access to the wearing surfaces 
and the neighbouring metal is drenched in oil. The intermittent 
loading of such pins gives rise to a pumping action in the 
clearance spaces l^tween the rubbing surfaces and this action 
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gives a sufficient supply of oil to the surfaces provided the above 
conditions are satisfied. 

Lubrication of Valve Gear.—Inlet, exhaust and starting air 
valve spindles, also valve levers, require‘a certain amount of 
lubrication. If the valve gear is exposed a few drops of oil may 
be applied from time to time by hand, preferably through dust 
proof oil cups at each point. If the valve gear is totally enclosed 
the valve levers may be .forced lubricated, in which case it is 
advisable to make arrangements to catch the oil extruded firom 
the lever bushes and lead it back to the crank-case; the aim 
being to keep the cylinder tops as dry as possible. If the valve 
levers are mounted on roller or ball bearings it is only necessary 
to provide a grease gum connection for use as required. The 
starting valves can be given a few drops of oil from time to time 
by hand. Inlet and exhaust valve spindles may be catered for 
by drip feeds outside the casing and connected by pipes to the 
jcaquired spots. 

Miscellaneous Gear.—Governor gear, indicating gear, cam¬ 
shaft driving gear and all other working parts should be care¬ 
fully considered from the point of view of lubrication, leaving 
nothing to chance. A connection to the forced lubrication 
system is usually the best source of supply. If splash firom 
other moving parts is relied upon, arran4ements must be made 
to guide the oil to each rubbing surface (see remarks undor 
cam-shaft lubrication). It is unwise to provide oil holes which 
can be blanked off by the accidental turning of a bush, even 
if a looking pin is provided. This contingency is easily avoided 
by turning a groove in the outside of the bush (see Fig. 344). 
Small pins are preferably case-hardened and ground. 

Theories of Lubrication.—^The t 3 rpe of journal bearing which 
has been most fully studied in theory and experiment is the 
so-called half bearing subtending an angle of 30° to about 180° 
and subject to a constant load. For any such bearing it can 
be shewn that the relation between the coefficient of fnction n, 
the pressure intensity P, the angular speed n and the viscosity 
Z takes the form, 

-<f) 

This relation is independent of absolute size so long as relative 
proportions remain unchanged and the difference between 
bearing radius and journal radius is proportional to either. 
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With this proviso the same formula applies to any design of 
journal bearing, even if subject to loading variable in intensity 
and direction, provided the frequency of the cycle of pressure 
variation varies as “n.” The formula shews that angular 
speed is of fundamental importance rather than rubbing speed. 



Fig. 344. 


Fig. 345 shews graphically a typical relation for a fully 
lubricated half bearing under constant load. The region A to B 
is unsafe and seizure is liable to occur as a stable oil film is not 
fully established. The region beyond B toward C is the safe 
region corresponding to a stable film separating the “ rubbing ” 
surfaces. As the film passes through the bearing the viscosity 
of the oil forming it is reduced by temperature rise and the 
viscosity Z should refer to a mean value of the viscosity of the oil 
forming the film. Supposing the point “ K ” refers to particular 
valves of n, Z and P, applying to a particular bearing. If now 
n be increased (say doubled) whilst P remains constant, the 
rate of generating heat by friction will be increased and Z will 
fall, so that the value of x=nZ/P will be less than doubled. 
It is conceivable that the reduction of Z might be such that x 
would actually be decreared, but this does not appear probable. 
With a constant high value of P the bearing is more likely to 
seize at low revolutions than high. With reciprocating 
machinery increased revolutions eventually lead to increased 
values of P, due to inertia and centrifugal force, which vary 





LUBRICATION 


497 


as n*, so that if u is steadily increased tlie value of x will 
at first increase, then reach a maxiihum and then decrease 
again: 

It is unfortunate that complete journal bearings subject to 
pressure varying in direction and/or magnitude have not been 
much studied under laboratory conditions, but there seems to 
be no doubt that the successful operation of such bearings 
under very high pressures in reciprocating machinery is dtie 
to the periodical partial refilling of each part of the bearing 
clearance when the thickness of the clearance at that part is 



Fia. 346. 

momentarily increased by the fluctuation in the direction of 
resultant pressure. Even in two cycle single acting engine 
main bearings, in which the pressure is mainly outward fi'om 
the cylinder, there are forces which vary the direction of 
resultant pressure through a certain angle, and such bearings 
under forced lubrication work excellently. 

With gudgeon pin bearings the angular variation in the 
direction of pressure is small in the case of two cycle single 
acting engines; two ways of ensuring lubrication in these 
circumstances are:— 

(1) Supplying the oil at a pressure (200 to 300 Ib./in.*) in 

excess of the minimum pressure on the bearing. 

(2) Providing longitudinal grooves with a pitch equal to the 

movement, so that a film is drawn over each element 
of surface. 
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Lubricating Oils.—Builders of Diesel Engines frequently 
issue specifications giving the viscosities at various tempera¬ 
tures, the flash points, and other physical properties to be 
expected of oils suitable for the various services of their engines. 
Guided by such specifications Diesel users find by experience 
the grades of oil which give the best all round results, taking 
cost into consideration. The following notes give merely a 
rough indication of some of the properties of oil which are 
found suitable. 

The following notes refer to straight mineral oils. 

Specific gravity is an indication of origin ; paraffin base oils 
(Pennsylvanian) have a specific gravity at 60° F. from about 
*87 to ‘90 ; asphaltic base oils have a S.G. of about *90 to *95 
at the same temperature and viscosity; S.G. increases with 
viscosity in each case. 

The specific gravity decreases with temperature at the rate 
of about 3% per 100° F. 

The specific heat at 60° F. varies from about 0-45 to 0-50 
for different oils. It increases with temperature at the rate 
of about 13% per 100° F. ; the value 0-5 is near enough for 
most ordinary calculations in the absence of more exact 
data. 

Viscosities of lubricating oil vary over a wide range. For 
cylinder lubrication of large double acting engines, oils of 
high viscosity are required. Single acting engines even of large 
diameter up to 30* or so can use less viscous cylinder oils. 
For trunk engines up to about 16' diameter a single oil is 
frequently us^ for cylinders and bearings. 

]^g. 346 shews viscosity curves for six representative lubri¬ 
cating oils, and the table below is a rough guide to their 
application:— 

R.P.M.X 

VB.H.P. 



per cyl. 



Double 

Tjrpe of Engine. 

up to 

Cylinders. 

Bearings. 

Purpose. 

Double acting 

. 6000 

A,B 

D 

— 

CroBshead single acting 

.. 3000 

C,D 

D 

D 

>» 99 

. 2000 

D 

F 

D 

Trunk engines 

. 7600 

— 

— 

D 

99 99 • 

. 4000 

— 

— 

E 

19 99 • 

. 2000 

— 

' — 

F 
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If the temperature of the bearing oil leaving the cooler exceeds 
about 130° F., oils of higher viscosity may used. 

Piston cooling oil is usually the same as the bearing oil. 

Literature.—Smith, P. H., “ Diesel Engines, excessive 
Lubricating Oil Consumption.”—Constable. 

Boswall, R. D., “ The Theory of Film Lubrication.”— 
Longmans, Green. 
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THE COOUNG WATER SYSTEM 

Heat Flow to Cooling Water.—^The amount of heat trans¬ 
ferred to the cooling water of a Diesel Engine amounts at full 
load to about 18 to 26% of the total heat supplied by the 
fuel. If the exhaust manifold is water cooled the latter figure 
may be increased to about 30%. Adopting the figure 26% 
and a fuel consumption of 0-37 Ib./B.H.P. hour the amount 
of heat carried away by the cooling water at full load is 

0-26 X 0-37 X 18,000-=1660 B.T.U./R.H.P. hour. 

At no load fuel is consumed at about I of the full load rate 
and about K of the heat value ultimately finds its way into 
the cooling water. The heat rejected to cooling water at no 
load therefore amounts to about 

^?^X^^=740 B.T.U./hr. per fuU load B.H.P. 

0 0'25 

This is about 46% of the full load amount. These and approxi¬ 
mate figures for other loads are tabidated under :— 

B.T.U./hr. perfuU 

Load. load B.H.P. 


0 

. no load 

740 

i 

. quarter 

970 

i 

. half . 

1200 

i 

. three-quarters - . 

1430 

1 

. full . 

1660 

1* • 

. 10% overload 

1890 

H ■ 

. 20% overload 

2120 


The distribution of heat among the cylinders, covers, pistons, 
etc., has been considered in Chapter XV; here we are chiefly 
concerned with the total amount. 

The Flow of Cooling Water.—The rate of water circulation 
depends on the temperature rise admissible or desirable. 
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The following table gives the flow in galls, per minute per 
full load B.H.P. to deal with 2120 B.T.U./hr. per full load 
B.H.P. @ 20% overload, for various values of the temperature 


nse. 

Temperature Rise 
F. deg. 

10 

16 

20 

25 

30 

36 . 

40 
60 
60 


Water Flow in galls, per hr. 
per full load B.H.P. 

21-2 
141 
10-6 
8-6 
71 
61 
6-3 
4-2 
3-6 


In general a large flow of water with a small temperate rise 
is to be preferred. If the soiurce of supply is too cold for 
satisfactory and economical operation of the engine this can 
be correct^ by returning part of the warm discharge water 
to the pump suction. I^et and outlet temperatures will be 
discuss^ under the various systems described below. 

Direct Cooling by Salt Water.—^In the tropics sea tempera¬ 
tures as high as 96° F. are experienced and it is not advisable 
to allow the outlet water temperature to exceed about 136° F. 
This gives a temperature rise of 40° F. The above table gives 
6*1 galls, or ^ ton per B.H.P. hour. The salt water enters 
the ship by way of a ship-side valve provided with a strainer, 
and passes thence through a weed box to the blast air com¬ 
pressors (if fitted) and the lubricating oil cooler. It is usual 
to pass the whole quantity of water through the blast air com¬ 
pressor and oil cooler in series in order to secure for these 
organs the lowest possible temperature conditions. Then the 
water passes to a main alpng the engine by which it is dis¬ 
tributed by branches to the several cylinders. The discharge 
from each cylinder is controlled by a valve discharging to a 
common outlet pipe, which leads the water overboard t^ugh 
a ship-side discharge valve. In some instances the pistons are 
cooled by salt water, in which case appropriate inlet and outlet 
branches with control valves are arranged for each piston 
cooling gear. Thermometer pockets are arranged at inlet and 
outlet, and permanent thermometers axe fitt^ at the water 
discharge from each cylinder. 
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The disadvantages of this system are as follows :— 


(1) The unavoidable deposit of salts in the hotter parts of 

the cylinder jackets, particularly cylinder covers. 

(2) Accumulation of mud, sand, etc., in the water spaces. 

(3) In cool waters the temperature of water entering the 

cylinder is undesirably cold. 


A better but more expensive system is described below .' 

Indirect Cooling by Salt Water.—In this system the water 
jackets and sometimes the pistons are circulated with fresh or 
distilled water. The fresh water and lubricating oil are cooled 
in heat exchangers of the condenser type, through which salt 
water is circulated. If blast air compressors are fitted they are 
circulated with the same salt water which is used in the heat 
exchangers. An incidental advantage of this system consists 
in the ease with which the jacket water can be heated by a 
steam jet during cold weather in port. The chief advantage is 
the elimination of incrustation and sludge. 

In the fresh water cooler, the salt water passes through the 
tubes and the fresh water outside. The fresh water may pass 
over the tubes transversely or longitudinally in several passes. 

The heat transmission coefficient from waW passing tl^ugh 
a I" bore tube at 4 ft./sec. to the inside wall of the tube is 
about 1500 B.T.U./ft.* hr. °P. With a similar longitudinal 
water speed on the other side of the tube the overall coefficient 
of heat transfer from fresh to salt water works out at about 
700 B.T.U./ft.® hr. °F. Fouling of the tubes after a few 
voyages may reduce this figure to 200 or less. If we adopt the 
latter figure to avoid frequent cleaning and assume a mean 
temperature difference of 20° F. between the salt and fresh 
water, and a heat flow of 1200 B.T.U./B.H.P. hr. (if the fresh 
water cooler has only to deal with cylinders and covers and not 
the piston cooling) the required surface works out at. 


1200 

200x20 


=0-3 


ft.*/B.H.P. 


Direct Cooling with Unlimited Supply of Fresh Water.— 
This system arises in connection with stationary plants adjacent 
to lakes, rivers, or canals. It is generally similar to the first 
system mentioned above and sufiers from like disadvantages. 
The water outlets from each cylinder are sometimes led to an 
open funnel or tundish, at which the flow can be observed. 
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In addition to the possibility of incrustation and the collection 
of mud in the jackets there are dangers of corrosion due to 
dissolved oxygen or chemical refuse, etc. 

Care must be exercised in arranging the water pump suction 
in such a way that only reasonably clean water is drawn into 
the system. It is usual to provide a reserve pump and/or 
an 9 verhead tank with a capacity equal to about half an hour’s 
flow. For reasons indicated, there is a growing body of opinion 
in favour of indirect cooling, using heat exchangers as described 
above for salt water. 

Cooling with Restricted Water Supply.—^Where water is 
scarce or expensive it is necessary to circulate the cooling water 
and transfer the heat to atmosphere at some part of the circuit 
by means of one or other of the following means :— 

(1) Cooling tanks. 

(2) Cooling pond. 

(3) Cooling tower. 

(4) Natural draft radiator. 

(6) Forced draft radiator. 

Methods (1) and (2) depend partly on radiation and natural 
connection, aided by wind, and partly on the cooling effect of 
evaporation. In method (3) the actions are intensified by the 
breaking up of the flow into drops falling through the air with 
considerable speed under gravity. In certain types of forced 
draft radiator (item 6) the water is drawn into thin films over 
the cooling elements and comes into direct contact vrith the 
cooling air. In all these cases the make up feed is considerable 
and may amount to 3% of the flow. If the make up feed is too 
hard softening may be desirable. 

Natural draft radiators may be successfully used at the top 
of high buildings or other exposed situations. 

Forced draft radiators of the enclosed type provide the 
simplest solution for road and rail traction purposes. 

Capacity of Cooling Water Tanks.—Consider a 16 B.H.P. 
engine rejecting, say, 2000 B.T.U. per B.H.P. hr. to the cooling 
water provided with ciroulsur cooling water tanks 3' 0* dia. 
X 7'0'high. Let the maximum and minimum water tempera¬ 
tures be 150° F. and 100° F. respectively, and the air tempera¬ 
ture 60° F. For simplicity of calculation, suppose the tanks 
connected in parallel; in practice they are commonly con¬ 
nected in series. 
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The area of the Burface of water is 7 ft.’ and that of the side:: 
66 ft.* for each tank. The temperature difference between 
water surface and air=150—60=90° F. The mean tempera* 
ture difference between tank sides and the air=i^(150-f 100)—60 
=66° F. Neglecting heat lost by evaporation the coefficient of 
heat transmission is about 1*6 B.T.U. per ft.* hr. °F. The 
total heat dissipated is therefore 

1-6 (7x90+66x66) =7300 B.T.U./hr. per tank. 

The required number of tanks is therefore 
16 x 2000 
7300 

Probably three tanks would be sufficient in most instances. 
Their total capacity would be about 136 ft.®=8600 lb. of water, 
and the initial rate of temperature rise would be 
16 x 2000-r8600=3'8 °F. per hour. 

This rate of temperature rise would diminish progressively 
as the water becomes heated above the air temperature. 

If the engine runs 8 hours a day on full load and shuts dovn 
with water temperatures of 160° F. and 100° F. (mean 125° F.) 
the initial rate of fall of temperature will be 

3 X 7300^8600 =2-6 ° F. per ho'jr. 

A few trials shew that the mean rate of fall during the next 
16 hours will be about 2-0° F. per hour, so that the mean water 
temperature on starting next ^y will be 126—2x 16=93° F. 

The rate of heat emission at starting will be 3 x 1-6 x (7 +66) 
(93—60)=10,800 B.T.U./hr. 

At shotting down 3 x 7300=21,900 B.T.U. hr. 

Mean =16,360 „ „ 

Heat accumulated in water per hour of running time 

O 

Total heat flow accounted for, 

34,000+16,360=50,350 

which is in excess of the required amount, viz., 32,000 B.T.U./hr. 
This means that the mean water temperature of 125° F. will 
not be attained. 

Head Available for circulation.—If, 
a=height of water jacket measured from water inlet to 
water outlet. 
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bs=he4^t of water tank measured in the same way. 
ossheight from water outlet firom jacket to bottom of tank. 
8|=8peoific gravity of water at inlet to engine. 
s,=:^tto at outlet from engine. 

Then the head available for circulation is approximately, 

(Si-S,) 

For example, s^ for 100° F. = 0-993 
Bt „ 150° F. = 0-980 
Si—Sj = 0-013 

Leta=l,b=6-6,c=2ft. 

Then head available for circulation is, 


0-013 ^2 =0-076 ft. 

The piping and fitting must be large enough in bore to give 
the requi^ flow with this head. 

The required flow is. 


16 x 2000 
(150-100) 


=640 Ib./hr. =64 galls./hr. 
=10-2 ft.*/hr.=4-9 in.*/sec. 


If the piping is li" bore (1*77 in.* area) the velocity is 
0-23 ffc./sec., and the velocity head is 0-00082 ft., so the 
available head is 92 times the velocity head. 

To find Reynolds number for the water flow. 


v=about 0-0052, d=3*8 oms. V=12-4 oms./sec. 


Vd 

V 


12-4x3-8 

0-0052 


=9,000, which is above the critical value, so 


the resistance must be calculated for turbulent flow. For this 
value of Re 3 molds number the velocity head is lost about every 
20 diameters (rough pipe). If the totd length of pipe is, say, 
40 ft.=40x 12-7-1^—320 diameters, the total loss of head will 
be made up about as follows:— 


Item* 

Tunes velocity head 

Pipe friction 320- 7-20 

= 16 

10 sharp bends 

= 10 

2 valves 2 x 20 

= 40 

66 
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which is less than the available head of 92 times the velocity 
head. 

This very rough calculation is merely indicative of the 
method of dealing with such a problem. 

Cooling Ponds.—^Where space is limited a cooling pond 
may sometimes be conveniently arranged on the roof of the 
engine house. If the outlet temperature is 160® F. and the 
air temperatme 60° P., and the coefficient of transmission of 
heat from water to air 1*5 B.T.U./ft.® hr. °F., the required 
surface area amounts to about 


1660 

rsxoo 


=12 ft.2 per B.H.P. 


Such an allowance would probably be excessive unless the 
engines were required to work at full load night and day. If 
the engines only work, say, 16 hours a day at an average load 
factor of 60%, the required surface would be considerably less. 
In temperate climates the rate of heat transmission will usually 
be increased by evaporation and wind. Experience of similar 
conditions in the same kind of climate is the best guide, but 
account should be taken of the worst condition of air tempera¬ 
ture and humidity likely to arise. 

Utilisation of Jacket Heat.—In communities where central 
heating is favoured the jacket heat of Diesel Engines at the 
central station can be profitably used for this purpose. A plan 
which has been successfully carried out is f»s follows:— 

The jacket water of Diesel Engines aggr^ating several 
thousands of B.H.P. is circulated through the town a distance 
of a mile or more^ and returns to the engine. The water is 
circulated at such a rate that the temperature rise in the engine 
is about 30° F., and it is heated a further 20° F., or so, in an 
exhaust fired boiler. The heat so distributed is sold to con¬ 
sumers and the revenue is an important item in the working 
account. A cooler is instaUed at the central station for tem¬ 
perature adjustment, particularly for use in summer. 

The same plan can be adopted in hotels, factories, or other 
buildings in which a use can be found for a supply of low 
temperature heat. With such systems hot water supplies afe 
obtainable by means of heat exchangers without bleeding the 
circulating system. 
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NOISE 

In the extreme , forms of artillery and the like, the internal 
eombustion engine is the noisiest invention of man. The results 
of shell shock in war have drawn attention to the injurious 
effeets of excessive noise in civil life, and there is an increasing 
consciousness of the desirability of reducing mechanical noise 
to some tolerable level. It is remarkable to what an extent 
the noise consciousness of an individual is heightened by a 
few observations with a noise measuring instrument. It may 
be predicted that when the use of such instruments becomes 
more general and results are expressed in universally accepted 
numerical form, the general demand for quieter operation of 
machinery will become more insistent. 

Quietness is an obvious desideratum for the passenger 
accommodation of ships, railway trains, motor vehicles and 
aircraft, but there are other aspects of the subject ef mechanical 
noise which deserve consideration. 

Excessive noise from an engine, even if prevented from 
reaching the ears of people outside the engine compartment, 
may have effects on the engine attendants not only injurious 
to health but prejudicial to effective attention to their duties. 
Long-continued exposure to excessive noise causes partial 
deafness and indifference to noise qualities which may prevent 
the detection of less intense sounds which might otherwise give 
early warning of the development of an abnormal condition of 
the machinery. For example: a shortage of oil to the gudgeon 
pin of an oil engine causes a characteristic top end rattle or 
knock which may continue undetected if the engine is noisy 
in other respects, doe to .valve clatter, for instance. 

This suggests a third aspect, viz. noise as a symptom of 
maladjustment, whether inherent in design, introdueed by 
faulty handling, or due to wear. 

Exhaust Noise.—If sufficient space is available for chambers 
of large volume in relation to the size of the cylinders, there 
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is no difficulty in effectively silencing the exhaust outlet to 
atmosphere (see p. 424). With restricted weight and space 
on board ship, the use of lagged steel exhaust pipes and lagged 
steel silencers of moderate volume, gives a satisfactory result 
with practically complete inaudibility in the passenger accom¬ 
modation. Waste heat boilers are commonly used, and these 
have a good silencing effect, but it is usual to fit silencers in 
case the boilers have to be bye-passed. 

In road and rail vehicles the limitations of weight and space 
are such that complete silencing with full throttle is seldom 
achieved. With such vehicles periods of full throttle are 
usually of short duration, and no great inconvenience is felt 
if the exhaust noise is barely perceptible against the back¬ 
ground of other noises, many of which are extraneous to the 
engine. 

The silencing of aircraft engines is still more difficult on 
account of the severe limitations of weight and space. 

Further developments of exhaust silencing, particularly for 
high speed engines, may be expected along the lines of:— 

(1) The interference principle, whereby definite notes are 
eliminated by cancellation of waves. In principle the exhaust 
is divided into two streams along separate passages which 
unite later. If the lengths of the two paths differ by half the 
wave length corresponding to the note to be eliminated, every 
wave crest traversing one path meets a wave trough which 
has traversed the alternative route, and cancellation results. 
In this way one or more notes can be eliminated or greatly 
reduced in intensity. It is not essential for equal quantities 
of gas to traverse both routes, but pressure waves of equal 
frontal area x amplitude. 

(2) The diffusion principle in which the propagation of waves 
is hindered by perforating the exhaust pipe and surrounding 
it with an annular chamber which may ^ filled (in part or 
whole) with divided material with a high percentage of voids. 

Silencers of the older conventional types appear to dissipate 
the energy of the sound waves by repeated throttlings and 
expansions which break up the acoustic pattern. They are 
liable to cause excessive back pressure unless the pressure 
drop at each restriction is calculated in advance of manufacture. 

Air Suction Noise.—The air suction noises of a four stroke 
fttigiTift appear to originate at the head of the valve. The 
old slotted strainers were just tolerable with slow speed 
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engines, but are unsuitable for most present requirements. 
The noise can be reduced to a negligible amount by fitting 
felt lined manifolds with trumpet entrances, also felt lined. 
Similar arrangements can be used with reciprocating and other 
types of blowers. 

Positive rotary and centrifugal blowers tend to emit a 
definite note depending on the revolutions and the number 
of impeUer blades. Interference silencers of the type referred 
to above can be used with good effect. 

Valve Clatter.—^This source of noise increases with weight 
of the moving parts concerned, which should therefore be as 
light as other considerations will allow, but so long as definite 
clearances are required between cams and followers, tappets 
and push rods, levers and valve stems, considerable noise, 
producing shock, is inevitable at high speeds. Cam noise 
can be moderated by flooding with oil and largely suppressed 
by total enclosure of the cam-shaft. It is important for cam¬ 
shafts to be of sufficient diameter, otherwise noise may be 
accentuated by torsional recoil from one cam to another. 
This point deserves special notice in connection with long 
engines (for example, 10 or 12 cylinders in line). 

Tappet noise between push rods and levers, levers and valves, 
may likewise be muffled by air tight covers enclosing the whole 
gear. Such covers are more effective if felt lined. It appears 
that fuel pumps and fuel valves of airless injection engines 
contribute an appreciable amount of noise which may be 
mitigated on the above lines. 

For special purposes a sheet steel felt lined “ overcoat ” 
applied to the noise-emitting surfaces of an enclosed engine 
has been found to make a marked reduction in the emission 
of noise. 

Piston Slap.—^This has been referred to in Chapter XVI, 
p. 311. Compared with other sources of noise piston slap 
(unless acute) is a relatively dull deep noise, providing an 
inconspicuous background for the livelier noise of valve clatter. 
For this reason it easily escapes notice and in its milder degrees, 
it is probably a good deal more prevalent than is commonly 
supposed, '^^en other sources of noise have been reduced 
to a low level, pistoh slap may become conspicuous among 
the sources of noise requiring treatment. 

Bearing Knocks. —stoppage of oil to the top end of a four 
stroke engine is followed by a characteristic knock, giving 
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what is often quite inadequate warning of piston or gudgeon pin 
seizure. A general shortage of oil, short of complete starvation, 
can produce noisy running without definite failure. In such 
instances there appears to be insufficient oil in the bearing 
clearances to cushion the reversals of pressure. 

The general noise level of an engine with bearings set or 
worn to clearances which are too coarse, can he materially 
reduced by adjusting the bearings to finer clearances. This 
source of noise may escape early notice if the engine is noisy in 
other respects. 

Two stroke single acting engines running at moderate 
speeds are exceptional in this respect; bearings may be run 
out without knock being noticed; this is due to the absence 
of pressure reversal. With higher speeds the pressure at the 
big ends may be reversed on the upper half of the compression 
stroke by the inertia of the reciprocating parts and the centri¬ 
fugal force of the revolving part of the rod. 

Roller and Ball Bearings give out a characteristic noise, 
and engines fitted with these in positions of main duty may 
be noticeably noiser than similar engines fitted with plain 
bearings. 

Automatic Valves are used for compressors, reciprocating 
blowers, reciprocating water, oil and bilge pumps, and in 
some systems of two stroke engine scavenging. As used for 
air such valves are usually of a light plate type, with carefully 
restricted lift to prevent shock, avoid cracking, and minimise 
noise. As suction valves of compressors and blowers they 
contribute a characteristic deep throb which may dominate 
the general noise background unless the suction inlet is care¬ 
fully silenced. 

The valves of reciprocating water pumps appear to work 
best at high speed when the valves are of large diameter and 
low lift. An air snifting valve is usually provided. In cases 
where heavy valves of this kind work quite quietly at high speed 
it seems probable that the valve oscillates between limits 
without actually seating metal to metal. 

Gearing.—Spiral gears and high efficiency worm drives are 
fairly quiet; well designed roller-chain drives with wide centres 
between wheels run sweetly, but if the centres are short in 
comparison with the chain pitch, running may be distinctly 
harsh. 

Trains of spur or bevel wheels may be decidedly noisy if the 
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loading is alternating or the peripheral speed high, particularly 
if the tooth form, finish, centering or meshing are imperfect. 
The use of helical teeth and accurate finish by grinding 
contribute towards quiet running. 

Literature.— Hart, M. D., “The Aeroplane as a Source 
of Sound.”—Aero. Res. Comm. R. & M. 1310 N. 26, H.M. 
Stationery Office. 

Davis, A. H., “ Modern Acoustics.”—Bell. 

Davis, A. H., “ Noise.”— Engineer, 17.8.34. 



CHAPTER XXVII 


OB^BRAL SITBVBY 

Heat Engine Cyclea.—^Recent developments of internal 
combustion turbines and closed cycle turbine systems, as well 
as the compounding of reciprocating internal combustion 
engines with gas turbines and the tise of regenerative heat 
exchangers to improve the efficiency, have focussed attention 
on heat engine cycles well known in thermodynamic theory, 
but hardly practicable with the reciprocating engine alone. 
Of these theoretical cycles a unique position is occupied by the 
constant temperature cycle, the theoretical efficiency of which 
was shown by Carnot to be unsurpassed by any other cycle 
having the same upper and lower limits of temperature. 
Amongst Dr. Diesel’s original proposals for a “ Rational Heat 
Motor ” was included a scheme for operating a reciprocating 
internal combustion engine on a near approach to Carnot’s 
cycle in accordance with the following operations. 

(1) Approximately isothermal compression during the first 

part of the compression stroke, facilitated by water 

injection. 

(2) Adiabatic compression for the remainder of the com* 

pression stroke in an unoooled top part of the cylinder. 

(3) Expansion at a temperature maintained constant by a 

controlled admission of fuel, fifilowed by 

(4) Adiabatic expansion. 

Experimental work soon showed the necessity for departing 
from this programme by dropping all attempts at isothermal 
compression and arranging for a period of combustion at nearly 
constant pressure; but even after the engine had reached 
commercial production. Dr. Diesel was able to exhibit remark¬ 
able indicator diagrams showing a period of combustion at 
nearly constant temperature sandwiched between a period of 
combustion at constant pressure and a near approach to 
adiabatic expansion. The curtailing of the expansion stroke 
with release of exhaust gas at a high temperatuire and a pressure 
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of 3 or 4 atmospheres was obviously a cause of discontent to 
Diesel, who constructed a compound engine with a low pressure 
cylinder to complete the toe of the in^cator diagram. This, 
however, failed for reasons which appear more obvious now than 
they did then, viz., difficulties with the transfer valves and* 
excessive friction of the L.P. cylinder in comparison with the 
additional work obtainable. The development of efficient 
rotary blowers of axial and centrifugal type and the availability 
of heat resisting steels suitable for gas turbine blades working 
at temperatures of 1000° F. and over, have brought the 
compoimding of internal combustion engines within the 
practical sphere. 

The later developments of steam turbine practice with 
interstage reheating and regenerative feed heating may be 
interpreted as efforts to modify the Bankine cycle into closer 
conformity to the Carnot cycle. Recent developments of the 
gas turbine with regenerative heat exchangers and interstage 
reheaters may be interpreted in much the same way. 

Next in historical importance comes the constant volume 
cycle, on which most petrol and gas engines operate ; with the 
airless injection oil engine there has been a tendency to admit 
higher and higher maximum pressures, particularly in high 
speed engines so that they now operate on a cycle which 
approximates more to the constant volume cycle than the 
“ Diesel cycle.” Both cycles suffer from the premature release 
of exhaust to which allusion has already been made. Attempts 
to overcome this defect by making the expansion stroke longer 
than the compression stroke (Atkinson cycle) have bmn 
technically successful in at least one instance but have not 
achieved commercial production. 

The constant pressure cycle has never achieved much success 
with the internal combustion reciprocating engine, but its use 
in conjunction with a high speed rotary blower of axial or other 
type and a gas turbine with a combustion chamber between the 
outlet from the blower and the inlet to the turbine, leads to a 
very simple and compact prime mover. Since the nett power 
is only a fraction of the power absorbed by the blower, the 
efficiency of the combing arrangement depends very much on 
the efficiency of blower and turbine separately. The efficiency 
may be much improved by the introduction of a regenerative 
heat exchanger whereby the heat rejected at the exhaust end 
of the turbine is made available to the air before entering the 
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combustion chamber. Further improvements are possible by 
approximating to isothermal compression by interstage cooling 
between separate compressor units and by exhaust reheating 
between successive turbine stages. The cycle then begins to 
approximate to the Carnot cycle as already indicated. 

A great impetus has been given to these developments by the 
application of jet propulsion to aircraft which has involved 
much research on the conditions for greatest efficiency of 
centrifugal and axial compressors and axial flow gas turbines. 

Compounding.—^Dr. Diesel’s abortive experiments on 
compoTuiding, carried out half a century ago, have been 
mentioned. The difficulties he experienced have been removed 
by the development of successfid gas turbines. The turbo¬ 
charging units of Rateau and Biichi may be regarded as the 
first step. The next step was to gear the exhaust turbine to 
the engine and arrange for a fairly early release of exhaust so 
that the turbine output was more than sufficient to drive the 
supercharger and the excess was available for the final output 
drive. As a further step, the supercharger was increased to 
give a large excess of air and to absorb the whole output of the 
reciprocating engine, the useful work being derived from the 
exhaust turbine only. The reciprocating engine and blower 
then took the place of the boiler or steam ger orator in a steam 
ttirbine plant. These developments have been associated with 
the names of Gotaverken and Sulzer. A scheme of this sort has 
been proposed for an aircraft engine, it has been suggested 
that a comparatively simple type of loop scavenge radial engine 
with gear driven supercharger would be suitable for the gas 
generating unit since a very high combustion efficiency would 
not be necessary. These ideas have opened up new possibilities 
for the use of reciprocating oil engines. 

It is instructive to compare these ideas with the historical 
development of the steam engine through successive stages 
from the low pressure single stage non-condensing engine to the 
multistage reciprocating engine with condenser, the combina¬ 
tion arrangement of reciprocating engine and exhaust turbine, 
to the multistage turbine installation with heat exchangers for 
air heating, feed heating and interstage reheating. 

Reciprocating Internal Combustion Engines.—^The 
compression ignition oil engine is one of many forms of the 
internal combustion engine, which may be classified in various 
ways, e.g.:— 
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Fuel . 


' Qaaeom .—^Town gas, producer gas, natural 
gas, sewage gas, etc. 

. -{ Vapour. —^Petrol, paraffin. 

Liquid. —^Petroleum distillate, tar oil, etc. 

^ Solid. —Ck)al dust. 


Compression 


Low Compression. —^Below ignition point of 
fuel. 

High Compression. —^Above ignition point of 
ffiel. 


Ignition 


Spark Ignition. 

Surface Ignition ^Hot bulb, etc.). 
Compression Ignition. 


The possible combinations are numerous and many have been 
used successffilly. 

For example, many engines have been built with compression 
ratios of about 11 to 16, npming on town gas, nattiral gas. 
Sewage gas, or producer gas ahd ignited with a small pilot 
injection of liquid fuel, ^ch engines run very smoothly at 
mean pressures little below those appropriate to oil engines of 
the same size and general type. The pilot injection of liquid 
fuel accotuits for about 3 to 15% of the total heat supplied. 
Such engines are readily arranged to run alternatively as gas 
engines or oil engines and the changeover from one fuel to the 
other can be carried out practically instantaneously on load 
without any misfiring or observable fluctuation of speed. 

The pilot injection of liquid fuel gives rise to a small but 
noticeable hump on the combustion line of a draw card (indi¬ 
cator card taken by pulling the drum cord by hand during the 
rise of the pencil), and appears to have a very useful effect in 
preventing excessive rate of presstire rise (detonation). High 
compression gas engines can also work successfully with spark 
ignition in small cylinders. With large cylinders, say 20' 
ffiameter, bumping is liable to occur if the mean pressure 
exceeds a rather moderate value. Whether this can be avoided 
by more intensive cqoling or other precautions does not yet 
appear. 

A quite different combination of qualities is found in the 
Hessehnann low compression spark ignition engine which with 
little modification can run on petrol or gas oil. With gas oil 
the customary injection equipment is tu9ed to introduce the 
fuel in a fine spray which is ignited by spark. 
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Much work has been put into the compression ignition engine 
burning coal dust, but it appears still to be in the experimental 
stage. 

The remaining sections of this chapter will deal with the 
reciprocating compression ignition heavy oil engine. 

Range of Size, Speed and Output.—^The compression 
ignition oil engine now covers a range of sizes, speeds, duties 
and outputs not paralleled by any other type of prime mover. 

The highest outputs are associated with marine propulsion 
and low revolutions. The highest revolution speeds have been 
reached in the endeavour to meet the requirement of aircraft. 
The adjoining table gives an approximate survey of the present 
position (1947). 


Service . 

B.H.P. 

per 

Cyl. 

Cyl. 

dia. 

ins. 

R.P.M. 

Piston 

Speed 

Ft./min. 

Marine Propul8ion^(Merchant) 





Ocean-going veflsele . 

200/3000 

16/33 

150/85 

) 1000 

Channel vessels 

100/400 

14/25 

250/160 

1 to 

Coasters, ^ugs, etc. . 

60/200 


300/200 

j 1300 

Smaller craft . 

5/30 

3/8 

1200/400 

Marine Propulsion (\aval) 





Submarines 

100/600 

10/20 

500/400 

1500/1000 

High-specni craft 

30/150 

6/8 

2600/1000 

2600/1600 

Ships' Auj’Uiaries 





Merchant 

40/200 

8/16 

600/300 

1 . 300/1000 

Naval .... 

1 60/150 

6/10 

! 1200/700 

1600/1200 

Industrial Ktujines 





Large .... 
Mecniim 

150/3000 

14/33 

300/120 

] 1000 

50/150 

8/14 

600/300 

V to 

Small .... 

. 5/60 

3/8 

2000/600 

J 1500 

Land Traction 





Locomotives . 

50/160 

7/14 

1500/700 

1600/1200 

Army tanks . 

20/50 

4/6 

2000/1500 

2500/2000 

Boad vehicles and small 





auxiliaries . 

6/35 

3/6 

4000/1500 

2000/1600 


Breathing Capacity.—Of the various factors which limit 
the output of an internal combustion engine the most important 
is breathing capacity. In discussing questions of output it is 
convenient to refer to the B.S.I. Standard of rating, which may 
be interpreted as follows :— 

Twdve Hour Rating .—^Power developed by the engine for the 
purpose of an acceptance test not exceeding twelve hours in 
duration. 
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One Hour Bating .—^Power developed diuring a one hour 
overload twt; it is l0% greater than the twelve hour nlting. 

Tweniy-four Hour Baling .—^Power developed over a teat 
period exceeding twenty-four hours in duration ; it is 90% of 
the twelve hour rating, (1036 specification). 

The twenty-four hour rating may also be interpreted as the 
service power for night and day running, but in view of the 
variations of service loads and the wisdom of over-estimating 
rather than imderestimating service requirements, the average 
load in service is usually between 60% and 80% of the twelve 
hour rating in the case of industrial engines and about 70% to 
86% for marine engines. In either case the 10% overload 
rating is seldom used in service. 

Locomotive engines may average as much as 70% of the 
twelve hour rating on main line service or as little as 10% in 
shunting duty. The load factors of road vehicle engines 
probably lie somewhere between t|xese extreme figures, and the 
outputs of these engines are commonly expressed by perform¬ 
ance graphs on a basis of revolutions and without reference to 
the B.S.I. basis of rating for stationary engines. The outputs 
at the various speeds may be close to the smoke limit without 
mention of duration. This should be borne in mind when 
comparing the high brake mean pressiuos developed by such 
engines with the more conservative figures in use for industrial 
engines. 

An average airless injection industrial engine of the normally 
aspirated four stroke type develops on its twelve hour rating 
a brake mean pressure of about 76 lb./in.‘ and the volumetric 
efficiency based on the ambient air conditions (“ air supply 
ratio ”). is about 86%. It is an interesting fact that there is 
little difference in tl^ ratio as between an engine with one 
exhaust valve per cylinder, running at a piston speed of 
1000 ft./min. and an engine with two exhaust valves per 
cylinder, running at a piston speed of 2000 ft./min., the respec¬ 
tive nominal air speeds being about 160 and 230 ft./sec. respec¬ 
tively. The higlmr speed engine would usually be given a 
slightly later closing of the air inlet valve, say 40° late as 
against 30° for the dower. 

With a brake mean pressure of 76 Ib./in.* and an indicated 
mean pressure of about 93 Ib./in.*, about 60% of the induced 
mr has its content of oxygen converted to 00^ and H|0 vapour 
and the exhaust contains about 7^ of COa. 
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With a normally aspirated engine it is reasonable to assume 
that the whole of the induced air is retained in the cylinder on 
the compression stroke and that a volume of exhaust gas equal 
to the clearance volume is retained also. With special valve 
timings and tuned inlet and exhaust S 3 rstem 8 it may be possible 
to scavenge the exhaust gas out of the clearance space and 
thereby increase the air supply ratio about 8% to 10% with a 
corresponding increase of potential output, i^rthermore, by 
special “ ramming ” inlet pipes it has been found possible to 
obtain a substantial supercharging effect at one particular 
speed and thereby to increase the output still further, but this 
arrangement has not been widely used on account of the 
unwieldly pipes required. 

When supercharging by means of an engine driven, or 
separately driven blower, the first advantage obtained' 
is the scavenging of the clearance space. With a suitable 
overlap of air and exhaust valve openings at the idle dead 
centre this advantage can be obtained with a low air pressure 
of about 1 Ib./in.® With higher pressure air the advantage is 
further increased by virtue of the greater density of the air 
trapped in the cylinder. It must be borne in mind, however, 
that the density of the induced air depends not only on the 
pressure but also on its temperature and this depends on the 
adiabatic efficiency of the blower. With a blower having an 
adiabatic efficiency of 75% the resulting density of the air as 
compared with air at atmospheric pressure and 60° F. is 
approximately as follows :— 

Pressures Ib./in.® 2 4 6 8 10 12 16 

Pressure ratio . 1-13 1-27 1*41 1-64 1-68 1-82 1-96 

Density ratio . 1-08 M6 1-24 1-31 1-39 1-46 1-63 

■ These figures show the important gain in potential output 
which is obtainable, with higher pressure, by cooling the air 
after compression. Apart from the direct gain by scavenging 
the clearance volume there is an additional gain (difficult to 
assess accurately) by reason of the cooling effect of passing an 
excess of air during the overlap period. This cooling effect 
mitigates to some extent the reduction of density caused by the 
convection of heat from the walls of the combustion chamber 
on the suction stroke. 

With a turbo-charged engine the average exhaust pressure st 
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full load is less than the air pressure so that there is a small 
additional gain on this account. With a direct driven blower 
the work absorbed in driving the blower is not fully compen¬ 
sated by the excess of suction pressure over exhaust pressure, 
‘so that a certain loss is sustained in this respect. With an 
electrically driven blower there is the additional loss of two 
transformations, viz., from mechanical work to electrical energy 
and vice versa. 

An important point is the extent to which power may be 
augment^ by supercharging without increasing the intensity 
of heat flux to the cylinder cover, cylinder liner and piston as 
compared with a normally aspirated engine, bearing in mind 
that the cooling effect during valve overlap benefits just those 
parts which are most in need of it. It seems to be established 
that the power of a normal engine.can be increased 30% by 
supercharging without increase of heat flux at the critical spots, 
but any increase much beyond this figure may necessitate 
modifications, depending on whether the original design has or 
has not a margin of security against heat stressing. Engines 
of small size running at moderate piston speed frequently have a 
wide margin in this respect. In the larger sizes of engine, oil- 
cooled pistons frequently have a large reserve capacity for 
dealing with heat flux. It seems reasonable to suppose that 
cylinder covers fitted with two smaller exhaust valves have a 
wider margin than cylinder covers with a single exhaust valve 
of larger diameter. 

With two cycle engines it is necessary to discriminate between 
the air supply ratio as defined above and the volumetric 
efficiency defined as the volume of air (referred to ambient 
conditions of pressure and temperature) retained in the cylinder 
during compression, divided by the swept volume of the 
cylinder. 

Most forms of uniflow two cycle engines must ba regarded as 
doing well if they achieve a volumetric efficiency of 0*85 with an 
air supply ratio of about 1 *20. Such engines can develop about 
the same mean pressure as a normally aspirated four stroke 
engine but with a somewhat lower exhaust temperature. To 
obtain an equal volumetric efficiency with loop scavenge usually 
requires a higher air supply ratio of 1*4 to 1*5 and valve control 
of the air ports so that the latter may be closed by the piston 
after or sunultaneously with the exhaust ports. The loop 
scavenge engine without valve control of the air ports has been 
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improved, as compared with earlier models, by the direction of 
the entering air streams against the cylinder wall opposite the 
exhanst ports and giving the streams an upward inclination at 
about 45°. This is known as “ back flow ” scavenge and helps 
to prevent short circuiting of air from the air ports to the 
exhaust ports. 

There is no obvious limit to the extent to which a two stroke 
engine majr be supercharged by increasing the output of the 
blower and throttling the exhaust. A very early Junker engine 
had its indicated output doubled by this simple expedient; but 
a large blower absorbs power which is increased by throttling 
the exhaust so the two stroke designer aims at narrowing the 
margin between air supply ratio and volumetric efficiency 
without throttling the exhaust unless the exhaust gases are to 
be used to drive a turbine. 

A certain amount of deliberate throttling of the exhaust has 
from time to time been found to improve the performance of 
two cycle engines by diminishing the loss of air through the 
exhaust ports before they are covered by the piston. A similar 
effect is obtainable to greater advantage if pressure pulses in the 
exhaust manifold can be arranged to synchronise with the 
closing of the exhaust ports whilst pulses negative pressure 
prevail during the middle part of the scavenge period, thereby 
reducing scavenge resistance. 

Remarkable results have been obtained, particularly with 
single cylinder engines, by utilising the ejector effect of the 
exhaust ports and pipes to induce the air charge without using 
a blower. Volumetric efficiencies of about 1*4 have been 
obtained in this way. In such cases it appears that the cylinder 
dimensions, porting and revolutions are such that the scavenge 
resistance is small, of the order to 2 Ib./in.*. By scavenge 
resistance is meant here the static pressure required to pass air 
through the inlet ports and exhaust through the exhaust ports 
against atmospheric pressure at the required rate. Neverthe¬ 
less the fact that an effective urge oJ to 2 Ib./in.* is obtainable 
in this way is significant and shows the importance of correct 
timing, porting and streamlining of the whole air induction and 
exhaust system of a two cycle engine. 

When air enters the cylinder by way of a complete ring of 
faw ig Bwtiftl ports it appears that a vortex is set up with a 
tendency for a core of exhaust to be left at the centre. With a 
view to removing this core, the last part of the ports to be 
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uncovered on .the outstroke and first to be covered on the 
instroke are sometimes made radial. 

The whole sequence of exhaust, scavenge and charging is a 
complicated aerodynamic process calling for much experimen¬ 
tation and theoretical analysis.^ The simplest view which can 
be taken of it in the first instance is to regard it as a straight¬ 
forward chain of variable orifice discharges, and then to 
consider to what extent effective use can be made of the inertia 
of the gas streams to facilitate entry of air through the ports, 
the creation of a partial vacuum in the cylinder during the 
middle of the scavenge period, and the final charging of the 
cylinder prior to the closing of the exhaust ports. The problem 
is natTirally complicated by the angular settings of the various 
cylinders exhausting into a common manifold, and the acoustic 
properties of the exhaust piping system. 

The Compression Space.—A compression ratio of 11 is 
about the lowest to give satisfactory starting with an air 
temperature of 60® F. without heating the jackets or the 
incoming air or using glow plugs or squibs, etc. In practice the 
smaller sizes of cylinders are given higher compression ratios 
approximately as \inder. 

Cylinder dia., in. .3 6 9 12 15 18 21 

Compression ratio. 18 16 14^ 13^ *13 12| 12 

Increasing compression ratio increases the theoretical upper 
limit of attainable efficiency and potential output. It also 
increases the temperatiu^ and density of the charge before fuel 
injection and thereby reduces delay of combustion and leads to 
a smoother and more controllable combustion process. There 
is, however, a serious limitation, viz., the effect of “ dead air ” 
sometimes also referred to as “ parasitic volume.” A dead 
air space is a pwt of the clearance volume, e.g. a valve podcet 
or indicator hole or bumping clearance above the piston rim', 
which is inaccessible to the injected fuel. In general the effect 
of itirbulence in distributing fuel through the air charge,' 
although important, is very limited in action. 'With rotary 
turbulence the process is much more like spreading butter on a 
slice of bread than vigoroiis stirring of liqtud in a cup with a 
spoon. The available time is too short for turbulence to caii^ 
fwl into recesses' at the boundary, and the pattern developed 
by the relative motions of air and fuel seem to persist not oply 
throughout the expansion stroke but the exhaust stroke also. 
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Perhaps an exception may be made in favour of engines fitted 
with precombustion chambers, giving rise to very intense 
turbulence. It is noteworthy that such engines develop high 
mean pressures and succeed in consuming a high, proportion of 
the induced charge of oxygen. 

With direct injection of fuel into a single chamber the air 
contained in the “ dead air ” spaces is practically inert; it 
follows therefore that the potential output of a cylinder is 
limited by the “ live air ” ratio, viz.:— 

Clearance Volume — Parasitic Volume 
Clearance Volume. 

It appears to be near the truth to say that potential output 
is proportional to the product of volumetric efficiency and live 
air ratio. The high performance given by small four stroke 
direct injection engines for road traction is partly due to the 
high live air ratio obtained by cutting down parasitic volume to 
a mi ni m um . With loop scavenge two cycle engines a compara¬ 
tively low volumetric efficiency may be to some extent com¬ 
pensated by a high live air ratio made possible by the absence 
of valves (other than fuel, starting and relief valves) in the head. 

Unavoidable bumping clearance between the cylinder cover 
and the piston top, side clearance around .<he top land of the 
piston, valve pockets, etc., together make up a certain parasitic 
voliune. If this volume is fixed, an increase of compression 
ratio results in a reduction of live air ratio, and so there is an 
upper limit of compression ratio beyond which potential output 
tends to decrease. The following table gives calculated figures 
for the optimum compression ratio and relative potential 
outputs corresponding to various ratios of parasitic volume to 
stroke volirme, on the assumption that the potential output is 
proportional to live air ratio multiplied by the theoretical 
efficiency (constant volume cycle) corresponding to the com- 
■ pression ratio. 

Parasitic voliune 
% of stroke volume 
Optimum compression 
ratio 

Relative output . 

In view of the reasons already indicated for preferring high 
compression ratios to low, the above figures show the importance 
of keeping the parasitic volume down to a very small value. 


I 1 1} 2 2i 

} 13 11 9 7 

. 1 -94 *90 -86 
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The shape of the combustion space with piston on top dead 
centre, and ignoring dead air spaces, is determined by the top 
surface of the piston and the under surface of the cover. With 
a flat cover and central injector good results have been obtained 
with a piston cavity of hemispheroidal shape or ellipsoidal with 
depth equal to about 0*7 times the radius. With such a space 
flve equally spaced injector holes with an included angle of 
about llO” to 130° are often successful. With engines of small 
stroke bore ratio a relatively shallow pan shape of nearly 
constant depth can be used in conjunction with a larger niunber 
of fuel nozale holes with an included angle of 140° to 160°. A 
compromise between the two above shapes may require a 
central injector hole of short range, in addition to the six or more 
inclined holes. The short range of the centre hole is obtained 
by giving the hole a length/dia. ratio of 1*5 or less. Alterna¬ 
tively the central hole may be dispensed with if a central cone 
or hump is raised in the centre of the piston to fill up the space 
which the inclined fuel valve holes cannot provide with fuel. 

With a two stroke engine * there is more freedom than with a 
four stroke engine in shaping the underside of the cylinder 
cover. Accor(^gly with suck engines successful combustion 
chambers may be made of conical shape with the tip of the fuel 
injector near the apex and with a flat or nearly flat piston top, 
or with a piston top shaped at an angle of about 45° to guide 
the inlet air and retreating exhaust. 

The so-called “ squish ” effect, i.e. the promotion of 
turbulence by the near approach of relatively large opposed 
surfaces of piston and cylinder cover at the top dead centre has 
been much used in small engines, and there is a tendency to use 
this effect also in larger engines. With supercharged four stroke 
engines this effect is to some extent limited by the necessary 
clearance spaces for the air and exhaust valves during the 
overlap period. 

Besides the above mentioned many other shapes of combus¬ 
tion chamber have been used successfully, but apart from 
pre-combustion chamber designs the same principles apjfly, 
viz., high live air ratio -and high ratio 6f, 


Live air volume . 
lave air surface ' 


cylinder diameter 


It appears that in general, cylinders of large diameter are more 
* Of the loop fcaveiige type. 
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tolerant in respect of shape of combustion chamber than small 
ones and this may be attributable to the longer period of time 
available for diff^ion and combustion. 

Mean Pressure and Fuel Consumption.—One pDund of 
diesel fuel having a lower calorific value of 18,000 B.T.U. per 
lb. requires for complete combustion about 14’2 lb. of air, each 
lb. occupying 13-1 ft.* at 60“ P. and atmospheric pressure 
(14-7 Ib./in.* abs.). If the indicated thermal efficiency relative 
to the lower calorific value were 100%, the maximum M.I.'P. 
corresponding to 100% utilisation of the air would be, 

jL. ZZ? = 620 Ib./in.* 

14-2 X 131 • 144 

and the fuel consumption ^ ~ 0-142 Ib./I.H.P. hr. 

The indicated thermal efficiency is limited on theoretical 
grounds by the compression ratio, the maximum pressure and 
the % of air utilisation. With a compression ratio of 13, a 
maximum pressiue limited to 700 Ib./in.*, the ideal indicated 
thermal efficiencies taking into account the variation of specific 
heats are approximately as tabulated below for various percen¬ 
tages of air utilisation. The same table gives the corresponding 
mean pressures and fuel consumptions per I.H.P./hour. 


% Air Utilisation 

0 

20 

40 

60 

80 

100 

Efficiency thermal % 

63 

61 

S7J 

55 

52 

50 

Mean pressure, Ib./in.* 
Fuel consumption 

0 

63 

109 

168 

210 

249 

Ib./I.H.P. hour . 

*221 

•231 

•243 

•281 

•280 

•295 


To allow for incomplete combustion, radiation and conduction 
loss and late burning it is reasonable to increase the consump¬ 
tion by about 14% and reduce the mean pressures inversely 
pro rata obtaining the following ;— 


% Air Utilisation 

0 

20 

40 

60 

80 

100 

Mean pressure Ib./in.* 

0 

55 

96 

147 

184 

217 

Fuel consumption 







lb./I.H.P. hour . 

•251 

•263 

•276 

•298 

•320 

•335 
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These fuel consumptions are in fair agreement with values 
obtained at various fractional loads in practice but the mean 
pressures would require for their attainment a fairly high degree 
of supercharge. 

Bearing in mind that dead air is practically ineffective for 
combustion and that the temperature is far from uniform over 
the volume of the air charge during combustion, it is not 
unreasonable to regard the dead air as a heat insulator. On 
this basis the output of a naturally aspirated four stroke engine 
will be obtained by multiplying the above mean pressures by 
the product of volumetric efficiency and live air ratio. If these 
are both 0-86, their product = 0*72, and the following figures 
result:— 


Effeotive air utilisa¬ 
tion % 

0 

20 

40 

60 

80 

100 

Moan pressure, Ib./in.* 

HIQH 

39*5 

68-5 

105 

132 

156 

Consumption, lb./ 
I.H.P. hour 

•251 

•263 

•276 

•298 

•320 

•335 

Lost mean pressure . 

15 

16-5 

16 

16-5 

17 

17-5 

Brake mean pressure, 
lb./in.* 

-16 

24 

52-5 

88-5 

115 

138-6 

Meoh. efFy. 

— 

•61 

•77 

•845 

•870 

•890 

Fuel consumption 
lb./B.H.P. hour . 

■ 

•433 

•360 

•353 

•367 

•378 


The last four rows show the resulting figrues for brake mean 
pressure, mechanical efficiency and fuel per B.H.P. hour on 
the assumption that the lost mean pressure varies from 
16 Ib./in.* at no mean pressure to 17*6 Ib./in.* at the 100% 
live air utilisation. 

Up to a brake mean pressure of 80 to 90 Ib./in.^ the results are 
in good agreement with test results from medium speed 
industrial engines, running At, say, 400 B.P.M. Such engines 
have as a rule an overload capacity which is limited by con¬ 
siderations of thermal effects and durability generally. Smaller 
engines of generally similar type may give higher mean pressures 
of 120 lb./in.‘ or over for short period but usually with higher 
fuel consumptions than those tabulated and maximum pres¬ 
sures in excess of 700 lb./in.‘. 
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Other types of engine may be examined in a similar manner. 
Small cylinders from, say, 4* to 7* diameter nsoslly benefit by 
a compression ratio of 14 to 16 and care must, be exercised in 
design to see that the live air ratio is high. 

With fixed compression ratio the efficiency increases with 
increasing maximum pressure. With fixed maximum pressure 
the efficiency increases with increasing compression ratio, apart 
from the dead air effect. 

In practice the best compression ratio seem to be somewhat 
higher than the optimum indicated from dead air considerations 
.:>and it is scarcely worth while exceeding a maximum pressure 
^*1’0 times the compression pressure. 

For example, one of the Junker series of opposed piston 
two cycle aircraft engines had a compression of 850 Ib./in. and 
a maximum pressure of 1400 Ib./in. These figures correspond 
to a fairly high theoretical efficiency. The output of this engine 
is further assisted by a very .large live air ratio due to the 
favourable shape of the combustion chamber and the use of 
four special injectors. Accordingly the engine was able to 
develop a high brake mean pressure with a fairly good fuel 
consumption per B.H.P. in spite of a high lost mean pressure of 
perhaps 36 Ib./in.*. 

The highest total air utilisation so far claimed for a four stroke 
engine is about 86%. In a B.S. twelve hour rating 60% is 
nearer the mark for an average industrial engine, and less for 
two cycle engines. 

The figures given above show that the performances of actual 
engines can be fairly well accounted for on known physical 
principles. Complete utilisation of available air is hardly to be 
expected in a heavy oil engine, although actually attained in the 
petrol engine. If too higji a percentage of the available oxygen 
is consumed the combustion of the later portions of fuel is liable 
to be incomplete, resulting in smoke, deposits and excessive 
heat fiow. For engines which are reqriired to work for long 
periods at sustained heavy loads a good margin is necessary in 
the interest of reliability and moderate maintenance. 

The necessary conditions for high output and low fuel 
consumption are identical, viz.:— 

(1) High volumetric efficiency. 

(2) High live air ratio. 

(3) Good distribution of fuel in the live air space. 

(4) Compression as high as the dead ur considerations permit. 
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(0) Maximum pressure about 1'6 times the compression 
pressure. 

(6) Low value of lost mean pressure. 

A normally aspirated four stroke engine running at 300 to 
400 R.P.M. with a piston speed of 1250 ft./min. has a lost mean 
pressure of about 15 or 16 lb./in.‘; for a two stroke engine in 
the same range 18 lb./in.‘ is about the minimum. Increase of 
revolution and/or piston speed tends to increase the lost mean 
pressure. This increase is kept within bounds by curtaUing the 
surface of the pistons and minimising pumping losses by larg». 
valve or port areas. With supercharged engines the efficiency*, 
of the blower may have an important influence in minimising^^ 
the lost mean pressure. In all classes of high speed engines the ^ 
use of light alloy pistons and light connecting rods of H section 
is helpful. 

Exhaust Temperature.—thermometer or pyrometer in 
each exhaust branch is a convenient means of checking the 
balance of power between the cylinders, and average exhaust 
temperature is often used as a rough criterion of rating. A 
popiUar figure for the twelve hour rating of fotir stroke engines 
both normally aspirated and supercharged is about 750° to 
800° F., as recording by a pyrometer in the exhaust branch a 
few inches away from the outlet port in the cylinder head and 
with an imcooled exhaust manifold. The reading of such an 
instrument is liable to be influenced by the mere proximity of 
water-cooled metal and if the pyrometer is inserted through a 
water jacket the reading may be as much as 100° P. too low, 
so caution is necessary in making comparisons. Exhaust 
temperatures of two stroke engines seldom exceed 700° F. and 
may be much less, depending on the air supply ratio. 

Lubricating Oil Consumption.—With cross-head engines 
in which the cylinders are isolated m>m the crankcase by a 
diapliragm, the overall consumption of lubricating oil, including 
cylinder lubrication, amounts in general to a fraction of 1% of 
the fuel used. With trunk engines much remains to be learned 
regarding the exact mechanism whereby lubricating oil passes 
up the cylinder. 

A four stroke engine of 24” stroke running at 300 R.P.M. in 
good order may usb as little lubricating oil as of 1% of full 
load fuel, the only special precautions being splash guards over 
the cranks and a single vented scraper ring below the gudgeon 
pin. Higher revolutions and piston speeds make the problem 
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moire dlfBottlt; slack bearings, l^alcs past the gudgeon pin, 
chciked vent hoIw]|^nd the scraper, worn piston ring grooves, 
m4ty put up the^coii^mption of lubricating oil to a formidable 
6 :gure, say ^ ^,4% of the fuel in extreme cases. 

Stai;^g witi^the total oil flow delivered by the lubricating 
;i1 pidi^ra'x^^in fraction of this, say 10%, is thrown in the 
direction b&mpb cylinder mouth. This fraction meets several 
lines of denilee, viz.:— 

*, (I) Splsj^h guards (if fitted). 

jHHAV'^e scraping action of the bottom of the piston skirt. 
^^K^'Sftaper i^low the gudgeon pin. 

^^Bl^kraper (if fitted) above the gudgeon pin. 

^^RXhe pressure piston rings. 

HH^ppears that the failure of any one line of defence may 
^ratly augment the consumption of lubricating oil. In four 
••t|)oke engines the pressure rings are pressed on the upper and 

* wer faces of their grooves alternately and a pumping action 
thereby set up if the elearance is excessive. Accordingly a 
rising consumption of lubricating oil can sometimes be checked 
by changing the top two rings. Wear of cylinder liners seems 
to be less effective in promoting excessive lubricating oil con¬ 
sumption than wear of rings and grooves Scraper rings of the 
slotted or other type may have their effectiveness greatly 
reduced if the vent holes behind the grooves are choked with 
oxidised oil products, so the holes should be ample in size and 
number. 


In two cycle engines the piston rings seem to remain per¬ 
manently pressed on the lower faces of the grooves and pumping 
action is less than with four stroke engines. On the other hand, 
the presence pf air ports in the liner provides an alternative 
means of losing oil up the cylinder. This source of loss is 
controlled by well-vqnted scraper rings at the bottom of the 
piston skirt. The venting of the scrapers is no doubt assisted 
by the scavenge air pressure. 

On the whole there is little difference in the lubricating oil 
consumptions of trunk engines as between four stroke and two 
stroke. Each is considered satisfactory in this respect if the 
consumption of lubricating oil in service does not exceed about 
1 % of the fuel, on the average. 

Thermal Rating.—^An engine which has an ample reserve 
of mechanical strength to resist pressure and inertia stresses 
when cold may lack durability under full load conditions, when 
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temperature conditions have brought al^ut'a ^Mjustmentt of 
stresses and some of the material may ha^e a^l^d a reduotkon 
of strength due to high temperature. Ftu^ernlore, alternax e 
heatings and coolings may bring about nonWe'^’jgsible changeti 
resulting in ultimate failure by cracking. It^ve^ ^^irable 
therefore to have some criterion of thermal ratm^I;fy,x|r]^i^ the 
safety or otherwise of a proposed engine may bo%i|b|m ^ this 
respect. The general problem of heat stressing^#) compli¬ 
cated that direct experience is the only safe guide j^in b^ef tp 
extract as much benefit as possible from all available ^xpeii^ 
and to enable such experience of any one engine to be 
another engine of different size and revolutions, it is uf"^ 
consider a scale of values of a criterion C say, such that j 
trically similar engines of different sizes and speeds havii 
same C value will have the same temperature stresses, 
convenient also to adapt the formula for C to include departv 
&om strict geometric similarity by way of variation of stro^ 
bore ratio. 

ThQ following is suggested :— 



C = i,pi (C, - 0-14) (B*n)* 

where ijpi = brake mean pressure, Ib./in.* 

C, = fuel consumption — Ib./B.H.P. hr. 

B = bore in inches, S = stroke in inches, 
n = revolution per minute. 


For two stroke engines multiply by factor 2. The figure 0’14 
represents the fraction of a lb. of fuel (lower cal. value 
18,000 B.T.U./lb.) giving Joules equivalent of 1 B.H.P. hour. 

For example a four stroke engine 12* x 15' running at 
600 R.P.M. with a fuel consumption of 0*38 lb./6.H.P. hr. and 
a brake mean pressure of 75 Ib./in.* would have a C value of 
76 X 0-24 (12* X 500)* (1-26)* = 94,000. 

Naturally the admissible value of C will depend on materials 
used and details of design. If the piston is the limiting part, 
the admissible value of C will in general be higher if the piston is 
cooled than if it is not cooled and so on for other parts. 

The engine referred to* above would probably have uncooled 
pistons whereas a similar engine, double the size, i.e. 24* x 30*, 
running at half the revolution, with the same mean pressure and 
fuel consumption, would have a C value of 264,000 and piston 
cooling would, be required. The cooling and thermal stressing 
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formation of a load supporting film and eventually extruded 
from the ends of the bearing mainly in the neighbourhood of 
the maximum pressure. It represents the oil flow from a ring 
lubricated bearing in which the oil is simply deposited at the 
tops of the shaft under no pressure. In earlier types of Diesel 
engines with wide bearings, such bearings worked admirably 
without oil coolers, and bearing wear and shaft wear was very 
small since abrasive grit from the cylinders did not reach the 
bearings. 

With forced lubricated bearings the second term Ap 
represents an additional flow the chief function of which is to 
cool the bearing. This additional flow may become excessive 
if the bearing clearance is unnecessarily large or if axial grooves 
or pockets are carried too near the edge. 

The behaviour of journal bearings under coi^tant loading 
has been widely studied both experimentally and theoretically 
and operating film thicknesses are readily calculable for all 
ratios of diameter to width, but less is known about the 


behaviour of bearings under the variable condition of pressure 
which exist in the bearings of internal combustion engines. 
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One fact stands out; examination 
pins seems to show that the position 
is invariably in line with, or nearly in lin 
resultant centrifugal action, It seems pro 
inertia force due to reciprocating parts be 
centrifugal effect of rotating parts, and tre 
revolving load, then the disturbing effect of 
be safely ignored and may even be beneficial, 
effect of centrifugal and inertia loading is see 
clearly in a journal between two cranks spaced 
angle less, than, say, 70^. Such bearings have 
suffered from persistent wiping ” and the suggestio 
put forward that the line of nearest approach of the j 
the bearing revolves with the shaft and that failure o 
film occurs when the line of load passes across an axial g 
Such axial grooves or such pockets are therefore under susp 
and there is a tendency to reduce them to a minimum in su 
way that there is sufficient surface to support the load in wh 
ever direction the resultant load may point. 

The conventional provision of a central circumferential 
groove divides a bearing into two narrows bands and this 
reduces the minimum film thickness as compared with an 
ungrooved bearing. To mitigate this disadvantage the groove 
is sometimes interrupted in the regions of maximum pressure 
or omitted altogether in favour of a tapered fan-shaped recess 
in way of the oil entry hole. This involves supplying the 
connecting rod with oil by another path, e.g. via the cross¬ 
head. 

There is ample scope for research on bearings subject to loads 
varying in amount and direction as well as for simplification 
of the construction of bearings. 

The lubricating oil piping system includes a distribution main 
of generous diameter to avoid excessive pressure drop along its 
length, with comparatively small bore branches to the main and 
sul^idiary bearings. A pressure drop of, say, 10 Ib./in.* 
through these branches helps to equalise distribution and 
maintain a ^asonabld pressure on the gauge even if the 
resistance of the bearings themselves is small. 

For small subsidiary bearings the use of laminated strip or 
sintered material is worth consideration. Ball and roller 
bearings should be generous in relation to the load carried since 
vibration unavoidable in the structure of an internal combustion 
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liable to have»'a peemng actiou between the balls or 
d the races, f 

ion.—Questions of engine balance and torsional 
f crank-shafts are now well understood and have been 
ed in gibat detail in special treatises. Apart from 
securhig dynamic balance and adjusting frequency, 
weigh^ may serve a useful purpose in reducing the 
I98^ing of bea^gs or at least that persistent part of the loading 
winch is due to centrifugal force. 

Axial vibration of crank-shafts has occasionally come into 
prominence ; the shape of a crank-shaft is such that torsional 
vibratioij^and axial vibration must inevitably occur together 
hi someineasure. It seems doubtful if axial vibration can occur 


IS a n^ijor problem with torsional vibration as merely a minor 
accoiiipaniment, unless the crank webs are unusually thin or 
otherwise unusually flexible in respect of bending. For most 
oi^inary proportions of cranks the cUvStomary precautions 
a^inst torsional vibration appear to be a sufficient safeguard 
against axial vibration. 

The transverse vibration of the framework of an engine 
presents a more difficult problem for precalculation particularly 
in relation to engines installed on board ship. Excessive 
transverse vibration is lavoided in practice by adopting a wide 
spread of frames and bedplate, the use of engine columns 
designed for great stiffness in relation to transverse bending, 
and the provision of strong seatings. The principle of simpli- 
tude provides a powerful means of utilising the experience of 
one successful installation in designing another of a different 


size. 


Other forms of resonance are possible among the wn^rking 
parts of an engine and may arise occasionally, e.g. whipping of 
long tie rods, surging of springs, etc. Tlie stresses in the 
connecting rods and pistons rods of engines running at piston 
speeds of about 1200 ft./min. have been measured whilst the 
engine is running by means of strain gauges and an oscillo¬ 
graph and the general results are in agreement with static 
calculations based on the indicator diagram. With ultra liigh- 
speed engines the possibilities of resonant vibrations amongst 
the running parts would be greater. A general criterion m 
between geometrically similar engines would be inertia stress’. 

Materials.—^The journal pieces of large marine engine> 
crank-shafts are almost always made of low carbon Siemens- 
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Martin steel having a tensile strength of 28 to 32 
The webs and crank pins may be made of the same ma 
there is an increasing tendency to use mild steel cas 
these parts and to cast balance weights and era 
eccentrics (if used) in one with the webs. Wear of 
and journals in service is almost negligibly small (of 
1/1000* per annum). ?, 

For medium sii&ed engines the crank-shafts 'are comm^ 
forged solid of low carbon steel or semi-built with crank webs 
and crank pins in one piece of forged or cast steel. Resistance 
to abrasive wear is increased by using medium carbon'steel 
(about 0-4% carbon). 

Small high speed engines, partictdarly those fitted with le«td 
bronze bearings, may require crank-shafts having a higher degree 
of surface hardness conferred by heat treatment, flame or 
induction hardening, or nitralloy hardening. 

For connecting rods mild steel is commonly used, but the use 
of medium carbon steel permits a reduction of section width and 
weight. 

When weight reduction is important the use of alloy steel 
may be advantageous, so long as it is confined to parts in which 
the major stresses occur at sections free from stress raising 
characteristics or at which there is little or no reversal of stress. 

Where theve is a large extent of stress reversal combined with 
imavoidable stress raisers in the form of holes, threads. 


shoulders, etc., it seems at present doubtful if alloy steels have 
so great a,ctual endurance as plain low carbon steel. In most 
of the applications in which alloy steels have proved their 
usefulness this unfavourable combination has been absent. 


For example, in a locomotive coupling rod the inertia bending 
stress at the middle section is completely reversed every 
revohition but the section is quite uniform and devoid of stress 
raising holes, grooves, etc. In bolts and studs where the threads, 
and other sudden variations of section provide considerable 
stress raising characteristics, the variation of stress during 
woirking is usually a small fraction of the stress due to 
tightening. 

’The endurance and wearing properties of oast iron have been 
gr.eatly augmented by improved foimdry technique giving 
closer control over composition and constitution, as well as by 
the use of alloying constituents such as nickel, molybdenum mid 
vanadium, ^is progress has enabled rising cylinder pressures 
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tried without corresponding increases in the weights of 
s and frames, and has increased the life of parts subject 
h, temperatures, e.g. pistons and cylinder covers. The 
arative insensibility of cast iron to notch effects and its 
damping capacity makes it possible to consider the use of 
high jprli^e cast irons for the smaller sizes of crank-shaft. The 
cois^rative toughness of some of the newer cast irons enables 
them to be used for a variety of subsidiary parts previously 
made of steel or bronze. 


For light weight Diesel engines for road and rail traction, for 
high speed motor boats, etc., aluminium and magnesium alloys 
are used for structural and other parts as in established petrol 
engine practice. In addition, aluminium alloy pistons are in 
use up to 20* in diameter or more, with advantage over cast iron 
in respect of general weight reduction, reduction of inertia 
stresses, quieter running in some instances, and reduction of the 
hazards of seizure. 


Some aluminium alloys are satisfactory bearing metals in 
conjunction with hardened steel, e.g. gudgeon pin bushes. 

For large engines tin-base whitemetal is still the favourite 
bearing metal fbr main bearings and big ends. For smaller 
engines lead base bearing metals of higher melting points are 
also used. In many high speed engines for road traction, etc., 
the cracking of bearing metal has been overcome by the use of 
steel bearing shells lined with lead bronze in conjunction with 
a hardened crank-shaft. 


Manufacture and Design.—^The Central European tradi¬ 
tion of machine design was characterised superficially by a 
suavity of outline in mass and detail and a high degree of 
standardisation of recurrent problems of detail design. The 
earliest Diesel engines were built under the full sway of this 
tradition which had many notable achievements to its credit. 
This tradition was never fully accepted in Great Britain and 
Scandinavia, still less in the U.S.A., and its force is now 


spfnt. 

ThA structiue ana details of a Diesel engine are now designed 
froi^ considerations of function (including space requirements, 
assfBsibility and durability) and cost of manufacture. It may 
justly be argued that these considerations have always guided 
the course of design, but the force of competition and the proved 
success of original ideas in all departments of mechanical 
engineermg during the past thirty years or so, have compelled 
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designers to adopt a receptive attitude towards any pr 
idea however unconventional. 

It has sometimes happened that modifications in 
carried out primarily to reduce cost have resulted in 
performance ; it has also happened that improved worksTKp 
techniques devised to improve the accuracy of machine work 
have reduced costs. Such experiments have led to a continual 
search for methods of reducing costs by attention to details of 
design. 

A draughtsman making the drawing of an engine detail 
should have a clear mental picture of the operations required 
in manufacture including the moulding of any castings. His 
aim (or one of them) should be to keep the number of operations 
to a minimum and to avoid slow or expensive operations. 

Castings should be shaped for easy moulding with no unneces¬ 
sary cores, drawbacks or loose pieces on the pattern, and no 
superfluous ribbing. Ribs are frequently overdone, though 
some ribs, functionally redundant, may facilitate flow of metal 
and thus contribute to sound casting. 

Much unnecessary machining of steel parts can be cut out 
by use of drop forgings if the numbers justify the cost of dies. 

In small details effective use can be made of bright bars of 
various sections, extruded metal strip, and tubes of various 
sections, etc. 

Many engine builder^ incorporate in their designs, accessories 
and fittings made by specialist firms, thus reaping some of the 
l>enefits of large scale production. 

In arranging drilled and tapped holes some economy may be 
effected by avoiding where possible oblique holes and a needless 
range of sizes. Operations of chamfering, etc., if indicated on 
the drawing, and carried out on the machine, may save time 
in fitting and trouble later on. 

In the design of large frames, bedplates, etc., cost may"be 
saved by keeping planed or milled surfaces to as few planes afi 
possible, but in such cases consultation with the shop inanA^e- 
ment is essential as everything depends on the machine^vail- 
able and the method used. What appears to the desigii^r an 
obvious saving may turn out to be the opposite. % 

These few examples may serve as pointers towards a subjeef 
of primary importance to all designers of machinery. 

Mechanical Science.—^Machine design is an art, which 
enlists in the service of its own purposes the available results 
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of^ll the sciences which it can use. These experimental and 
mathematical sciences have been greatly extended in scope and 
applicability during the last few decades. Such studies as 
Fluid Mechanics, Film Lubrication, Heat Transfer, Acoristics, 
Mechanical Vibration, Strength and Elasticity of Materials, 
have been transformed ; partly by the accumulation of new 
experimental data, partly by the theoretical investigation of 
new problems, and partly by a reorganisation of the forms in 
which the subjects are expoimded in books and papers. 
Engineers have contributed much towards these results. Also 
the essential underlying apparatus of mathematics has been 
clarified for the benefit of engineers. 

It would not be difficult to point out gaps—things which an 
engine designer would like to l^ow, and which no scientist can 
tell him—nevertheless it is probably true to say that for every 
problem in engine design there is a developed branch of science 
which can be of help and point the way to its solution by 
systematic research. 
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— loop. 114 

— period, 10, 105 
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Smallends. lubrication of. 138,318,484 
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-air blast injection, 27 
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Torsional vibration damper. 214 
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Tower-Reynolds theory of lubrica¬ 
tion, 90 
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of. 198 

-torsiograph measurements of, 

199 
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134 

Turbulence, 385 

Twisting movements, calculation by 
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-table of, 182 

-degree of uniformity, 172 

-diagrrmsof, 171 

-graphical determination of, 157 

-of crank-shafts. 165, 167 

-table of. 160. 161 

Two stroke cycle exhaust and 
scaveng?, 9. 108 

-period, 9 
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ciency of, 37 

-single-acting engine, 18 
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Valve area, 103 

— casings. 446 

— clatter. 510 

— exhaust, springs for. 418 

— gear, 451 et seq. 

— lubrication of, 495 

— levers, 454, 4W 

— scavenge, cylinder cover, 13 

— setting, four stroke engine, 9 
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— strength of levers, 460 

Valves, Aug8l>urg type fuel, 375, 381 
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Valves, air add exhaust, 412 

— air suction, 415 

— automatic type fuel, 391 

— Burmeister type fuel, 379 

— closed type fuel, 374 

— design of fuel, 380 

— effect of levers and push rods, etc., 
422 

— exhaust, 412 

— fuel, typical, 401 
-nozzles, 391, 402 

— injection fuel, 374 

— inertia, effect of, 419 

— needle, 375 

— noise of, 510, 511 

— open type fuel, 374 

— pushrods, 462 

— starting, *445 
-diameter of, 446 

— Swedish type fuel, 377, 381 

— water-cooled, 293 

Vee engines, crank spacing, 256 
Vertical engines, enclosed crank-case 
type, 16 
Vibration, 533 


Vibration damper, Lanchester type, 
197 

— forms, Gumpels method, 205 

— literature, 242 

— problems, Fournier, 209 

— stresses, equilibrium stress, 196 
-calculation of, 194 

-frequencyof.84,96.192,199.208 

— transverse on rigid bed, 239 

-yielding supports, 242 

Volume clearance, determination of, 

31 

-schedule for, 32 

Volumetric efficiency, 13, 85 
-of blowers. 129, 132 


\V 

Water circulation system (locomotive 
engine). 23 

— cooling system, 501 et seq. 

Webs crank. 141, 191, 202 
Weight, power output in relation to, 
22, 81 
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